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PREFAGE
T0 THE THIRD EDITION

It is difficult to follow in the footsteps of Igor J. Karassik, whose vision and leadership
played a major role in the concept of a handbook on pumps that is broad enough to encom-
pass all aspects of the subject—from the theory of operation through design and applica-
tion to the multitude of tasks for which pumps of all types and sizes are employed. That
vision was realized in the first edition of the Pump Handbook, which appeared a quarter-
century ago, with the capable and dedicated co-authorship of William C. Krutzsch, Warren
H. Fraser, and Joseph P. Messina. Acceptance of this work globally soon led these distin-
guished pump engineers to assemble a second edition that not only contained updated
material but also presented all numerical quantities in terms of the SI system of units in
addition to the commonly used United States customary system of units.

Worldwide developments in pump theory, design and applications have continued to
emerge, and these have begun to affect the outlook of pump engineers and users to such
an extent that a third edition has become overdue. Pumps have continued to grow in size,
speed, and energy level, revealing new problems that are being addressed by innovative
materials and mechanical and hydraulic design approaches. Environmental pressures
have increased, and these can and are being responded to by the creative attention of
pump engineers and users. After all, the engineer is trained to solve problems, employing
techniques that reflect knowledge of physical phenomena in the world around us. All of
this has led the current authors to respond by adding new sections and by revising most
of the others as would be appropriate in addressing these developments. Specifically the
following changes should be noted.

Centrifugal pump theory, in the rewritten Section 2.1, proceeds from the basic govern-
ing fluid mechanics to the rationale that underlies the fundamental geometry and perfor-
mance of these machines—while maintaining the concrete illustrations of design
examples. A new subsection on high-energy pumps is included.

An update has been made to Section 2.2.1 on major components of centrifugal pumps.

Section 2.3.1 on centrifugal pump general performance characteristics has been
updated.

Xvii
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The emerging technology of magnetic bearings is presented in the new Section 2.2.6.

Section 2.2.7, is a new treatment of sealless centrifugal pumps that includes both the
canned-motor and magnetically-coupled types.

Chapter 3 on displacement pumps has been reorganized and includes updates of the
sections on both reciprocating and rotary positive displacement pumps.

A new Section 4.1 on jet pump theory begins the chapter on jet pumps and deals with
liquids and gases for the motive and secondary flows as well as the basics of design opti-
mization.

Chapter 5 on materials of construction, including the Sections 5.1 and 5.2 on metallic
and nonmetallic materials respectively, has been completely rewritten and updated.

Chapter 6 on pump drivers has been updated, Section 6.1.1 on electric motors and Sec-
tion 6.2.2 on adjustable-speed electric drives having been substantially rewritten.

In Chapter 9 on pump services, most of the applications sections have been updated,
including those for fire pumps (Section 9.4) and pumps for steam power plants (9.5), pulp
and paper (9.8), mining (9.10), metering (9.15), pumped storage (9.13), and nuclear ser-
vices (9.14).

Section 9.11 on marine applications has been rewritten.

Sections 9.16.1 on hydraulic transport of solids and 9.16.2 on centrifugal slurry pumps
are completely new and include several examples.

A new section on aerospace pumps has been added, which includes Sections 9.19.1 on
aircraft fuel pumps and 9.19.2 on liquid rocket propellant pumps.

Section 9.20 on handling hazardous liquids is new.

Chapters 10 on intakes and suction piping, 11 on selecting and purchasing pumps and
12 on installation, operation, and maintenance have been updated.

We recognize that further developments are going on apace and that more could have
been done. Computational fluid dynamics (CFD) and finite-element structural and rotor-
dynamic analysis techniques, as well as the revolution in information management and
utilization, already promise to profoundly transform pump design, application, and oper-
ational practice—and indeed all other areas of engineering endeavor. Nevertheless, we
offer this third edition of the Pump Handbook as a practical tool for the present day. In
this sense, we hope that it will fulfill the vision of the authors of prior editions while at the
same time serving as a stepping stone to the future world of pumping.

PAUL COOPER



PREFAGE
T0 THE SEGOND EDITION

Once more, the dubious honor of writing a preface has been bestowed upon me by my three
co-editors. And while they are perfectly willing to share the pluses and minuses of collec-
tive editorship, they refused to engage in collective “prefaceship,” if I may be allowed to
coin a word. At best, they reserved for themselves the right of looking over my shoulder
and criticizing the spirit of levity with which I chose to approach the task for which they
had unanimously volunteered me. I should add parenthetically that the preface of the first
edition (which you can read on the following pages) is actually my fourth draft; the first
three were judged too irreverent by my co-editors. (I have preserved these first three drafts
for whoever inherits my collection of unpublished material.)

Assuming that my co-editors are more charitable this time, or alternately that our pub-
lisher is pressed for time, what follows (if not what precedes) will appear more or less as
written.

First of all, we would like to assure the readers of this second edition of the Pump
Handbook that it is not merely a slightly warmed-over version of the first edition, with
such errata as we have spotted corrected and with a few insignificant changes and addi-
tions. Actually, the task of rewriting and editing the material in a form that would corre-
spond to what was planned for this second edition proved to be a monumental, not to say
awesome, undertaking.

To begin with, in concert with the publishers, it was decided that all data given here
would appear in both USCS and SI units. This was not as simple a task as it may appear,
for the reason that “absolute” pure SI units do not lend themselves well to the scale of
numbers generally encountered in industrial processes. To give but one example, the pas-
cal, which is the SI unit of pressure, corresponds to 0.000145 1b/in?, and even the kilopas-
cal is only 0.145 1b/in% Although this might be a reasonably satisfactory unit for scientific
work, the case is hardly such for centrifugal pumps used in everyday life.

This led us to choose what might be called a modified set of SI units, all as explained
in “SI Units—A Commentary,” on page xxi. Even conveying this desirable concept of a
practical set of SI units to the authors of various sections proved to be somewhat difficult.

Xix
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As a result, we have permitted these authors some leeway in their specific choice, under-
standing full well that what is desirable in one industry may differ from the preferred
choice in another.

We decided that a number of sections and subsections in the first edition could benefit
by being significantly expanded. This, for instance, is the case with the following:

2.2.1
2.3.1

2.4

8.1

8.4

94

9.15.1
9.17.1
10.1
Appendix

“Centrifugal Pumps: Major Components”

“Centrifugal Pumps: General Performance Characteristics”

“Centrifugal Pump Priming”

“General Characteristics of Pumping Systems and System-Head Curves”
“Pump Noise”

“Fire Pumps”

“Nuclear Electric Generation”
“Hydraulic Transport of Solids”
“Intakes, Suction Piping, and Strainers”
“Technical Data”

At the same time, we felt that some material originally included in the subsection
“Centrifugal Pumps: Major Components” should be excised from there and treated in
greater depth separately.

This expanded coverage includes the following:

2.2.2
2.2.3
2.2.4
225

“Centrifugal Pump Packing”

“Centrifugal Pump Mechanical Seals”
“Centrifugal Pump Injection-Type Shaft Seals”
“Centrifugal Pump Oil Film Journal Bearings”

Finally, a large amount of subject matter has been added to the second edition:

2.3.2
2.3.3

2.3.4
3.3
3.6
3.7
5.2
6.3.2
6.3.3
9.15.2
9.17.3
9.18
9.19
9.20
10.2

“Centrifugal Pump Hydraulic Performance and Diagnostics”

“Centrifugal Pump Mechanical Performance, Instrumentation, and
Diagnostics”

“Centrifugal Pump Minimum Flow Control Systems”
“Diaphragm Pumps”

“Displacement Pump Performance, Instrumentation, and Diagnostics”
“Displacement Pump Flow Control”

“Materials of Construction of Nonmetallic Pumps”
“Magnetic Drives”

“Hydraulic Pump and Motor Power Transmission Systems”
“Nuclear Pump Seismic Qualifications”

“Construction of Solids-Handling Displacement Pumps”
“Oil Wells”

“Cryogenic Liquefied Gas Service”

“Water Pressure Booster Systems”

“Intake Modeling”

In brief, the editors have attempted to increase the usefulness of this handbook. The
extent to which we have achieved this objective, we will leave to the judgment of our readers.

IGOR J. KARASSIK



PREFAGE
TO THE FIRST EDITION

Considering that I had written the prefaces of the three books published so far under my
name, my colleagues thought it both polite and expedient to suggest that I prepare the
preface to this handbook, coedited by the four of us. Except for the writing of the opening
paragraph of an article, a preface is the most difficult assignment that I know. Certainly
the preface to a handbook should do more than describe minutely and in proper order the
material that is contained therein.

Yet I submit that the saying “a book should not be judged by its cover” should be
expanded by adding “and not by its preface.” If the reader will accept this disclaimer, I can
proceed.

As will be stated in Section 1, “Introduction and Classification of Pumps,” it can rightly
be claimed that no machine and very few tools have had as long a history in the service of
man as the pump, or have filled as broad a need in his life. Every process which underlies
our modern civilization involves the transfer of liquids from one level of pressure or static
energy to another. Pumps have played an essential role in our life ever since the dawn of
civilization.

Thus it is that a constantly growing number of technical personnel is in need of infor-
mation that will help them in either designing, selecting, operating, or maintaining pump-
ing equipment. There has never been a dearth of excellent books and articles on the
subject of pumps. But the editors and the publisher felt that a need existed for a handbook
on pumps that would present this information in a compact and authoritative form. The
format of a handbook permits a selection of the most versatile group of contributors, each
an expert on his particular subject, each with a background of experience that makes him
particularly knowledgeable in the area assigned to him.

This handbook deals first with the theory, construction details, and performance char-
acteristics of all the major types of pumps—centrifugal pumps, power pumps, steam
pumps, screw and rotary pumps, jet pumps, and many of their variants. It deals with
prime movers, couplings, controls, valves, and the instruments used in pumping systems.
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It treats in detail the systems in which pumps operate and the characteristics of these sys-
tems. And because of the many services in which pumps have to be applied, a total of 21
different services—ranging from water supply to steam power plants, construction,
marine applications, and refrigeration to metering and solids pumping—are examined
and described in detail, again by a specialist in each case.

Finally, the handbook provides information on the selection, purchasing, installation,
operation, testing, and maintenance of pumps. An appendix provides a variety of techni-
cal data useful to anyone dealing with pumping equipment.

We are greatly indebted to the men who supplied the individual sections that make up
this handbook. We hope that our common task will have produced a handbook that will
help its user to make a better and more economical pump installation than he or she
would have done without it, to install equipment that will perform more satisfactorily and
for longer uninterrupted periods, and when trouble occurs, to diagnose it quickly and accu-
rately. If this handbook does all this, the contributors, its editors, and its publisher will be
pleased and satisfied.

No doubt a few readers will look for subject matter that they will not find in this hand-
book. Into the making of decisions on what to include and what to leave out must always
enter an element of personal opinion; therefore we will feel some responsibility for their
disappointment. But we submit that it was quite impossible to include even everything we
had wanted to cover. As to our possible sins of commission, they are obviously unknown to
us at this writing. We can only promise that we shall correct them if an opportunity is
afforded to us.

IGOR J. KARASSIK
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A GOMMENTARY
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Since the publication of the first edition of this handbook in 1976, the involvement of the
world in general, and of the United States in particular, with the SI system of units has
become quite common. Accordingly, throughout this book, SI units have been provided as
a supplement to the United States customary system of units (USCS). This should make
it easier, particularly for readers in metric countries, who will no longer find it necessary
to make either approximate mental transpositions or exact mathematical conversions.

The designation SI is the official abbreviation, in any language, of the French title “Le
Systéme International d’Unités,” given by the 11th General Conference on Weights and
Measures (sponsored by the International Bureau of Weights and Measures) in 1960 to a
coherent system of units selected from metric systems. This system of units has since been
adopted by the International Organization for Standardization (ISO) as an international
standard.

The SI system consists of seven basic units, two supplementary units, a series of
derived units, and a series of approved prefixes for multiples and submultiples of the fore-
going. The names and definitions of the basic and supplementary units are contained in
Tables la and 1b of the Appendix. Table 2 lists the units and Table 3 the prefixes. Table 10
provides conversions of USCS to SI units.

As with the second edition, the decision has been made to accept variations in the
expression of SI units that are widely encountered in practice. The quantities mainly
affected are pressure and flow rate, the situation with each being explained as follows.

The standard SI unit of pressure, the pascal, equal to one newton” per square meter?, is
a minuscule value relative to the pound per square inch (1 1b/in? = 6,894.757 Pa) or to the
old, established metric unit of pressure the kilogram per square centimeter (1 kgf/cm? =

“The newton (symbol N) is the ST unit of force, equal to that which, when applied to a body having a mass of 1 kg, gives
it an acceleration of 1 m/s?.

In countries using the SI system exclusively, the correct spelling is metre. This book uses the spelling meter in defer-
ence to prevailing U.S. practice.
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98,066.50 Pa). In order to eliminate the necessity for dealing with significant multiples of
these already large numbers when describing the pressure ratings of modern pumps, dif-
ferent sponsoring groups have settled on two competing proposals. One group supports
selection of the kilopascal, a unit which does provide a numerically reasonable value (1 1b/in?
= 6.894757 kPa) and is a rational multiple of a true SI unit. The other group, equally vocal,
supports the bar (1 bar = 10°Pa). This support is based heavily on the fact that the value of
this special derived unit is close to one atmosphere. It is important, however, to be aware that
it is not exactly equal to a standard atmosphere (101, 325.0 Pa) or to the so-called metric
atmosphere (1 kgf/ecm? = 98,066.50 Pa), but is close enough to be confused with both.

As yet, there is no consensus about which of these units should be used as the stan-
dard. Accordingly, both are used, often in the same metric country. Because the world
cannot agree and because we must all live with the world as it is, the editors concluded
that restricting usage to one or the other would be arbitrary, grossly artificial, and not in
the best interests of the reader. We therefore have permitted individual authors to use
what they are most accustomed to, and both units will be encountered in the text.

Units of pressure are utilized to define both the performance and the mechanical
integrity of displacement pumps. For kinetic pumps, however, which are by far the most
significant industrial pumps, pressure is used only to describe rated and hydrostatic val-
ues, or mechanical integrity. Performance is generally measured in terms of total head,
expressed as feet in USCS units and as meters in SI units. This sounds straightforward
enough until a definition of head, including consistent units, is attempted. Then we
encounter the dilemma of mass versus force, or weight.

The total head developed by a kinetic pump, or the head contained in a vertical column
of liquid, is actually a measure of the internal energy added to or contained in the liquid.
The units used to define it could be energy per unit volume, or energy per unit mass, or
energy per unit weight. If we select the last, we arrive conveniently, in USCS units, as foot-
pounds per pound, or simply feet. In ST units, the terms would be newton-meters per new-
ton, or simply meters. In fact, however, metric countries weigh objects in kilograms, not
newtons, and so the SI term for head may be defined at places in this volume in terms of
kilogram-meters per kilogram, even though this does not conform strictly to SI rules.

Similar ambiguity is observed with the units of flow rate, except here there may be
even more variations. The standard SI unit of flow rate is the cubic meter per second,
which is indeed a very large value (1 m?*/s = 15,850.32 U.S. gal/min) and is therefore really
only suitable for very large pumps. Recently, some industry groups have suggested that a
suitable alternative might be the liter per second (11/s = 10— m?3s = 15.85032 U.S.
gal/min), while others have maintained strong support for the traditional metric unit of
flow rate, the cubic meter per hour (1 m%h = 4.402867 U.S. gal/mm). All of these units will
be encountered in the text.

These variations have led to several forms of the specific speed, which is the funda-
mentally dimensionless combination of head, flow rate, and rotative speed that charac-
terizes the geometry of kinetic pumps. These forms are all related to a truly unitless
formulation called “universal specific speed,” which gives the same numerical value for
any consistent system of units. Although not yet widely used, this concept has been
appearing in basic texts and other literature, because it applies consistently to all forms
of turbomachinery. Equivalencies of the universal specific speed to the common forms of
specific speed in use worldwide are therefore provided in this book. This is done with a
view to eventual standardization of the currently disparate usage in a world that is expe-
riencing globalization of pump activity.

The value for the unit of horsepower (hp) used throughout this book and in the United
States is the equivalent of 550 foot pounds (force) per second, or 0.74569987 kilowatts
(kW). The horsepower used herein is approximately 1.014 times greater than the metric
horsepower, which is equivalent to 0.735499 kilowatts. Whenever the rating of an electric
motor is given in this book in horsepower, it is the output rating. The equivalent output
power in kilowatts is shown in parentheses.

Variations in SI units have arisen because of differing requirements in various user
industry groups. Practices in the usage of units will continue to change, and the reader will
have to remain alert to further variations of national and international practices in this
area.
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1.2 CHAPTER ONE

INTRODUCTION

Only the sail can contend with the pump for the title of the earliest invention for the con-
version of natural energy to useful work, and it is doubtful that the sail takes precedence.
Because the sail cannot, in any event, be classified as a machine, the pump stands essen-
tially unchallenged as the earliest form of machine for substituting natural energy for
human physical effort.

The earliest pumps we know of are variously known, depending on which culture
recorded their description, as Persian wheels, waterwheels, or norias. These devices were
all undershot waterwheels containing buckets that filled with water when they were sub-
merged in a stream and that automatically emptied into a collecting trough as they were
carried to their highest point by the rotating wheel. Similar waterwheels have continued
in existence in parts of the Orient even into the twentieth century.

The best-known of the early pumps, the Archimedean screw, also persists into modern
times. It is still being manufactured for low-head applications where the liquid is fre-
quently laden with trash or other solids.

Perhaps most interesting, however, is the fact that with all the technological develop-
ment that has occurred since ancient times, including the transformation from water
power through other forms of energy all the way to nuclear fission, the pump remains
probably the second most common machine in use, exceeded in numbers only by the elec-
tric motor.

Because pumps have existed for so long and are so widely used, it is hardly surprising
that they are produced in a seemingly endless variety of sizes and types and are applied
to an apparently equally endless variety of services. Although this variety has contributed
to an extensive body of periodical literature, it has also tended to preclude the publication
of comprehensive works. With the preparation of this handbook, an effort has been made
to create just such a comprehensive source.

Even here, however, it has been necessary to impose a limitation on subject matter.
It has been necessary to exclude material uniquely pertinent to certain types of auxil-
iary pumps that lose their identity to the basic machine they serve and where the user
controls neither the specification, purchase, nor operation of the pump. Examples of
such pumps would be those incorporated into automobiles or domestic appliances. Nev-
ertheless, these pumps do fall within classifications and types covered in the handbook,
and basic information on them may therefore be obtained herein after the type of pump
has been identified. Only specific details of these highly proprietary applications are
omitted.

Such extensive coverage has required the establishment of a systematic method of
classifying pumps. Although some rare types may have been overlooked in spite of all pre-
cautions, and obsolete types that are no longer of practical importance have been deliber-
ately omitted, principal classifications and subordinate types are covered in the following
section.

CLASSIFICATION OF PUMPS

Pumps may be classified on the basis of the applications they serve, the materials from
which they are constructed, the liquids they handle, and even their orientation in space.
All such classifications, however, are limited in scope and tend to substantially overlap
each other. A more basic system of classification, the one used in this handbook, first
defines the principle by which energy is added to the fluid, goes on to identify the means
by which this principle is implemented, and finally delineates specific geometries com-
monly employed. This system is therefore related to the pump itself and is unrelated to
any consideration external to the pump or even to the materials from which it may be
constructed.

Under this system, all pumps may be divided into two major categories: (1) dynamic,
in which energy is continuously added to increase the fluid velocities within the machine
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FIGURE 1 Classification of dynamic pumps

to values greater than those occurring at the discharge so subsequent velocity reduction
within or beyond the pump produces a pressure increase, and (2) displacement, in which
energy is periodically added by application of force to one or more movable boundaries of
any desired number of enclosed, fluid-containing volumes, resulting in a direct increase in
pressure up to the value required to move the fluid through valves or ports into the dis-
charge line.

Dynamic pumps may be further subdivided into several varieties of centrifugal and
other special-effect pumps. Figure 1 presents in outline form a summary of the significant
classifications and subclassifications within this category.

Displacement pumps are essentially divided into reciprocating and rotary types,
depending on the nature of movement of the pressure-producing members. Each of these
major classifications may be further subdivided into several specific types of commercial
importance, as indicated in Figure 2.

Definitions of the terms employed in Figures 1 and 2, where they are not self-evident,
and illustrations and further information on classifications shown are contained in the
appropriate sections of this book.
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FIGURE 2 Classification of displacement pumps

OPTIMUM GEOMETRY VERSUS SPECIFIC SPEED

Optimum geometry of pump rotors is primarily influenced by the specific speed Ny or (),
defined as shown in Figure 3. This parameter is one of the dimensionless groups that
emerges from an analysis of the complete physical equation for pump performance. In this
equation, performance quantities such as efficiency n and head AH (or just H) are stated to
be functions of the volume flow rate @, rotative speed N or angular speed (), rotor diameter
D or radius r, viscosity, NPSHA, and a few quantities that have lesser influence. For low vis-
cosity (high Reynolds number) and NPSHA that exceeds what the pump requires (namely
NPSHR), the performance in terms of the head coefficient y = gAH/(Q%?) is influenced only
by the flow coefficient or “specific flow” @, = Q/(Qr?). Now, if one divides @,"? by y/**, the rotor
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FIGURE 3 Optimum geometry as a function of BEP specific speed (for single stage rotors).

radius r (= D/2) drops out (which is convenient because we don’t usually know it ahead of
time), and we get the universal specific speed ()¢ as the major dependent variable—in terms
of which the hydraulic design is optimized for maximum efficiency, as shown in Figure 3.

This optimum geometry carries with it an associated unique value of the head coeffi-
cient i, thereby effectively sizing the rotor. For “rotodynamic” or impeller pumps, imagin-
ing speed N and head AH to be constant over the Ng-range shown yields increasing
optimum impeller diameter as shown. This size progression shows that the optimum head
coefficient iy decreases with increasing specific speed.

Outside the Ng range shown in Figure 3 for each type of rotor, the efficiency becomes
unsatisfactory in comparison to that achievable with the configuration shown for this Ng.
Rotary positive displacement machines such as vane pumps, gear pumps, and a variety of
screw pump configurations are more appropriate for the lower values of Ng, the lowest Ng-
values requiring reciprocating (piston or plunger) positive displacement pumps.

Regarding units for these relationships, the rotative speed N is in revolutions per sec-
ond (rps) unless stated to be in rpm because the quantity of gAH usually has the units of
length squared per second squared. The diameter D has the same length unit as the head;
for example, in the rotor size equation, head in feet would imply diameter in feet. The uni-
versal specific speed ()5 has the same value for any combination of consistent units, and
similarly shaped turbine and compressor wheels have similar values of () —making it
truly “universal.” Note that for the unit of time of seconds, () is given as radians per sec-
ond [= N(rpm) X 7/30], where radians are unitless.

SELECTION OF PUMPS

Given the variety of pumps that is evident from the foregoing system of classification, it is
conceivable that an inexperienced person might well become somewhat bewildered in try-
ing to determine the particular type to use in meeting most effectively the requirements
for a given installation. Recognizing this, the editors have incorporated in Chapter 11,
“Selecting and Purchasing Pumps,” a guide that provides the reader with reasonable
familiarity regarding the details that must be established by or on behalf of the user in
order to assure an adequate match between system and pump.
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FIGURE 4 Approximate upper limit of pressure and capacity by pump class

Supplementing the information contained in Chapter 11, the sections on centrifugal,
rotary, and reciprocating pumps also provide valuable insights into the capabilities and
limitations of each of these classes. None of these, however, provide a concise comparison
between the various types, and Figure 4 has been included here to do just that, at least for
the basic criteria of pressure and capacity.

The lines plotted in Figure 4 for each of the three pump classes represent the upper lim-
its of pressure and capacity currently available commercially throughout the world. At or
close to the limits shown, only a few sources may be available, and pumps may well be spe-
cially engineered to meet performance requirements. At lower values of pressure and capac-
ity, well within the envelopes of coverage, pumps may be available from dozens of sources
as pre-engineered, or standard, products. Note also that reciprocating pumps run off the
pressure scale, whereas centrifugals run off the capacity scale. For the former, some highly
specialized units are obtainable at least up to 150,000 lb/in% (10,350 bar)! and perhaps
slightly higher. For the latter, custom-engineered pumps would probably be available up to
about 3,000,000 U.S. gal/min (680,000 m?h), at least for pressures below 10 1b/in%(0.69 bar).

Given that the liquid can be handled by any of the three basic types and given condi-
tions within the coverage areas of all three, the most economic order of consideration for
a given set of conditions would generally be centrifugal, rotary, and reciprocating, in that
order. In many cases, however, either the liquid may not be suitable for all three or other
considerations—such as self-priming or air-handling capabilities, abrasion resistance, con-
trol requirements, or variations in flow—may preclude the use of certain pumps and limit
freedom of choice. Nevertheless, it is hoped that the information in Figure 4 will be a use-
ful adjunct to that contained elsewhere in this volume.

1 bar = 10° Pa. For a discussion of bar, see “SI Units—A Commentary” in the front matter.
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GENTRIFUGAL PUMP
THEORY

PAUL COOPER

INTRODUCTION

A centrifugal pump is a rotating machine in which flow and pressure are generated
dynamically. The inlet is not walled off from the outlet as is the case with positive dis-
placement pumps, whether they are reciprocating or rotary in configuration. Rather, a cen-
trifugal pump delivers useful energy to the fluid or “pumpage” largely through velocity
changes that occur as this fluid flows through the impeller and the associated fixed pas-
sageways of the pump; that is, it is a “rotodynamic” pump. All impeller pumps are rotody-
namic, including those with radial-flow, mixed-flow, and axial-flow impellers: the term
“centrifugal pump” tends to encompass all rotodynamic pumps.

Although the actual flow patterns within a centrifugal pump are three-dimensional
and unsteady in varying degrees, it is fairly easy, on a one-dimensional, steady-flow basis,
to make the connection between the basic energy transfer and performance relationships
and the geometry or what is commonly termed the “hydraulic design” (more properly the
“fluid dynamical design”) of impellers and stators or stationary passageways of these
machines.

In fact, disciplined one-dimensional thinking and analysis enables one to deduce pump
operational characteristics (for example, power and head versus flow rate) at both the opti-
mum or design conditions and off-design conditions. This enables the designer and the
user to judge whether a pump and the fluid system in which it is installed will operate
smoothly or with instabilities. The user should then be able to understand the offerings of
a pump manufacturer, and the designer should be able to provide a machine that opti-
mally fits the user’s requirements.
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The complexities of the flow in a centrifugal pump command attention when the
energy level or power input for a given size becomes relatively large. Fluid phenomena
such as recirculation, cavitation, and pressure pulsations become important; “hydraulic”
and mechanical interactions—involving stress, vibration, rotor dynamics, and the associ-
ated design approaches, as well as the materials used—become critical; and operational
limits must be understood and respected.

NOMENCLATURE

NOTE: The units for each quantity defined are as stated in this nomenclature, unless oth-
erwise specifically stated in the text, equations, figures, or tables.

A = area, in? (mm).

a = constant of the diffuser or volute configuration in Pfleiderer’s
slip relation.

a = radius of impeller disk, ft (m), = r, ,.
A, = area of flow passage normal to the flow direction, ft> (m?).
b = width of an impeller or other bladed passage in the meridional
plane, ft (m).
NOTE: When dealing with radial thrust, b, includes also the thickness of the shrouds.
C, = specific heat of liquid being pumped, Btu/(Ibm-degF);
[keal/(kg-degC)].
c or V = absolute velocity, ft/sec (m/s).
D = diameter; unless otherwise subscripted = impeller exit diameter,
ft (m).
d = diameter, ft (m).
D,, = hydraulic diameter of flow passage (= 44,/ ), ft (m).
F = thrust force, 1bf (V).
g = acceleration due to gravity, = 32.174 ft/sec? (9.80665 m/s?) at
earth sea level.

g, = constant in Newton’s Second Law, = 32.174 (Ibm-ft)/(Ibf-sec?).
(There is no SI equivalent; use the dimensionless constant 1 in
place of g, in SI computations.)

{g,} = set of fluid properties associated with gas-handling phenomena

H = head of liquid column, ft (m) (Eq. 3); can also have the same
meaning as the change in head AH (that is, the same meaning
as “pump head”).

AH = change in head across pump or pump stage, also called the
“pump head” or “total dynamic head” ft (m).
AH = the small reduction in pump head (usually 3%) in testing for
NPSHR, ft (m).
H, = H; , = the ideal head for an infinite number of blades that pro-
duce no blockage.
H, = ideal head [= H + X(H,)], ft (m) (Eq. 15b); sometimes called the
“input head.”
H; = head loss, ft (m).
>H, = all losses in the main flow passages from pump inlet to pump
outlet, ft (m).

h = static enthalpy in Btu/lbm times g/, ft¥sec?; (or in kcal/kg times
J, m¥s* = J/kg).
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hg, or NPSH = net positive suction head, ft (m).
ID = inner diameter.

J = the mechanical equivalent of heat, 778 ft-1bf/Btu
(4184 N-m/kcal).

¢ = blade, vane, or passage arc length, ft (m).
MorT = torque, Ibf-ft (N-m).

m = distance in streamwise direction in meridional plane (Figure
14), in or ft (m).

m = mass flow rate, Ibf-sec/ft (kg/s), = pQ.
MCSF or Q,,;, = minimum continuous stable flow, ft*/sec (m?%s).

N or n = rotative speed of the impeller, rpm.
NPSH or h,, = net positive suction head, ft (m).
NPSHA or NPSH, = available NPSH.

NPSHR or NPSHj; = required NPSH to prevent significant loss (> 3%) of pump Ap or
to protect the pump against cavitation damage, whichever is
greater.

NPSH3% or NPSH,,, = required NPSH to prevent significant loss (> 3%) of pump Ap;
this is the “performance NPSH” defined in Section 2.3.1.

n, or Z; = number of impeller blades.
= specific speed in rpm, m?/s, m units (Eq. 38b) = N/51.64 (Eq. 39c¢).
n, or Z; = number of vanes in diffuser or stator.

nq
N, or N,y or n, = specific speed in rpm, gpm, ft units (Eq. 38a).
N, or S = suction specific speed in rpm, gpm, ft units (Eq. 42).
OD = outer diameter.
P = total pressure, Ibf/ft? (Pa).
p = pressure, Ibf/ft? [Pa (=N/m?)] (= “static pressure”).
Ap = pressure rise, 1bf/ft? (Pa).
pr = pressure loss, 1bf/ft? (Pa).

pr,; = impeller pressure loss from its inlet to the point of interest,
Ibf/ft? (Pa).

Pr i+ = pressure loss p;, ; in impeller plus pressure loss in inlet passage,
Ibf/ft* (Pa).

>p;, = all losses in the main flow passages from pump inlet to pump
outlet, Ibf/ft? (Pa).

p, or p,, = vapor pressure of liquid being pumped, Ibf/ft* (Pa).

P, = power delivered to all fluid flowing through the impeller,
ft-Ibf/sec (kW).

Pg = shaft power, ft-1bf/sec (kW).
¢ = perimeter of flow passage cross section normal to the flow direc-

tion, ft (m).
@ = volume flow rate or, more conveniently, “flow rate” or “capacity,”
ft¥/sec (m?/s).
Qpr = flow rate below which discharge recirculation exists, ft¥/sec
(m?¥s).

@, = leakage from impeller exit to inlet, ft*/sec (m?%s).
Qin Or MCSF = minimum continuous stable flow rate, ft¥/sec (m?¥s).
@y = flow rate below which recirculation exists, ft*/sec (m?¥s).
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= flow rate below which suction recirculation exists, ft*/sec (m?%/s).
= quasi-three dimensional.

= radius of curvature of meridional streamline, ft (m) (Figures 13,
14, and 25).

= radial distance from axis of rotation, ft (m).

= radial distance from axis of rotation to center of circle defining
impeller passage width, ft (m) (Figures 13 and 25).

= maximum value of r within the “eye plane.” (Figures 13 and 25).

= width of gap between impeller disk and adjacent casing wall,
ft (m).

= NSS,

suction specific speed in rpm, gpm, ft units (Eq. 42).

= specific gravity, namely, the ratio of liquid density to that of
water at 60°F (15.6°C).

= set of flow properties associated with solids in the pumpage
= axial thrust, Ibf (N).

= torque, lbf-ft (N-m).

= temperature, °F or °R (°C or °K).

= temperature rise due to compression, °F (°C).

= time, sec (s).

= blade or vane thickness, ft (m).

= internal energy in Btu/lbm multiplied by g,J, ft¥/sec?; (or in
kcal/kg times oJ, m?%s?).

= tangential speed Qr of the point on the impeller at radius r,
ft/sec (m/s).

= the value of U at the maximum radial location r, within the “eye
plane.”

= volume, ft? (m?).
= absolute velocity of fluid, ft/sec (m/s).

= the average value of the meridional velocity component V,, in
the eye (= Q/A,), ft/sec (m/s).

= slip velocity (Figure 15), ft/sec (m/s).
= velocity of fluid relative to rotating impeller, ft/sec (m/s).

= the one-dimensional value of W that would exist if there were
no slip.

= throat width (Figure 21), ft (m).

= transformed distance along blade from trailing edge (Figure 19),
in or ft (m).

= axial distance in polar coordinate system, ft (m).
= elevation coordinate, ft (m).

= number of vanes in diffuser or stator.

= number of impeller blades.

= angle of the absolute velocity vector from the circumferential
direction.

= angle of the relative velocity vector or impeller blade in the
plane of the velocity diagram (as seen, for example, in Figure 3)
from the circumferential (tangential) direction.
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v = fluid weight density, Ibf/ft? (N/m?) = pg. (1IN = 1 kg-m/s?).
d = clearance, ft (m)
8" = displacement thickness of the boundary layer, ft (m).

3, = displacement thickness of the zero-pressure-gradient boundary
layer, ft (m), (= 0.002 X ¢ for turbulent boundary layers at v = 1
cs in typical centrifugal pumps).

& = absolute roughness height, ft (m)

g, = fraction of impeller discharge meridional area (that is, the area
normal to the velocity component V,, ,) that is not blocked by the
thickness of the blades and the boundary layer displacement
thickness on blades and on hub and shroud surfaces.

&y, = fraction of the circumference at the exit of the impeller that is
not blocked by the thickness of the blades and boundary layer
displacement thickness on blades. (See computation in Table 4.)

n = 7, = pump efficiency; or a component efficiency (different sub-
script, Egs. 8-11).

0 = rotational polar coordinate or central angle about the impeller
axis, radians.

NOTE: In a polar-coordinate description of impeller blades or stationary vanes, § becomes
the construction angle and is usually regarded as positive in the direction of the blade
development from inlet to exit of the impeller or other blade row.

wn = slip factor = V/U, (=1 — h,, where h, is the slip factor as
defined by Busemann'®.)

u = absolute viscosity, Ibf-sec/ft? (Pa-s or N-s/m?); often quoted in cen-
tipoises, abbreviated to “cp” (1 cp = 0.001 Pa-s). [(x in cp) = sp.
gr. X (vincs).]

v = kinematic viscosity (= u/p), ft¥/sec (m%s); often quoted in
centistokes, abbreviated to “cs” (1 cs = 1 mm?%s). [(v in ¢s) =
(u in cp)/sp. gr.
p = fluid mass density, Ibf-sec?ft* (kg/m?),= y/g.
o = solidity (Eq. 53).
o = Thoma’s cavitation parameter = h,,/H.
T or T or M = torque, lbf-ft (N-m).
¢ = flow coefficient.
¢, = V,/U, = impeller inlet or eye flow coefficient.
¢, (or ¢, ;) = impeller exit flow coefficient = V,, ,/ U, (Figure 12).
¢ = head coefficient (Figure 12); stream function (Figure 14).

¢; = ideal head coefficient [= ¢, , = V, ,/ U, for zero inlet swirl
(Vo1 = 0.

Yo =V, /U, [= ¢, for zero inlet swirl (V;, , = 0)].
) = angular speed of the impeller in radians per second (1/s) = N7/30.

(), = universal specific speed (unitless) (Eq. 37) = N,/2733 (Eq. 38a)
=n,/52.92 (Eq. 38b).
()., = universal suction specific speed (unitless) (Eq. 41) = N,,/2733

(Eq. 42).
{2-ph} = set of fluid properties associated with vaporization
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Subscripts
b = impeller blade.
D = drag due to disk friction, bearings, and seals.
DF = disk friction.
d = discharge flange or exit (ex) of the pump.

e = at the “eye” of the impeller. The “eye” is the throat (minimum-
diameter point) at the entrance into the impeller and is the
area defined by the “eye plane,” which is normal to the axis of

« 9

rotation. “e” can refer more specifically to the shroud or
maximum-diameter point within the eye, as with r, (Figure 13)
or U,. The inlet tips of the impeller blades are generally at or
near this location.

ex = exit of diffuser or the discharge flange or port of the pump (d).
f = the direction of the flow.
h = hub.
i = inner limit of region or gap (Tables 4 and 5)
i (or ideal) = ideal.
i (or imp) = impeller.
in (or s) = pump inlet flange or port.

I/L = inlet passage; that is, the passage from the pump inlet flange or
port to the impeller.

I = input to fluid.
L = losses.
m = “mechanical” (pertaining to efficiency, Eq. 9).

m = component of velocity in the meridional plane (that is, the axial-
radial plane containing the axis of rotation).

mean = the 50% or rms meridional streamline.
n = normal or BEP value.
o = outer limit of region or gap (Tables 4 and 5).
out = pump outlet flange or port.
p = pressure side of blade or passage.
R = value of r at the impeller ring clearance.
S = shaft.
s (or in) = suction flange or inlet of the pump.

SE = shockless entry (that is, inlet velocity vector aligned with blade
camber line).

s/o = shut-off or zero flow rate @.
r = in the radial direction.
rms = the 50% or mean meridional streamline.
s = shaft.
s = suction side of blade or passage.
s = same meaning as sh and ¢.
sh = shroud (also at the eye plane at inlet—and in general “¢” at outlet).
stg = stage.
T = entry throat of volute or diffuser.
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t = the tip or maximum radial position of the impeller blades at
inlet or outlet (same meaning as s and sh).

t = tongue or cutwater.

u (see 6, below).

v = volumetric (pertaining to efficiency, Eq. 11).
v = volute.

z = in the axial direction.

0 or u = component of velocity in the circumferential direction (that is,
the tangential direction in the polar view that is perpendicular
to the axis of rotation).

1 = impeller inlet at the blade leading edge—at the mean unless fur-
ther defined.

2 = impeller outlet at the blade trailing edge—at the mean unless
further defined.

3 = volute base circle or entrance to diffuser.

for an infinite number of blades that also produce zero blockage
of the flow.

Superscripts

= average value

ENERGY TRANSFER

Hydraulics or fluid dynamics has the primary influence on the geometry of a rotodynamic
pump stage—of all the engineering disciplines involved in the design of the machine. It is
basic to the energy transfer or pumping process. Staging is also influenced by the other
disciplines, especially in high-energy pumps. The basic energy transfer relationships need
to be thoroughly understood to achieve a credible design and to understand the operation
of these machines. Action of the mechanical input shaft power to effect an increase in the
of energy of the pumpage is governed by the first law of thermodynamics. Realization of
that energy in terms of pump pressure rise or head involves losses and the second law of
thermodynamics.

The First Law of Thermodynamics Fluid flow, whether liquid or gas, through a cen-
trifugal pump is essentially adiabatic, heat transfer being negligible in comparison to the
other forms of energy involved in the energy transfer process. (Yet, even if the process were
not adiabatic, the density of a liquid is only weakly dependent on temperature.) Further,
while the delivery of energy to fluid by rotating blades is inherently unsteady (varying
pressure from blade to blade as viewed in an absolute reference frame), the flow across
the boundaries of a control volume surrounding the pump is essentially steady, and the
first law of thermodynamics for the pump can be expressed in the form of the adiabatic
steady-flow energy equation (Eq. 1) as follows:

Pszm{<h+ﬁ+gze> - <h+ﬁ+gze> ]
2 out 2 in

where h=u +% (1)
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FIGURE 1 Energy transfer in a centrifugal pump

Here, shaft power P, is transformed into fluid power, which is the mass flow rate iz times
the change in the total enthalpy (which includes static enthalpy, velocity energy per unit
mass, and potential energy due to elevation in a gravitational field that produces acceler-
ation at rate g) from inlet to outlet of the control volume (Figure 1).

When dealing with essentially incompressible liquids, the shaft power is commonly
expressed in terms of “head” and mass flow rate, as in Eq. 2:

Py

— = gAH + Au @)
where H= L + v + Z, 3)
rg 28

The change in H is called the “head” AH of the pump; and, because H (Eq. 3) includes the
velocity head V¥2g and the elevation head Z, at the point of interest, AH is often called the
“total dynamic head.” AH is often abbreviated to simply “H” and is the increase in height
of a column of liquid that the pump would create if the static pressure head p/pg and the
velocity head V¥2g were converted without loss into elevation head Z, at their respective
locations at the inlet to and outlet from the control volume; that is, both upstream and
downstream of the pump.

The Second Law of Thermodynamics: Losses and Efficiency As can be seen from
Eq. 2, not all of the mechanical input energy per unit mass (that is, the shaft power per
unit of mass flow rate) ends up as useful pump output energy per unit mass gAH. Rather,
losses produce an internal energy increase Au (accompanied by a temperature increase)
in addition to that due to any heat transfer into the control volume. This fact is due to the
second law of thermodynamics and is expressed for pumps in Eq 4:

Py
gAH<E or n<1 (4)
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FIGURE 2 Determining component efficiencies. (This is a meridional view.)

where m = pQ

The losses in the pump are quantified by the overall efficiency 7, which must be less
than unity and is expressed in Eq. 5:

_ gAHm
n= Py

= Overall Pump Efficiency 5)

It should be pointed out here that real liquids undergo some compression—which is
accompanied by a reversible increase in the temperature AT, of the liquid—called the
“heat of compression.” This portion of the actual total temperature rise AT is in addition
to that arising from losses and must therefore be taken into account when determining
efficiency from measurements of the temperature rise of the pumpage.' See the discussion
on this subject in Section 2.3.1.

To pinpoint the losses, it is convenient to deal with them in terms of “component effi-
ciencies.” For the typical shrouded- or closed-impeller pump shown in Figure 2, Eq. 5 can
be rewritten as follows:

P AH(m + m ;
ﬂ:ixg (PI L)XmeL ©)
Noting that
P; = gAH(rh + my) (7
and m = pQ

H; = Ideal Head

one may rewrite Eq. 6 as follows:
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P AH Q
anSXAHiXQJrQLfnanHYXm

(8

where

« ; » P P - P
Mechanical } -1 _Is— b 9)

Efficiency Py Py
Hydraulic\ _ AH _ AH, - 3H, (10)
Efficiency Y AH,; AH;
Volumetric _ Q
Efficiency }’7” T R+Q o

Approximate formulas for the three component efficiencies of Eq. 8 will be given fur-
ther on. Their product yields the overall pump efficiency as defined in Eq. 5, and reflects
the following division of the pump losses:

a. External drags on the rotating element due to i) bearings, ii) seals, and iii) fluid fric-
tion on the outside surfaces of the impeller shrouds—called “disk friction”; the total
being P, = Py — P;. Generally, the major component of P, is the disk friction, and the
“mechanical efficiency” is that portion of the shaft power that is delivered to the fluid
flowing through the impeller passages.

b. Hydraulic losses in the main flow passages of the pump; namely, inlet branch,
impeller, diffuser or volute, return passages in multistage pumps, and outlet branch.
The energy loss per unit mass is g>H; = g(H, — AH), the ratio of output head AH to
the input head H; being the hydraulic efficiency. This is the major focus of the designer
for typical centrifugal pump geometries (which are associated with normal “specific
speeds”—to be defined later). The other two component efficiencies are then quite high
and of relatively little consequence.

c. External leakages totaling @; leaking past the impeller and back into the inlet eye.
This leakage has received its share of the full amount of power P, = pg AH; (@ + Q)
delivered to all the fluid (@ + @) passing through the impeller. This leakage power
is P, = pg AH; Q;, which is lost as this fluid leaks back to the impeller inlet. The
remaining fluid input power is thus (P, — P;) = pg AH; @, the ratio of this power to
the total (P,) being the volumetric efficiency.

There are exceptions to this convenient model for dividing up pump losses. The main
exception is that if the pump has an open impeller, that is, one without either or both
shrouds, that portion of the total leakage @, disappears. The leakage now occurs across the
blade tips and affects the main flow passage hydraulic losses. The volumetric efficiency is
now higher, but the hydraulic efficiency is lower. In that case disk friction is still present,
as the impeller still has to drag fluid along the adjacent stationary wall(s). Another excep-
tion—for closed impellers—is that disk friction is fundamentally an inefficient pumping
action, the fluid being flung radially outward? and this can result in a slight increase in
pump head if the fluid on the outside of an impeller shroud or disk is pumped into the
main flow downstream of the impeller.

VELOCITY DIAGRAMS AND HEAD GENERATION

The mechanism of the transfer of shaft torque (or power) to the fluid flowing within the
impeller is fundamentally dynamic; that is, it is connected with changes in fluid velocity.
This requires the introduction of Newton’s second law, which when combined with the first
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FIGURE 3 Impeller velocity diagrams (1 = inlet; 2 = outlet)

law of thermodynamics, yields Euler’'s Pump Equation. Fluid velocities at inlet and exit of
the impeller are fundamental to this development. Fluid flowing along the blades of an
impeller rotating at angular velocity ) and viewed in the rotating reference frame of that
impeller has relative velocity W. Vectorially adding W to impeller blade speed U = QOr
yields the absolute velocity V, as shown in the velocity diagrams of Figure 3.

Newton’s Second Law for Moments of Forces and Euler’s Pump Equation Relat-
ing impeller torque T to fluid angular momentum per unit mass rV, is the convenient way
of applying Newton’s second law to centrifugal pumps. This is stated as follows for the
control volume V that contains the pump impeller (Eq. 12):

ST = [[[(0(prVy)/ot)/dN + [ [prV,dQ (12)

where XT = Ty — T}, is the summation of torques acting on the impeller; namely, the net
torque T; acting on the fluid flowing through it. The volume integral (first term on the
right side) of Eq. 12 is the unsteady term, which is zero for steady operation. It comes into
play during changing or transient conditions, such as start up and shutdown; that is, when
the angular momentum per unit volume prV, is changing with time within the impeller
volume V.

The surface integral (second term on the right hand side) of Eq. 12 is the one that
pump designers and users are mainly concerned with. Its integration over the exterior
surface of the control volume V is effectively accomplished for most impellers by combin-
ing one-dimensional results from inlet to outlet on each of several stream surfaces—imag-
ined to be nested surfaces of revolution bounded by the hub and shroud stream surfaces
(indicated in Figure 2). Insight into the power of this term can be gained by taking the
mean value of the integrand in terms of the velocities on a representative stream surface;
that is, essentially the surface of revolution lying at an appropriate mean location
between hub and shroud. Each of the two velocity diagrams of Figure 3 lies in a plane tan-
gent to this mean stream surface. For flow through an impeller, the torque delivered to the
fluid is therefore given by the following relationship involving these average quantities:

T; = (i + 1) X (rV 0 — 1V 1 (13)

or X ()
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Py = (m + ) X (UsVy, o — UiV 1) (14)

Eq. 13 says that the torque is equal to the mass flow rate times the change of angular
momentum per unit mass A(rV,). This becomes the “power” statement of Eq. 14 when both
sides are multiplied by Q. Following the statement of the second law of thermodynamics
in Eq. 4, we now can similarly say that gAH must be less than the power input to the fluid
per unit of mass flow rate, namely A(UV,) from Eq. 14. So, we now arrive at Euler’s Pump
Equation—expressed three different ways as follows:

gAH < A(UV,) (15a)

gAH; = A(UV,) (15b)
or

gAH = ngyA(UV,) (15c)

The inequality (Eq. 15a) is quantified by Eq. 15b, which follows in view of Eq. 7. Eq. 15¢
then follows from the definition of hydraulic efficiency (Eq. 10). Euler’s Pump Equation
makes one of the most profound statements in the field of engineering, because it deter-
mines the major geometrical features of the design of a rotodynamic machine. By revers-
ing the inequality in Eq. 15a, the same principle applies to turbines; hence, the more
encompassing title, “Euler’s Pump and Turbine Equation.”

So, to design or analyze a pump, one needs to a) obtain the velocity diagrams that will
produce the ideal head at the design flow rate and b) determine how the shape of these
diagrams affects the hydraulic efficiency 7y, so as to obtain the desired pump stage head.
Step (a) for a given pump is a simple one-dimensional exercise that utilizes the principles
of continuity and kinematics (Eqgs. 16 and 17) to construct the velocity diagrams for a given
total impeller volume flow rate @ and pump rotative speed ({) or N):

Continuity: Q = 27rbV,, (16)

where W =V, /sin B8,

Kinematics: Vy,=U — Wcos B, amn
Step (b) is in essence the evaluation of the hydraulic losses >H; in Eq. 10, which

depend mainly on the relative and absolute velocities, the associated flow passage dimen-

sions, and incidence angles. Eq. 15c then gives the head that the pump stage will gener-

ate. Performing steps (a) and (b) at several other flow rates at the same speed enables one
to develop the pump performance characteristics.

STATIC PRESSURE GENERATION

The Extended Bernoulli Equation To estimate the losses, it is convenient first to inves-
tigate the static pressure and velocity head portions of the total head. Eq. 15¢ can be writ-
ten in terms of the total pressure P, which equals pgH. Similarly, we may speak of
hydraulic losses as losses of static pressure >p;, which equals pg>H;; so

P =P, + p(UV, — UiV, 1) — Zpg (18)

where, from Eq. 3, the static, dynamic and potential energy components of the total pres-
sure are brought into evidence:



2.1 CENTRIFUGAL PUMP THEORY 2.15

W
V e
T —<_
Vo U RN

{a) {b)

FIGURE 4 Velocity triangle and flow within impeller passageway

P=p+%pV2+nge:ng 19)

Eq. 18 is the turbomachine form of the “extended Bernoulli equation,” which states that
along a streamline the total pressure P—also known as the Bernoulli constant and defined
in Eq. 19—is a) decreased by losses and b) increased by energy addition that occurs along
the streamline.

Centrifugal and Diffusion Effects in Impellers Changes in potential energy across a
pump stage are small; so the static pressure rise is found essentially from subtracting
the dynamic (velocity) pressure change from the total pressure change. Within the
impeller, the static pressure in turn arises from a) centrifugal and b) passage diffusion
effects.

Fluid in the impeller passage of Figure 4b flows from low to high radius r or blade
speed U, often also experiencing a decrease in passage relative velocity W. The geometry
of the velocity diagram (Figure 4a) leads to the following combination of Egs. 18 and 19
applied across the impeller:

A(p+ 2oV + 2oVE) = ALoU X (U - Weosp)] i~ Mgz (20)

and, because V,, = W, this simplifies to the following form of the extended Bernoulli equa-
tion, which applies along a streamline from the inlet of the impeller:

pP—Dpi= %p(U2 Ui+ Wi —W?) —pr; — pg8(Z, 7))

——

Static Centrifugal Passage  Losses:
Pressure Effect Diffusion |Incidence
Change Friction

Secondary Flow ¢ (pAu)
Tip Leakage
Mixing (21)

Here, the U-increase corresponds to the centrifugal contribution to the static pressure rise,
and the W-decrease to the diffusion contribution. There is no U-change along an axial
streamline in an axial-flow impeller or propeller; so, static pressure rise is due only to dif-
fusion. Radial-flow impellers, on the other hand, often have little or no net W-change, the
centrifugal effect being paramount. [A study of the velocity diagrams of Figure 3 suggests
that such impellers possess a high “degree of reaction.” The degree of reaction is defined
as that fraction of the total energy addition within the impeller (Eq. 15b) that does not
include the change in absolute velocity energy, A(V%2). This fraction is, therefore, the sum
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of the static pressure energy change, that due to elevation change, and the energy losses
in the impeller, as can be seen from Eqgs. 18 and 19.]

Collector Static Pressure Rise, Inlet Nozzle Drop A similar form of Eq. 21 applies in
the stationary flow elements, where W is also the absolute velocity V and blade speed U is
zero. (This would be a more recognizable form of the extended Bernoulli equation, wherein
only losses modify the Bernoulli constant.?) A further static pressure increase occurs in the
stationary collection system downstream of the impeller (with the attendant losses); namely,
in the stationary volute or diffuser. This static rise is generally about a third of that in the
impeller, and it is due only to diffusion, that is, the decrease in velocity in that passage. To
complete the picture, there is often an increase in the comparatively small velocity in the
approach passageway or nozzle or suction branch from the pump inlet port or flange to the
impeller eye or blade leading edge. This is accompanied by an attendant small pressure drop.

Internal Static Pressure Distribution If the fluid enters the pump from a stagnant
pool, the total pressure at the impeller eye P, will be very nearly the static pressure of the
upstream pool (plus the pressure equivalent of the elevation of the pool above the eye).
This is one reason why the local static pressure p within the pump is often referenced to
P,, as indicated in the following form of Eq. 21:

1
P_P1:§P(Uz_Wz)_PL,i_PgZe_PU1V9,1 (22)
where
Vi
P1:p1+p?+nge,1 (23)

Figure 5 is an illustration of the internal static pressure development. The difference
between P, and p, is due to the impeller inlet absolute velocity head or dynamic pressure
pV,%2, a much larger difference existing at the impeller exit, namely pV,%2. Losses in the
collector result in the pump or stage outlet total pressure P, being less than P,, the rise
in total pressure AP,,,,, from port to port being P,,, — P,,. In the figure, P, is very nearly
the same as P,, the inlet passage loss being comparatively small for most pumps.

NET POSITIVE SUCTION HEAD

Local reduction of the static pressure p to the vapor pressure p, of the liquid causes vapor-
ization of the liquid and cavitation. Internal pressure drops are due to a) impeller inlet
velocity head and inlet passage loss and b) blade loading and loss within the impeller. In
order to prevent a substantial decrease of impeller pressure rise, the sum of these pressure
drops should not exceed the difference between P;, and p,, the head equivalent of which is
called “net positive suction head” or NPSH:

P, -
””Tp” — NPSH=P,, = pgNPSH + p, (24)

Insufficient NPSH leads to cavitation and loss of pump pressure rise. That is because the
impeller can become filled with vapor, in which case the density p of the fluid within the
impeller is then reduced by orders of magnitude. This in turn, as can be seen in Eqs. 18-22,
results in essentially zero pump pressure rise; that is, total loss of pump performance.

Eq. 24 substituted into Eq. 22 yields the local static pressure above vapor pressure in
terms of the NPSH:
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FIGURE 5 Pump stage internal pressure development. Total pressure rise AP = pgAH.

p — p, = pgNPSH + %p(U2 - W)

dm

A

—Pri+yL — pgZ, — PU1V9, 1

r(p, — ps)bdm = pV,br- A -d(rV,)

_ 27 PV, dUV)

Pp — Ps = ny

dm

This, together with the foregoing pressure drops, which occur in the inlet region of the
pump, is illustrated in Figure 5. The figure contains three plots of p along the representa-
tive streamline from 1 to 2, m being distance along this line in the meridional plane. These
plots are for the suction side or trailing face of an impeller blade, the pressure side or dri-
ving face, and the average or mid-passage position. The middle or average pressure plot is
readily described by Eq. 25 in terms of the local average W-distribution. The local blade-
to-blade static pressure difference p, — p, arises from the torque exerted on a strip of fluid
between the blades and approximated here via blade-to-blade average velocity compo-
nents in Newton’s Second Law for Moments of Forces:
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where, for ease of illustration, the blade-to-blade polar angle difference A6 is taken equal
to 2m/n,, the actual value of A6 being slightly less than this due to the thickness of the
blades. Thus, for example, too small a number of blades 7, results in a larger value of p, —
psand a lower minimum static pressure in the inlet region of the impeller.

The density reduction in a cavitating impeller is difficult to predict analytically;
therefore, empirical relationships for acceptable levels of NPSH have been developed and
will be presented further on, as guidelines for design and performance prediction are
developed.

PERFORMANCE CHARACTERISTIC CURVES

Velocity diagrams and ideal head-rise vary with flow rate @ as illustrated in Figure 6 for the
typical case of constant rotative speed N or angular speed (). Flow patterns in Figure 6b cor-
respond to points on the characteristic curves of Figure 6a. The inlet velocity diagrams (just
upstream of the impeller) are shown there for high and low flow rate—with zero swirl being
delivered by the inlet passageway to the impeller; that is, V,; = 0. The outlet velocity dia-
grams on Figure 6a are found one-dimensionally, the magnitude of the exit relative veloc-
ity vector W, varying directly with @ and its direction being nearly tangent to the impeller
blade. From these diagrams are found the absolute velocity vector V, and its circumferen-
tial component V;, ,. Because blade speed U, is constant, the resulting plot of the ideal head
AH; = U,V, /g (from Eq. 15b) is a straight line, rising to the point U,%g at zero-Q or “shut-
off head.” This is twice the impeller OD tip speed head U,%2g. The right-most velocity dia-
gram in Figure 6a has zero V,,; however, the maximum or “runout” flow rate happens at
lower @ than this. That is because the actual head H is less than AH; due to losses (as seen
in Eq. 10), and AH = 0 at runout—where overall pump efficiency (Eq. 8) is also zero.

This one-dimensional analysis works well in the vicinity of the best efficiency point
(b.e.p. or BEP) and at higher @ because the fluid flows smoothly through the impeller pas-
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FIGURE 6A and B Characteristic performance curves of a pump stage, related to velocity diagrams
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sages as illustrated in Figure 6b for “high @.” However, it fails at “low @,” where recircu-
lating flow develops—indicated by a substantial one-dimensional deceleration or reduc-
tion in the fluid velocity relative to those passages—that is, W, << W,. This is analogous to
a diffuser with side walls that diverge too much: the main fluid stream separates from one
or both walls and flows along in a narrow portion of the passage in a jet—the rest of the
passage being occupied with eddying fluid that can recirculate out of the impeller inlet and
exit. Consequently, the real outlet velocity diagram at low @ is the one with the dashed
lines and the smaller value of V, ,, rather than the solid-lined, one-dimensional diagram
superimposed on it. This in turn reduces the ideal head at the low-@ point of the curves.

To complicate matters further at low @, one-dimensional application of this “corrected”
outlet velocity diagram via Eq. 14 would produce a pump power consumption curve that
passes through the origin of Figure 6a. Such a result (assuming negligible external drag
power Pj), is known not to occur in a real pump. Rather, superimposed on the jet flow pat-
tern just described is recirculating fluid that leaves the impeller, gives up its angular
momentum to its surroundings, and re-enters the impeller to be re-energized.

In other words, the one-dimensional simplifications mentioned after Eq. 12 do not hold
at low @; rather, there is an added “recirculation power,” which is the UV,-change experi-
enced by the recirculating fluid integrated over each element of re-entering mass flow rate®.
The complexity of this recirculation destroys one’s ability to interpret pump performance
under such conditions by means of velocity diagrams. Instead, a transition is made from
empirical correlations for head and power at “shutoff” or zero net flow rate to the high-@,
one-dimensional analysis, enabling one to arrive at the complete set of characteristic curves
for efficiency, power, and head illustrated in Figure 6a. In fact, impeller pressure-rise at
shutoff is very nearly what would be expected due to the centrifugal effect of the fluid rotat-
ing as a solid body, namely pU,%2. The recirculating flow patterns seem to be merely super-
imposed with little effect on impeller pressure-rise. This recirculation, on the other hand,
does produce some additional shutoff pressure rise in the collecting and diffusing passages
downstream of the impeller.

SCALING AND SIMILITUDE

When a set of characteristic curves for a given pump stage is known, that machine can
be used as a model to satisfy similar conditions of service at higher speed and a differ-
ent size. Scaling a given geometry to a new size means multiplying every linear dimen-
sion of the model by the scale factor, including all clearances and surface roughness
elements. The performance of the model is then scaled to correspond to the scaled-up
model by requiring similar velocity diagrams (often called “velocity triangles”) and
assuming that the influences of fluid viscosity and vaporization are negligible. The pro-
portions associated with Eqgs. 27, 29, and 32 illustrate this. The blade velocity U (Eq. 30)
varies directly with rotative speed N or angular speed (0—and directly with size, as
expressed by the radius r. For the velocity V (or W) to be in proportion to U, the flow rate
@ must therefore vary as Or?; hence, the “specific flow” @, must be constant (Eq. 28). Fur-
ther, as the head is the product of two velocities, it must vary as Q%2 hence, the head
coefficient ¥ must be constant (Eq. 31). Finally, as power is the product of pressure-rise
and flow rate, shaft power P, must vary as p()°r°; hence, the power coefficient must be
constant.

_ A xr? o« D?
Q =AV {Voc Or, =« ND
=Q « ND* or O @7
and Q@ = Constant = @, (28)
Qrd
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At above @, n = Constant, and
gAH = ngyA(UVy)

= AH « N?D? (29)
U=0r (30)
d v gaH tant (31)
an = = constan
U3
AH
b 1A
mn
=Py « pN°D’ (32)
. Py
and Pg = —— = constant (33)
Ty

Figure 7a is the result of following these similarity rules for a given pump that under-
goes a change in speed from full speed to half speed without a change in size. The similar
@ at half speed for a given @ at full speed is half that at full speed. At each such half-
speed @-value, the head AH is accordingly one-fourth of its full-speed value and the effi-
ciency 7 is unchanged. One can avoid replotting the characteristic curves in this manner
for every change in speed (and size) by expressing them nondimensionally in terms of @,
i, m, and P,. They then all collapse on one another as illustrated in Figure 7b. Note that a
change in pump geometry or shape of the hydraulic passageways destroys this similitude
and necessarily produces a new set of curves—shaped differently but similar to each other.

Similitude enables the engineer to work from a single dimensionless set of perfor-
mance curves for a given pump model. This is a practical but special case of the more gen-
eral statement that pump performance as represented by efficiency, head, and power, is
more generally expressed in terms of the complete physical equation as follows:

n, AH} PS = fet’s. (Q7 I, ‘Q', P>V, NPSH, {2'ph}? {gp}» {S}’{gl}) (34)

where {{;} is the infinite set of lengths that defines the pump stage geometry. A common
group of these lengths is illustrated in Figure 8. Dimensionlessly, Eq. 34 becomes

n, '1[,7 PS = fet's. (Qs’ Re’ T2, {2-(1)}’ {Fp}7 {E}’ {Gt}) (35)

where the dimensionless quantities containing flow rate, viscosity and NPSH are respec-
tively defined as follows:

Q Or2 2gNPSH
where Qsij Rezi TziT
Qrs v O°rs
Specific Machine Cavitation
Flow Reynolds Coefficient
Number (36)
and

e {G;} = {¢/r} defines the dimensionless geometry or shape.

e {2-®} = the dimensionless quantities arising from the set of fluid, thermal, vaporization,
and heat transfer properties {2-ph} that influence the flow of two-phase vapor and lig-
uid. These quantities come into play when the NPSH is low enough for such flow to be
extensive enough to influence pump performance.
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FIGURE 7 Similar performance curves: a) dimensional; b) dimensionless

e (>} = the dimensionless quantities arising from the set of properties associated with
entrained solids and emulsifying fluids that affect the performance of slurry pumps and
emulsion pumps.

SPECIFIC SPEED AND OPTIMUM GEOMETRY

The hydraulic geometry or shape of a pump stage can in principle be chosen for given values
of the other independent variables in Egs. 34 or 35 to optimize the resulting performance; for
example, to maximize the best efficiency 1z under certain conditions on the head and power.
Two such conditions that are common are a) no positive slope is allowed anywhere along the
AH-vs.-Q curve of Figure 7 (called the “no drooping nor dip” condition) and b) the maximum
power consumption must occur at the BEP (often called the “non-overloading” condition). A
fundamental and generally typical pumping situation involves a) negligible influence of vis-
cosity, (that is, high Reynolds number) b) the absence of two-phase fluid effects, (that is, the
existence of sufficient NPSH or 7) and c¢) the absence of solid particles and emulsion-related
substances in the fluid. In this situation, Eq. 35 has one remaining significant independent
variable; namely, the specific flow @,, which in the definitions of Eq. 36 contains the volume
flow rate @, the pump speed (), and the characteristic radius r,. Most users don’t know the
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FIGURE 8 Defining the geometry of a pump stage

size of the pump stage a priori; so, , is eliminated by replacing @, in Eq. 35 with a new quan-
tity that is the result of dividing the square root of @, by the 3-power of the head coefficient .
Thus, from the definitions just given of @, and i, one arrives at the specific speed (), as the
independent variable in terms of which the geometry is optimized?:

0o Ve Ve -
NIV A

For convenience, specific speed is usually expressed in terms of the conventional quan-
tities N, @, and AH that correspond to the factors in Eq. 37, which quantities are expressed
in the units commonly used commercially. For example, forms found in the United States
and in Europe and the relationship of these to the truly unitless “universal specific speed”
), defined in Eq. 37 are as follows:

o - N(rpm)VQ(USgpm)/[ AH(ft)]¥* 3 N, s,

s 2733.016 "~ 2733.016 (382)
o _ Napm)VQ(ms)/(AHm)* _ n, -
s 52.919 "~ 52.919 ( )

Thus,

n,(m?/s, m) = N,(USgpm, ft)/51.64 (38c)
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FIGURE 9 Optimum geometry as a function of BEP specific speed (for single-stage rotors)

Rotor Shape as a Function of Specific Speed Optimization of pump hydraulic geom-
etry in terms of the BEP specific speed has taken place empirically and analytically
throughout the history of pump development. An approximate illustration of the results
of this process for pump rotors or impellers is shown in Figure 9. Not only does the geom-
etry emerge from the optimization process but also the head, flow, and power coefficients
for each shape as well. Approximate values for the optimum BEP head coefficient s are
shown on the figure. The actual rotor diameter can then be deduced as noted—from the
y-definition of Eq. 31. The relationship among the various rotors is illustrated in the fig-
ure—assuming that they all have the same speed and head; that is, as one moves along
the abscissa or specific speed axis of Figure 9, only the flow rate is changing as far as the
illustrations of the rotors are concerned. As would be expected, therefore, high-specific-
speed impellers need to have large passages relative to their overall diameter. This is pow-
erfully illustrated if one contrasts the propeller (high-Q),) with the low-(), centrifugal
impeller.

At the lower end of the specific speed range shown in Figure 9, rotodynamic pumps
(that is, centrifugal pumps, in which category mixed- and axial-flow geometries are gen-
erally included) would be too low in efficiency to be practical. Rather, rotary positive dis-
placement pumps take over because there is a transition through the drag pump domain.
Sometimes called a regenerative or periphery pump, the drag pump is actually a rotody-
namic machine, developing head peripherally around the impeller through successive
passes radially through the blades on both sides until a barrier is reached at some point
on the periphery, where the fluid is then discharged.®

The screw pump, on the other hand, is a truly positive displacement (rotary) machine.
It can have two, three, or more meshing screws and can move large quantities of fluid—
both single- and multiphase—against a large pressure difference Ap, giving it a specific
speed range that extends well into centrifugal pump territory. Not shown is the pro-
gressive cavity pump, which has a single screw surrounded by an elastomer sealing
member.

Lower flow rates are readily accommodated by the vane pump, whereas gear pumps
handle a higher range of pressure differences at such flow rates. Finally, extremely high
pressures are produced by reciprocating pumps, the specific speed range of which extends
off the figure on the left.
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Positive displacement pumps appear in Figure 9 in order to provide perspective. The
concept of specific speed is not generally applied to these machines, because a given posi-
tive displacement pump can have such a wide range of pressure-rise capability at a cho-
sen flow rate and speed as to make it difficult to associate a given rotor geometry with a
particular value of specific speed. On the other hand, a unique rotodynamic pump geome-
try is readily associated with the specific speed of the BEP of such a machine.

Performance of Optimum Geometries Figure 9 enables one to easily identify the pump
stage types associated with required pumping tasks in terms of head, flow rate, and rota-
tive speed. Beyond this general picture is the related performance of a real pump geometry
in a real fluid. Although, for centrifugal pumps, the specific speed has the major effect on
performance, the available NPSH and the viscosity of the pumpage also have an influence.
These are evident in the following formal statement of the efficiency of an optimized pump
(cf Eq. 35)

(nmax){G,}om = f(Qs’ st’ {z'q)}’ {Fp}’ {E}’ Re, H,Q) (39)

where the radius r,, representing the size, has been eliminated from the other variables in
Eq. 35 by introducing the suction specific speed (), and the head-flow Reynolds number
R, 40, which are defined in Eqgs. 40 and 41:

V@Q (gAH)
W) V@,

Q= = 41
Y (gNPSH)*  (ry/2)"" “

R.uq= =R\NVQ, (40)

where, the common form of the suction specific speed, called N,

' 18 given in commercial
U.S. units by (Eq. 42)

N(rpm)V m
Nss,(U.SA) = L‘Q(gw = st X 2733.016 (42)
[NPSH (ft)]?

Size Effect For sufficiently high NPSH (or sufficiently low suction specific speed) and
low viscosity (or high Reynolds number), real pumps also possess a strong size effect on
efficiency. This is because, in normal manufacturing processes, the clearances § prevent-
ing internal leakage @, (for example, past the impeller sealing rings in Figure 2) do not
scale up as rapidly as the size (represented by r,), nor do the surface roughness heights
. Thus, a larger pump tends to be more efficient. Strictly speaking, however, the geome-
try of the larger pump is not the same as that of the smaller pump, and this forces one to
modify Eq. 39 by reintroducing two of the length ratios G, that were part of the set {G,}
in Eq. 35 which characterize the hydraulic shape of the machine. Thus, Eq. 39, revised to
reflect these realities, becomes

2
(nmax){G,}um = fl(‘Q'm (Zss’ Re,H, Q> {2-(1)}, {rp}7 {E}’ rizv 72> (43)

A study of a large number of commercial centrifugal pumps by H. H. Anderson® has
quantified Eq. 43 for such machines. These pumps were all operating in water and had
sufficient NPSH for performance not to be influenced by (). The results are given by Eq.
44, which is plotted in Figure 10:

Q(gpm) ]*0»21333 [ <2286>]2
n = 0.94 — 0.08955 X [m X X — 0.29 X |logyg Ts (44)
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FIGURE 10 Efficiency of centrifugal pumps versus specific speed, size, and shape—adapted from Anderson®.
Note: Actual experience for Ns > 2286 shows higher efficiency, as indicated by the dashed line.

2
where X = {ﬁ)}

e(p—in.

Eq. 44 is a combination of separate relationships described by Anderson for efficiency and
speed as functions of flow rate®. Included is a correction for specific speed that is too con-
servative for N, s, > 2286 or (), greater than about unity. With this qualification, Figure
10 is a useful representation for centrifugal pumps and is often as far as many users go in
determining the performance of these machines.

Viscosity Effects Centrifugal pump geometries have not generally been optimized ver-
sus Reynolds number—often because the effect on hydraulic shape is not very great except
for the highest viscosities of the pumpage, and a given application can sometimes expe-
rience a substantial range of viscosity. Studies of conventional centrifugal pumps over a
range of Reynolds number have been combined in nomographic charts in the Hydraulic
Institute Standards, which yield correction factors to the head, efficiency, and flow rate of
the BEP of a low-viscosity pump in order to obtain the BEP of that pump when operat-
ing at higher viscosity’. Figure 11 is a presentation of these correction factors in terms of
the head-flow Reynolds number. Strictly speaking, in view of Eq. 43, each pump geome-
try has a unique set of such correction factors, yet the data presented in Figure 11 have
been widely utilized as reasonably representative of conventional centrifugal pumps.

NPSH Effects In many cases, the available NPSH is low enough, or the suction-specific
speed (), at which the pump stage must operate is high enough for significant two-phase
activity to exist within the impeller. This is to be expected in centrifugal impellers of water
pumps if the available () is greater than about 3 to 4 (or N, ys, = 8,000 to 11,000). In
such a case, (), and the vaporization quantities {2-®} in Eq. 35 dictate a profound change
in the impeller geometry into that of an inducer. The inducer has an entering or “eye”
diameter that is significantly enlarged—together with tightly wrapped helical blading.
Often the inducer is a separate stage that pressurizes the two-phase fluid as needed to
provide a sufficiently low value of (), at the entrance of the more typical impeller blad-
ing that is immediately downstream of the inducer. If the two-phase fluid is near its ther-
modynamic critical point, the {2-®} operate to greatly reduce the amount of two-phase
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Viscous Fluid Effects on Pumps
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FIGURE 11 Viscous fluid effects on centrifugal pumps—adapted from Hydraulic Institute ANSI/HI 2000 Edition
Pump Standards, Reference 7.

activity within the pump. (At the critical point, the liquid and gas phases are identical,
and therefore both have the same specific volume.) An example is the pumping of liquid
hydrogen, for which an inducer is unnecessary until much higher values of () are
reached. Moreover, inducers—typically limited to {),-values of about 10 (N, s, = 27,000)
in water—can, at sufficiently low tip speed, operate at zero NPSH, which corresponds to
an infinite value of Q5.

Pumping Entrained Gas 1In addition to the liquid’s own vapor (which is the gas involved
in the NPSH-effects discussion), many pumping applications deal with a different gas; that
is, a different substance from the liquid being pumped. The effects of this gas on perfor-
mance arise from a) the volume flow rate of the gas at the inlet, b) the pressure ratio of
the pump, which determines how far into the impeller this gas volume persists; that is,
how much it gets compressed, and ¢) how much of the gas dissolves in the liquid as the
pressure increases within the pump, which depends on both the solubility and the degree
of agitation of the fluid produced by the pump. The set of fluid properties associated with
these gas-handling phenomena are represented by {g,} in Eq. 34, the dimensionless form
(Egs. 35 and 43) of this set being {I',}. Generally, for typlcal commercial centrifugal pumps,
the performance under such condltlons usually manifests itself as a loss of pressure rise,
which is reasonably stable up to an inlet volume flow rate fraction of gas to liquid of 0.04
to 0.07°. Inducers can handle larger inlet volume fractions of gas, and, under Dalton’s law
for partial pressures, the liquid’s own vapor also occupies the volume of the gas bubbles.
Single and multistage centrifugal pumps have been built that handle far greater gas vol-
ume than these single-stage values'®!!; moreover, multiphase rotary positive displacement
screw pumps can handle gas volume fractions up to 1 (100 percent gas)'.

Effects of Slurries and Emulsions Finally there is the influence of the dimensionless
quantities {X} in Eq. 43. Impeller and casing design are altered so as to reduce wear-
producing velocities if the pumpage is a slurry of solids contained in a carrier liquid.
(Slurry pumps are usually single-stage machines with a collector or volute casing sur-
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rounding the impeller.) This usually means a smaller impeller eye diameter (which, as can
be seen in Figure 6, reduces the inlet relative velocity W;,) and a larger radial distance
from the impeller to the surrounding volute because the circumferential velocity compo-
nent V), of the fluid emerging from the impeller (also seen in Figure 6) slows down with
increasing radial position and is then lower in the volute passageway'?. Performance also
is altered, depending on the composition and concentration of the slurry. These are com-
plicated non-Newtonian flows and are covered in detail elsewhere in this book in con-
junction with a thorough treatment on solids-handling pumps. Emulsions are another
example of such flows, many of which are destroyed by excessive local shear in the fluid.
For this reason, screw pumps are sometimes utilized for emulsions rather than oversized,
slow-running centrifugal pumps. Except for thin layers of the fluid at the clearances, most
of the flow in a screw pump experiences very little shear in comparison to the flow through
a centrifugal pump.

Electromagnetic Effects Not appearing in Eq. 43 are quantities associated with elec-
tromagnetic phenomena. For example, electric current flowing radially outward through
fluid contained in an axially directed magnetic field is capable of producing a rotating flow.
Called a hydromagnetic pump, this device is therefore “centrifugal,” yet it has no moving
parts. Such pumps have been used for liquid metals and could be made reasonably effi-
cient for any pumpage with high conductivity.

DESIGN PROCEDURES

Establishing the Pump Configuration The first step in designing a pump is to deter-
mine the type and number of stages that are needed to meet the given set of operating
conditions, usually @, p,, p,, available NPSH (= NPSHA) and specific gravity of the fluid.
If the pump must meet several such sets of operating conditions, one set has to be chosen
for the BEP or design point so all the others are satisfied, if possible. Making the proper
choice of this BEP may require some iteration: first making a trial choice, doing a pre-
liminary design, and determining the corresponding pump performance characteristic
curves, and then repeating these steps if necessary.

Pump rotative speed N (rpm) must be chosen in order to proceed. Selection of the high-
est practical rpm is desirable because it yields the smallest size and therefore usually the
lowest cost and easiest containment of system pressure. If, for the chosen number of
stages, the stage specific speed is too low, Figure 10 indicates that efficiency is generally
improved with greater speed. The maximum possible rpm is that which yields a value for
the suction specific speed (), (Eq. 41) or N, (Eq. 42) that the first stage of the pump can
accommodate, where NPSH is found from Eq. 41 as follows:

4/3
NPSH = é(%) Q2 (45)

ss

Typically, the ) -capability of an impeller does not exceed a value that is somewhere
in the range 3 to 4.5 (N, = 8,200 to 12,300), depending on minimum (off-design) flow rate
requirements, and it is typically 10 (27,000) or less for inducers. Generally, the supplier
furnishes a pump that has a value of NPSH-capability (or “NPSHR”) smaller than the
stated NPSHA. This difference or “NPSH-margin” is desirable if there is any uncertainty
as to the true value of NPSHA. It is essential for high values of Ap,; (see discussion of
“high-energy pumps” further on in this section.) Often a higher speed can be employed
if a double-suction impeller (entry of fluid from both sides) can be used, as then only half
of the given @ enters each side of this impeller, and only that half can be used in the Q-
equation applying to that fluid and impeller type.

The double-suction configuration is popular for large, single-stage pumps because the
axial thrust is nominally zero. It is also found as the first stage in some multistage pumps,
in which case the arrangement of the remaining impellers can be “back-to-back” (half of
them facing in one direction and half opposite) to achieve axial thrust balance. On the
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other hand, the interstage flow passages are simpler if these impellers are all facing in the
same direction—in which case the thrust is opposed by a balancing drum or disk as
described in Section 2.2.1. Forming the specific speed from N, @, and AH (from Eq. 3) and
referring to Figure 9 for the kind of impeller (which then gives one an idea of the other
hydraulic components (inlet passage, diffuser and collector, and so on) and Figure 10 for
the expected efficiency, one can decide whether the pump would perform better and still
meet any installation and size restrictions with more than the one stage implied by this
first N,-calculation.

If the user requires the performance characteristics of a positive displacement pump—
such as a wide range of pressure-rise at a nearly constant flow rate @—selecting such a
pump may be possible if the specific speed is not too high. (See Figure 9.) The choice of
speed for positive displacement pumps is sometimes determined by mechanical consider-
ations rather than suction capability.

Sizing the Pump The next step is to determine the approximate size of a pump or
pump installation. Beginning with the impeller, the agent of the energy transfer to the
fluid in a pump, one utilizes the results of the pump hydraulic geometry optimization
process. This also yields the proportions of the velocity diagrams that correspond to the
geometry associated with the desired value of specific speed. These in turn lead to two
major sizing factors for an impeller, which are plotted for typical commercial pumps in
Figure 12; namely the head coefficient ¢ (originally defined in Eq. 31) and the outlet flow
coefficient ¢, defined on this figure*. Equations in the figure show how these factors are
used to determine the exit radius r, (or diameter D,) and the width &, (Figure 8) respec-
tively. The flow coefficient ¢, is obviously a velocity component ratio. For the head coeffi-
cient of a pump with zero inlet prewhirl to the impeller (that is, V, ; = 0), the relevant
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velocity ratio (see Figure 3) is V, o/U,, which in view of Egs. 15b and 31 is equal to the
ideal head coefficient i, as this corresponds to the ideal head H,. Referring to Eq. 15¢, it
is obvious that the actual head coefficient y = 7,y x ;, or, in the (common) case of zero
prewhirl, ¢, = V, ,/U,.

Overall pump dimensions are conveniently viewed in terms of factors times the
impeller diameter. The overall diameter exceeds that of the impeller due to the surround-
ing casing. For single stage pumps, this casing will include a volute and perhaps a set of
diffuser vanes immediately surrounding the impeller; so, the casing diameter can be 50%
greater than D, or more. On multistage pumps (many with radial-outflow diffusers and
return vanes), this excess is often less than 50%.

Single-stage pump axial length includes provision for inlet passageways and bearing
housings and is therefore approximately the same as the overall pump diameter. On the
other hand, the axial length of a stage in a multistage pump is often less than half of the
impeller diameter. Minimizing this “stage length” (and diameter) is a goal of competitive
pump designers in the quest to create a machine of light weight and low cost. But too
small a stage length is accompanied by inferior hydraulic performance because not
enough room is provided for the passages around and within the impeller to turn the
fluid with minimum loss. Further, the bearing housings and the suction and discharge
“heads” or end pieces must be considered in arriving at the overall length of a multi-
stage pump.

This sizing discussion so far has focused on pumps with a radial-outflow geometry. For
the axial-flow geometries of higher specific speeds, the situation is simpler. The diameters
of the propeller (Figure 9) and any stationary vanes downstream (or upstream) are essen-
tially the same. The approach and discharge piping is of about the same size. A simple
guideline for the maximum radius of the propeller is found from the following approximate
extrapolation of the -curve of Figure 12:

P, = > (46)

where the outer radius of the propeller r,, should be substituted for the mean exit radius
7, in the -definition. Thus the -curve is in reality a iy,-curve for non-radial-flow pumps.
For small departures from radial flow, as illustrated in Figure 8, the y-curve of Figure 12
can be used either way.

These guidelines are often all that pump users or fluid system designers need to plan
their installations. To get beyond this overview, one must pursue the hydraulic design in
detail—as afforded by the following development and examples.

Designing the Impeller Determination of the geometrical features of the impeller is
generally accomplished in the following order: a) the “eye” radius r,, b) the exit radius r,
or r;5, and c) the exit width b, or, in the case of mixed- and axial-flow impellers, the hub
exit radius 7, ,—all of which form the starting point for d) shaping the hub and shroud
profiles (Figure 13); and, finally, e) construction of the blades.

a) The eye. The inlet radius of the impeller eye r, (Figure 13) is nearly the same as r,,
which is the diameter of the tips of the impeller blades at the inlet. This emerges after
the eye flow coefficient ¢, = V,/U, [the ratio of the one-dimensional axial velocity enter-
ing the eye (Figure 8) to the tangential speed of the impeller eye U, = QOr,] is known:

QA W,
d)e - Qre - Ue (47)
Ae = 77(,.22 - rsz) (48)

Thus, r, can be found from the following combination of Eqs. 47 and 48:
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FIGURE 13 Hub and shroud profiles of centrifugal pump impeller

r, = # Ve (49)

r?
qusz( 1- —2)
T

e

where the shaft-to-eye ratio r,/r, can be estimated at first. Typical values for ¢, vary from
0.2 to 0.3 for impellers and down to 0.1 or less for inducers, depending on suction condi-
tions, as can be seen from its relationship to suction-specific speed:

ave 2

where the cavitation coefficient 7 (cf. 7, in Eq. 36) is defined in terms of the eye speed U, =
Qr, (Table 1). 7 is related to ¢, through empirical correlations, such as those given in Table
1. (Gongwer’s!® values for the correlation factors %, and %, apply to large pumps. The larger
“typical” values shown for 3% breakdown apply to the more common smaller sizes. The
inducer correlation is a curve fit to the data of Stripling and Acosta'* for the breakdown
value of 7.) Thus one can solve for ¢, from a given suction-specific speed and, through Eq.
49, obtain the eye size. However, the value of ¢, at the BEP or design point rarely exceeds
0.3, regardless of how much NPSH is available. This ¢,-limit therefore applies to impellers
that follow and are in series with the first stage in a multistage pump. These are variously
referred to as “series” or “intermediate” stages. (Slurry pump impellers are an exception to
this guideline, for then the relative velocity is minimized to avoid excessive wear. In this
case ¢, can be as high as 0.4 and NPSHA is generally more than adequate for these slow-
running machines.)

b) The exit radius r, (or diameter D,). This is found from head-coefficient ¢ by means of
the equation for r, in Figure 12. The upper curve for ¢/ can be used unless detailed per-
formance analysis or a desired non-typical performance characteristic curve indicates oth-
erwise. Eq. 46 can be used for specific speeds (), greater than 1.6 (N, > 4373), where the
maximum radius r;, is computed per the previous discussion accompanying that equation.

¢) The exit width b,. 'The equation for exit passage width b, in Figure 12 can be used for
radial-outflow and mixed-flow impellers, r, being located halfway across the passage. This
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involves the exit flow coefficient or meridional velocity ratio ¢; = V,, ,/U,, the lower curve
of Figure 12 being for typical values of this quantity. The “openness” factor ¢ allows for
blockage due to blade thickness and to the buildup of boundary layers on the surfaces of
the passageways (blades and hub and shroud). The value of ¢ is generally between 0.8 and
0.9, the higher figure applying to larger machines. For axial-flow impellers or propellers
and inducers, a choice of the hub-to-tip radius ratio at the exit defines the passage width
instead. This ratio decreases with specific speed from about 2 at the right end of Figure
12 to 1 or less at the highest specific speeds.

d) Hub and shroud profiles. With the eye and the outlet sizing established, the two are
connected by specifying the hub and shroud profiles. Some texts illustrate the variation
of hub and shroud profiles with specific speed®. Although these are excellent guidelines
coming from experience, what follows is the approach one would take to synthesize these
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shapes on the basis of fundamental fluid dynamical considerations, at the same time tak-
ing experience into account. Referring to Figure 13, an acceptable geometry can be
achieved by following these guidelines:

i. Maintaining the meridional flow area 277, ,b, at the blade leading edge at about the

ii

same as it is at the eye, namely 7(r,2 — r,%), but then gradually increasing it versus
meridional distance to the generally larger value already established at the exit,
namely 27r,b,.

Choosing the minimum radius of curvature R, of the shroud to be about half the
radial opening at the eye. This avoids excessive local velocity V, ,, at the blade leading
edge. This has two consequences. Shaping the impeller blades to match a widely vary-
ing meridional approach velocity can complicate the construction of these blades. Also,
on first-stage impellers, if V, , is too great, the local pressure at that location will be
closer to the vapor pressure, increasing the required NPSH (or NPSH,,,). This is due
to a larger resulting value of the empirical factor k;, presented in Table 1 as the n*
power of the velocity ratio V, ,;/V,. Single-phase theory would require that the expo-
nent n = 2, but two-phase activity in the pump reduces the local pressure reduction
that a single-phase application of Bernoulli’s equation would indicate.

Figure 14 is a plot of the meridional streamlines in the space between the hub and
shroud surfaces of the first-stage impeller of a high-energy boiler feed pump in the
absence of blades. This was obtained from a computer solution via Katsanis’ pro-
gram'® of the inviscid axisymmetric flow field, which is governed by the following
equation:

wa T
RAUE f [
STRIFAMLINE PLOT
g0 4 from NASA Computer
Program MERIM. b 10
K atsanis"y
0T
Bl irailing wdye
il 1 "}j
o Lo
Local radins
. of cumvamure (R
0 of streunding|
an 4
’ Hlade leading edpe
in+
2 + + + + + + + + + t
ERli} -4.0 EER] -2, -4 thir 14
& - Streunt funeton o fraetion of total Toss that passes insand

af the cormespondingly numbered meridinal streamline.

FIGURE 14 Axisymmetric flow analysis for the distribution of meridional velocity V,, along the blade leading
edge (Eq. 51a)
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W Vo (51a)
dn R a
As the average value of V,, at the blade leading edge is about the same as its aver-
age V,in the eye, V, , can be estimated from the finite-difference form of this equation,
which expresses the change in V,, from shroud to hub in terms of an average radius of
curvature R of the meridional streamlines across the passage of width An from shroud
to hub in the n-direction (normal to the streamlines in Figure 14):

(51b)
Vo R

The estimated average R in Figure 14 is about twice the passage width An; so, by the
estimate of Eq. 51b, AV,,/V, = 3. If half this difference is between V, and V,, then
Via! Ve~ 1.25. The computer solution of the inviscid axisymmetric-flow Eq. 51a in this
bladeless passage yields AV,,/V, = 0.73 and V, ,,/V, = 1.45 at this location'¢. Now, refer-
ring to Table 1, raising V, ,;,/V, to the power 1.4 would produce the typical value of 1.69
given for k;, which implies that the exponent n = 1.4. However, two real effects oper-
ate to bias V,,/V, toward lesser values; namely, a) greater loss of total pressure of
flow entering the impeller along the shroud—due to wall friction and higher velocity,
and b) shifting of the flow away from the shroud due to the presence of the impeller
blades, which in conventional designs present the incoming flow with the greatest
incidence at the hub. This serendipitous state of affairs tends to bring the value of n
back toward 2. Moreover, the above estimate of V,,/V, = 1.25 from Eq. 51b is more
typical of the flow for which designers tend to set the impeller blades at the inlet.

These results are strongly influenced by the radius of curvature at the shroud R,
which in Figure 14 is about half of the passage width An. This accords with the guide-
line for R,

Shaping the hub profile compatibly with the guidelines as stated earlier. This is best
done after making an initial estimate of the shroud profile as outlined previously. The
distribution of meridional flow area from the eye to the exit should then be specified.
From this, a hub profile will emerge. As seen in Figures 13 and 14, the hub of a radial-
outflow impeller becomes essentially radial over the outer portion of its extent. If this
does not result from this procedure, appropriate adjustments can be made to the
shroud profile and the process repeated.

For a high-specific-speed, axial-flow impeller, or inducer, the hub profile is often a cone
or a reverse curve between a smaller radial location at inlet to a larger one at outlet,
the latter radius decreasing with increasing specific speed as mentioned earlier. A
cone or cylinder for the shroud profile is often found in such machines.

e) Construction of the blades. 'The blades are designed by 1) selecting the locus of the lead-
ing and trailing edges in the meridional plane, ii) establishing the surfaces of revolution
(streamwise lines in the meridional plane) from inlet to outlet along which the construc-
tion proceeds, iii) selecting the inlet angles, iv) selecting the outlet angles, v) establishing
the number of blades, and vi) obtaining the blade coordinates from inlet to outlet:

i.

Leading and trailing edge loci. If every point along the leading and trailing edges is
revolved about the axis of rotation so as to lie in one meridional plane, the loci of these
edges appear as shown in Figure 13 or 14. The outer or shroud end of the blade lead-
ing edge is positioned at or near the minimum radial location; that is, at or near the
eye plane, whereas the inner or hub end is typically well back and largely around the
corner along the hub profile. These locations are desirable; first, at the shroud, because
the absolute velocity V (typically = V,,) approaching the blade begins to decelerate
beyond the eye plane, so starting the blade ahead of this decelerating region tends to
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prevent separation of the fluid from the shroud surface due to the pumping action in
the blade channels'’; and secondly, being far enough along the hub in the streamwise
direction to avoid impractical blade shapes (excessive twist, rake, and so on) that
would make both the construction and the flow inefficient. The locus of the blade trail-
ing edges is normally straight in the meridional plane and is axial in orientation for
most centrifugal pumps. At the higher specific speeds, this locus becomes more and
more slanted until it takes on the nearly radial orientation it has for a propeller (Fig-
ure 9).
ii. Surfaces of revolution for blade construction. Developing the coordinates of the
blades along three streamwise surfaces of revolution—the hub, mean, and shroud,
whose intersections with the meridional plane appear as streamwise lines in that
plane—usually provides a sufficient framework for shaping the blades of an impeller.
However, for high specific-speed impellers, where the passage width in the meridional
plane An (Figure 14) is large (about equal to or greater that the meridional distance
from leading to trailing edge), definition along two intermediate surfaces of revolution
is also needed to achieve a satisfactory design.

The “mean” line is one that is representative of the flow from a one-dimensional
standpoint as well as for the construction of the blades. Precisely, this is the mass-
averaged or “50%” streamline (that is, the streamline for ¢ = 0.5 in Figure 14)—which
evenly divides the mass flow'”. This line is reasonably and conveniently approximated
by the “rms streamline;” that is, the line that would result in a uniform meridional
velocity distribution from hub to shroud and therefore equal areas 277rAn normal to
the meridional velocity component V,,. In this case, An (= Abd) is the spacing between
the rms streamline and the hub or shroud line. This would put each point on the mean
line at the root mean square radial position along a true normal to the meridional
streamlines; hence, the “rms” terminology.

iii. Inlet blade angles. 'The blade angles are set to match the inlet flow field. This is done
where each of the previously chosen surfaces of revolution (that intersect the merid-
ional plane in the streamwise lines just described) crosses the chosen locus of the
blade leading edges in the meridional plane. At each such crossing point, an inlet
velocity diagram of the type shown in Figure 3 is plotted in a plane tangent to the sur-
face of revolution at that point. (Figure 3, representing a purely radial-flow configu-
ration, is a view of such a plane, as the surfaces of revolution are then simply disks.)
Each such velocity diagram or triangle contains a specific value of the angle S,
between the relative velocity vector W, and the local blade speed vector U; = Qr;.

The corresponding blade angle 3, ; between the mean camber line of the blade and
the circumferential direction is set equal to 3;, or slightly higher than this to allow for
the higher V,, ; caused by non-zero blade thickness at the leading edge and to allow for
higher flow rates that may be called for at off-design conditions. To construct the tri-
angle, one first plots U, and then V,, ;, which is taken from an analysis such as that of
Figure 14 (altered as noted previously for the effect of the blades) or is chosen as the
mean value Q/27r,;b, (Figure 13) at the rms streamline. It is adjusted from experi-
ence at the shroud and hub. Likewise, if any prewhirl V, , is delivered to the impeller,
it must be taken into account as illustrated in Figure 3.

iv. Outlet blade angles. Whereas the inlet velocity diagrams enable the designer to cor-
rectly set the blades to receive the incoming fluid with minimum loss, the outlet veloc-
ity diagram displays the evidence—through the magnitude of the circumferential
velocity component V,, that the intended head will be delivered by the pump in accor-
dance with Eq. 15c. As shown in Figure 3, V,, is determined—for the given impeller
tip speed U,—by the exit relative flow angle f3;, in conjunction with the exit merid-
ional velocity component V,, ,. This value of V,, is somewhat larger than that given by
Eq. 16 because of a) blockage due to blade thickness and boundary layer displacement
thickness and b) the presence of any leakage flow @, (Figure 2 and Eq. 11) that may
also be flowing through the impeller exit plane or Station 2.

Well inward of the exit plane, the direction of the one-dimensional relative velocity
vector W can be assumed to be parallel to the blade surface; however, in the last third
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FIGURE 15 Impeller outlet velocity diagram

of the passage, the blade-to-blade distribution of the local relative velocity changes
due to the unloading of the blades at the exit. This produces a deviation of the direc-
tion of W, from that of the blade. This deviation, called “slip” in pumps, results in less
energy being delivered to the fluid by the impeller than would be the case if there were
“perfect guidance” such as would occur with an infinite number of blades. Accordingly,
in the outlet velocity diagram of Figure 15, the relative flow angle ;is less than the
blade angle 3,. This deviation is quantified by the “slip velocity” V.. The magnitude of
V. depends on the distribution of loading along the blades from inlet to exit and there-
fore on the geometry of the flow passages and the number of blades. (Without slip, W,
is the same as the “geometric” relative velocity W, , shown in the figure.) The slip fac-
tor u = V,/U,—typically between 0.1 and 0.2—was determined theoretically by Buse-
mann for frictionless flow through impellers with logarithmic-spiral blades
(constant-B from inlet to exit) and a two-dimensional, radial-flow geometry with par-
allel hub and shroud®®. Applicability of this theory to typical impellers, despite the dif-
ferences in geometry and the real fluid effects, was found to be good by Wiesner, who
represented Busemann’s results by the following convenient approximation'®:

_E_ V sin By

=5 = (52)

A broader, empirical slip correlation for pumps was developed by Pfleiderer, taking
into account impeller geometry and blade loading, as well as the influence of the down-
stream collecting system (volute or diffuser)®. Pfleiderer computes the slip velocity as
the product of a slip factor p and the impeller exit tangential velocity V,,, where p is
computed as shown in Table 2. This table also contains a simple example; namely, a
radial flow impeller of a volute pump, for which the resulting value of w is 0.1826—
versus 0.1498 via Eq. 52; however, in this case the latter result is low by about 15 per-
cent. A study of the Busemann plots in Wiesner’s paper yields u = 0.18. Yet, if this had
been a vaned-diffuser pump, Pfleiderer would have predicted u = 0.1468 for the same
impeller, as it would have delivered more V,, for the same B, ,, W, ,, and, therefore, V,,,
(Figure 15). This stems from the factor “a” in Table 2 having the value 0.6 (for a vaned
diffuser) instead of 0.8 (for a volute). So by this combination of circumstances—and in
this example—Eq. 52 describes the slip of a diffuser pump impeller. But, despite the
simplicity of Eq. 52, Pfleiderer’s method (Table 2) would appear to be a more rational,
comprehensive, and satisfying method for estimating slip in real pumps.

So, to find the outlet blade angle, the designer begins by deciding upon the required
value of V,,,; finds the exit flow angle and other elements of the diagram assuming the
existence of slip. Next, the designer computes the slip and then obtains the value of
the outlet blade angle B, ,. The process is iterative because the forementioned block-
age depends on the blade angle as well as the thickness.
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TABLE 2 Pfleiderer’s slip formula
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V. Number of blades. The choice of the number of impeller blades is influenced by a)
interaction of the flow and pressure fields of the impeller and adjacent vaned struc-
tures such as the volute tongues or diffuser vanes and b) the need to maintain smooth,
attached—and therefore efficient—fluid flow within the impeller passages. The effect
of the number of blades on the interaction phenomenon is addressed in the latter part
of this section under the topic of high-energy pumps, where this issue becomes criti-
cal. Smooth, attached flow is assured if the product of the number of blades and their
total arc length ¢ along a given meridional streamline, as illustrated in Figure 16, is
of sufficient magnitude. Divided by a representative circumference on that streamline,
usually that of the impeller outer diameter (OD), this product is called the solidity o

oy X €
o - (53)
27ry

In practice, solidity varies from about 1.8 at low specific speed (), < 0.4 or N, <
1093) to slightly less than unity at ), = 3 (N, = 8199). For example, Dicmas’ curve?! is
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FIGURE 16 Intersection of impeller blades with mean surface of revolution
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FIGURE 17 Relative velocity distributions.

useful for ), > 1 (V, > 2733). This limits the relative velocity reduction that occurs on
the blade surfaces. Illustrated in Figure 17, this reduction or diffusion arises from the
loading on the blades expressed in terms of the blade-to-blade relative velocity differ-
ence AW,:

W, = W(=AW,) = 57 % == (54)

P
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V.0 is the local meridional velocity component neglecting blockage. (One-dimension-
ally, V,, , is the value of V,, found from Eq. 16, where the radius r is that from the axis
of rotation to the center of the circle of diameter b in Figure 8, which in turn lies on
an imaginary line in Figure 8 that is normal to the hub, shroud, and intermediate
stream surfaces.) Here, AW, emerges by applying Bernoulli’s equation [Eq. 21 with no
change in radius (that is, no change in U) or loss as one traverses from pressure side
to suction side of the passage] to the static pressure difference p, — p, arising from the
delivery of angular momentum to the fluid (Eq. 26). This in turn results from the
application of the shaft torque to the blades. It is also assumed in the derivation of Eq.
54 that the blade-to-blade average relative velocity W lies halfway between the surface
velocities W, and W,, (which would exist just outside the boundary layers on the
blades,) as illustrated in Figure 17. This is a good assumption for efficient flow well
within a bladed channel?2. AW, is inversely proportional to the solidity because, on the
average, from inlet to outlet, Eq. 54 becomes

W, — W, = AW, ~ <M>A<L V,,) (55)

nyAm ry

where it can be seen from Figure 16 and Eq. 53 that the fraction involving the num-
ber of blades n, is the reciprocal of the solidity o because

¢ = Am/sin (56)

For unconventional impeller geometries, the foregoing solidity guidelines may be
inadequate to assure efficient flow. For any geometry, though, the concept of a diffu-
sion factor D, utilized by NACA researchers? to assess stationary cascades of airfoils
can be employed. In view of Egs. 53-56, their equation for D takes the following form
for both axial- and non-axial-flow geometries, rotating or not:

r
a W, 20W,

This can be deduced from Figure 17 as follows:

_ Wl - W2 AVVI) ( AVVdif'fusion>
D= """ ow, \" w, 68)

Then, Eq. 57 is obtained through the definitions of the average value of AW, (Eq. 55
with Eq. 56) and o (Eq. 53). NACA researchers found that losses increase rapidly if D
> 0.6. However, many centrifugal pump impellers have virtually the same value of rel-
ative velocity W at in and at outlet—along the rms streamline (Figure 17), so D from
Eq. 57 is less than 0.6 on the rms streamline and even negative along the hub stream-
line. This situation was encountered in accelerating (turbine) cascades and led to the
use of local diffusion factors, one for each side of the blade, namely D, and D,. Here,
inspection of Figure 17 and Eq. 58 leads to

W min W.
PR D=1
Ws, max

D,=1-

P W, 5 (59a and b)

where the 0.6 limit applies individually to D, and D,—or to the sum of the two, in
which case the limit is 1.2. Egs. 59a and 59b, therefore, constitute a more useful form
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of the diffusion factor concept for assessing the blade loading and the choice of the
number of blades in centrifugal pump impellers?.

Finally, the total blade length or number of blades, should not exceed that necessary
to limit the diffusion as just described, as this adds unnecessary skin friction drag,
which causes a reduction in efficiency. Thus the solidity values given in conjunction
with Eq. 53 should not be appreciably exceeded, unless blade load needs to be reduced
to lower levels, as with inducers to limit cavitation® or impellers for pumps that must
produce lower levels of pressure pulsations.

vi. Development of the blade shape. Blades are developed by defining the intersection of
the mean blade surface (really an imaginary surface) or camber line on one or more
nested surfaces of revolution. Two such surfaces are formed by the hub and shroud
profiles. If the blade shape is two-dimensional (that is, the same shape at all axial
positions z), the mean blade surface is completely defined by constructing it on only
one such surface of revolution. Generally, however, the shape is three-dimensional and
is a fit to the shapes constructed on two or more of these surfaces of revolution;
namely, the hub and shroud and usually at least one surface between them. After this
final shape is known, half of the blade thickness is added to each side. (Sometimes the
full blade thickness is added to one side only, meaning that the constructed surface
just mentioned ends up—usually—as the pressure side of the finished blade rather
than the mean or “camber” surface. The effective blade angles are then slightly dif-
ferent from those of the pressure side used in the construction process.) The con-
struction along a mean surface of revolution is illustrated in Figure 18. The
distribution of the local blade angle 3 (or more precisely, 3,) is found first by either the
“point-by-point” method or the conformal transformation method—both of which yield
the polar coordinates of the blade, 7; 6, and z. These coordinates also depend on the cho-
sen shapes of the intersections of the surfaces of revolution with the meridional plane;
that is, the hub, shroud, and mean meridional “streamline” or rms line, as in Figure
18c, and the fact that, on the surface of revolution Figure 18a, tan 8 = arc bc/arc ac =
dm/dy. The elemental tangential length dy (= arc ac) is the same on both the surface
of revolution (Figure 18a) and in the polar view (Figure 18b). From Figure 18b, it is
seen that dy = rd6, so the “wrap” angle 6 is found from
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FIGURE 18 Blade construction: a) view of construction surface of revolution; b) polar view; ¢) meridional view
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tan 8, = % (60)

and r and z are found from the fact that the coordinate m along each of the construc-
tion surfaces is a function of r and z (Figure 18c).

If the blade is two-dimensional, its mean surface consists of a series of straight-line
axial elements, each having a unique r and 6 at all z. Such a blade is typical of low-spe-
cific-speed, radial-flow impellers, and can be easily constructed by the “point-by-point”
method. Here, one specifies the distribution of W,—often linear as in Figure 17—after
determining the hub and shroud profiles and the corresponding distribution of V,,.
In effect, one obtains the distribution of the blade angle 8, by constructing a velocity
diagram like the one in Figure 15 at every m-location from inlet (1) to outlet (2) in Fig-
ure 18¢, dealing only with the “geometric” or non-deviated velocities, in order to get a
smooth variation of the blade angle 3, vs m. Allowance is made for blockage due to the
thickness of the blades and the displacement thickness of the boundary layers in the
passage. The resulting wrap angle 6 for each m-point—as well as the corresponding r
and z—is then found from Eq. 60. (For convenience in designing the blades, the con-
struction angle 0 is often taken as positive as one advances from impeller inlet to exit.
For most impellers, this turns out to be opposite to the direction of rotation; and 6 is
taken in the direction of rotation for most other purposes of pump design and analy-
sis.) As discussed previously in Paragraph iv and illustrated in Figure 17, the actual
flow will deviate from the resulting blade via the “slip” phenomenon.

The point-by-point method allows the designer to exercise control over the relative
velocity distributions on the blade surfaces (Eq. 54 and Figure 17) via specification of
the distribution of W, or other velocity component in Figure 15; for example, V. This
becomes more important if an unconventional impeller geometry is being developed”.

The point-by-point method can also be used for three-dimensional blades. A simple
approach in this respect would be to use this method to determine the blade shape
along the rms- or 50%-streamline (that is, on the mean surface of revolution depicted
in Figure 18). The shapes on the other streamlines, generally the hub and the shroud,
can also be found by this method. The resulting overall blade shape, however, is sub-
ject to the condition that the resulting wrap 0, — 6, cannot greatly differ on all
streamlines without the blade taking on a shape that is difficult to manufacture and
which may turn out to be structurally unsound or create additional flow losses. This
is because the final blade shape is the result of stacking the shapes that have been
established on the nested stream surfaces defined by these meridional streamlines.
Blade forces due to twists arising from this stacking could modify the expected flow
and cause unexpected diffusion losses.

One way to generate blade shapes along the hub and shroud that have the same
(or nearly the same) wrap as that obtained from point-by-point construction of the
blade on the mean surface of revolution is to establish the desired inlet and outlet
blade angles B, on each such surface and then mathematically fit a smooth shape
y(m) to these end and wrap conditions, where y is the tangential coordinate seen in
Figure 18 and defined in Figure 19. A conformal representation of the shapes of the
blades resulting from such a procedure on each of the three surfaces is seen in Fig-
ure 19. These shapes are sometimes called “grid-lines” or simply “grids”—from the
description of the graphical procedure that relates these shapes in the conformal
representation to those on the actual, physical surfaces*. In such a representation,
the blade angles are the same as they are on the physical surface of revolution
because tan B = dm/dy and dy = rd#, also yielding Eq. 60.

If the associated distributions of W, and V,, are smooth, one can expect to have a sat-
isfactory result if these conformal representations are also smooth. Thus, many skilled
designers bypass the computations just described for the point-by-point method and
use the conformal transformation method of blade design. Here, one simply estab-
lishes the grid-line shapes by eye in the conformal plane of Figure 19, specifying the
blade angles B at inlet and outlet by the previous procedures as the starting point for
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FIGURE 19 Conformal transformation of blade shape: “grid-lines”

drawing each grid-line. This conformal blade shape is then transformed onto the phys-
ical surface, the differential tangential distance dy becoming rd6 on the physical sur-
face (Figure 18) and the differential meridional distance dm being identical in both
the conformal and physical representations. If the resulting blade shape appears to be
unsatisfactory, the designer repeats this process, possibly first altering the hub and
shroud profiles or the blade leading and trailing edge locations on these profiles and
recomputing the B’s.

Designing the Collector The fluid emerging from the impeller is conducted to the
pump discharge port or entry to another stage by the collecting configuration, which can
employ one or more of the following elements in combination: a) volutes, which can be
used for designs of all specific speeds, b) diffuser or stator vanes, which are often more
economical of space in high-specific-speed single-stage pumps and in multistage pumps,
and for the latter, ¢) return or crossover passages, which bring the fluid from the volute
or diffuser to the eye of the next-stage impeller. Generally, the most efficient impeller has
a steady internal relative flow field as it rotates in proximity to these configurations. This
is assured by all of these elements because they are designed to maintain uniform static
pressure around the impeller periphery—at least at the design point or BEP. An excep-
tion to this rule is the concentric, “doughnut”-type, “circular-volute” collector, which is used
on small pumps or in special instances where the uniform pressure condition is desired
at zero flow rate.

The proximity of stationary vanes in these collecting configurations to the impeller must
be considered in their design. Called “Gap B,” the meridional clearance between the exit of
the impeller blades and adjacent vanes ranges from 4 to 15 percent of the impeller radius,
volutes having higher values in this range than diffusers, and pumps of higher energy level
requiring the larger values. If these gaps are too small, the interactions of the pressure fields
of the adjacent blade and vane rows passing each other can cause vibration and structural
failure of impeller blades, diffuser vanes, and volute tongues.

a) Volutes. A volute is built by distributing its cross-sectional area on a “base circle” that
touches the tongue or “cutwater” and is meridionally removed from the impeller exit by
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FIGURE 20 Volute casing: a) polar view; b) meridional view including Section A-A of throat T

Gap B. (For radial-discharge impellers, as in Figure 20, this is a radial gap, and the base
circle has radius r,.) Beginning at the tongue, the cross-sectional area A, of the volute pas-
sage is zero, but it increases with angle 6 in the direction of rotation, ending up at area
Ar in the “throat” T, as depicted in Figure 20. Worster demonstrated that the desired
peripheral uniformity of static pressure can be achieved if the product rV, is constant
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everywhere in the volute?. One-dimensionally, this means that r;V,, = r;V,,; and, if the
velocity Vi is essentially tangential (in the 6-direction), r+V; = r,V,,. The diffusion or
reduction of the velocity V from the impeller periphery at r, to the larger r; of the throat
produces a static pressure increase above that at the impeller exit; however, friction losses
in the volute would cause a reduction in static pressure around the impeller at r, from
tongue to throat unless the throat area A, = @/ VT is slightly enlarged, creating a little
more diffusion to compensate for this loss. Thus, in practice, at the BEP,

reVyp= (0.9 to 0.95) X r,V, » 61)

At off-BEP conditions, the volute will be either too large or too small and Eq. 61 will not
be satisfied. When the flow coefficient (or @/N) drops below the BEP value, there will be
excessive diffusion and an increase of static pressure around the volute from the zero area
point around to the maximum area point at the throat. Proceeding around further, past
the throat, a sudden drop in pressure occurs across the tongue to bring the pressure back
to what it was at the starting point?. The opposite situation occurs above BEP.

Each of these off-BEP circumferential static pressure distributions is properly
viewed as the consequence of a mismatch between the head-versus-flow characteristics
of the impeller and volute?. For the impeller, there is the falling, straight, H,-versus-@
line or “impeller line” of Figure 6, whereas the volute characteristic or “casing line”
would be a straight line starting at the origin of Figure 6 and crossing the impeller line
at the match point, which is generally at or close to the BEP flow rate. This casing line
is straight because the throat velocity V; varies directly with flow rate @ and, through
Eq. 61, directly with the ideal head H,—because () X r,V,, = H, (Eq. 15b for V,;, = 0). In
other Words the same volute could be optimum at a different value of Q if it were paired
with another impeller whose H;-versus-@ line crossed this same casing line at that dif-
ferent Q.

To essentially eliminate the consequent radial thrust on the impellers of large pumps
at off-BEP conditions, a double volute is used; that is, there are two throats, 180 degrees
apart, there being either two discharge ports or a connecting “back channel” to carry the
fluid from one of the throats around to join the flow emerging from the other—to form a
single discharge port.

The value of the volute cross-sectional area A, at a given polar position 6, can be found
for the portion of the total pump flow rate @ being carried in the volute at that 6,-position
together with the condition V, = constant versus radius. This will produce a distribution
A,(0) that is slightly below a straight-line variation versus 6, from zero to A;. Often, the
practice is to use the latter straight-line design because this produces larger values of A,
where the hydraulic radius of the volute is small, thus compensating for the greater fric-
tion loss in that region through lower velocity—particularly for the smaller pump sizes. The
cross-sectional shape of the volute is dictated by the need to make a minimum-loss transi-
tion from a small area at the beginning of the volute where the height (as can be deduced
from Figure 20b) is much smaller than the width b, to the throat, for which the height (to
the outer casing wall at r,,) and the width b,,,, are more nearly equal. Too small an aspect
ratio (height/width) decreases the hydraulic diameter too much and increases the loss.
There is another transition from the throat through an essentially conical diffuser (which
may negotiate a turn) to a larger, circular exit port. This diffuser can be designed with the
help of charts of flow elements and will normally have a 7-deg. angle of divergence and a
discharge area up to twice that of the throat A;*. Thus, there is a substantial diffusion from
the impeller periphery to the pump or stage exit port. This generally produces a static pres-
sure rise in the collection system that is 20 to 25 percent of that of the whole stage.

b) Vaned diffusers. A vaned diffuser is rotationally symmetric and, if properly applied,
produces minimal radial thrust over the whole flow rate range of a pump. Although diffu-
sion can be accomplished in a radial outflow configuration without vanes due to the essen-
tial constancy of the angular momentum per unit mass rV,, one rarely finds a pump with
a vaneless diffuser, partly because so much radial distance is needed to effect the reduc-
tion of tangential velocity required, as well as the still larger volute needed on single-stage
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FIGURE 21 Vaned diffuser

pumps to collect the fluid at the exit of such a diffuser. Also, the absolute flow angle «, (Fig-
ure 15) of the fluid leaving the impeller is usually too small to satisfy the conditions for
stall-free flow in a vaneless diffuser?. A vaned diffuser, on the other hand, can accomplish
the reduction of velocity in a shorter radial distance. Also it can diffuse axially and, to a
degree, even with radially inward flow.

Vaned diffusers are similar to multiple volutes in concept, except they are subject to off-
design flow instabilities if not shaped correctly. Width b, is usually slightly greater than
b, in order to accommodate discrepancies in the axial positions of impellers that feed them.
With reference to Figure 21, “Gap B” (= r; — r,) is in effect a short vaneless diffuser, and
by the time the fluid has reached the throat (the dashed line at Station 4), it has gained a
substantial portion of the static pressure recovery that takes place via diffusion from Sta-
tion 2 to Station “ex.” This “pre-diffusion” is enhanced by the fact that the throat area at
Station 4 (= b,w, per passage for parallel-walled radial-flow diffusers) is larger than it is
for volutes, the following relation applying to diffusers®:

reVp= 0.8r5V, (62)

Therefore, more diffusion than would result from applying Eq. 61 occurs in a vaned dif-
fuser, the skin friction loss due to an otherwise higher velocity at the throat being offset by
an efficient reduction of the velocity up to that point and a lower velocity onward.

The fully vaned portion from throat to exit (Figure 21), which performs most of the rest
of the diffusion and associated static pressure recovery of the stage, is designed to perform
efficiently and maintain stable flow. For typical radial-flow geometries with parallel walls,
the vanes can be of constant thickness and comparatively thin or can thicken up to form
“islands.” The latter approach usually produces a channel that is two-dimensional with
straight sides diverging at an included angle, length-to-entrance width ¢/w,, and area ratio
A,./A;1in a combination that avoids appreciable stall®®. A typical combination is an included
angle of 113 deg., €/w, = 4, and A,./A, = 1.8, which also applies for vanes of constant thick-
ness, as illustrated in Figure 21. Constant thickness vanes have curvature. This modifies the
performance somewhat?®?2, but it allows a smaller overall radius ratio of the diffuser, r,/rs.

Also, this ratio r./r; will be smaller as the number of vanes n, increases. The best expe-
rience seems to be with diffusers that have only a few more vanes than the number of
impeller blades n, (n, rarely exceeds 7 in traditional commercial pumps). For pumps of
higher energy levels (or high head per stage, as discussed further on in connection with
high-energy pumps), it is important that n, be chosen so as to avoid a difference of 0 or 1
between n, and n, or their multiples—up to at least the third multiple or “order” of each.
A difference of 2 should also be avoided for at least the lower orders®.

At off-design flow-coefficients (or off-design flow rate at a constant speed), the angle «
of the absolute velocity vector V (Figure 15) approaching the diffuser will vary; yet, for typ-
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ical stages, a wide range of flow coefficient is possible without damaging instabilities, even
at high energy levels. This is likely the case because « is rather small at the design point
or BEP (except for designs having high specific speed), so variations of the angle that occur
with flow changes are within the unstalled performance range of the diffuser vane system.

¢) Return passages. Conducting the relatively low-velocity fluid from the diffuser to the
eye of the next impeller in a multistage pump is accomplished with return vanes or pas-
sages that also deswirl the fluid wholly or partially. Except for development of stall in the
diffuser, these passages will not see a changing angle of the approaching velocity vector
because the diffuser feeding them is a stationary element. In radial-flow pumps, there is
a sharp turn in the meridional plane in order to redirect the fluid inward. The fluid, still
possessing a circumferential component of velocity that is greater than the meridional
component, actually sees a much gentler turn. However, downstream of this point, a sharp
turn of the blades is invariably a feature of a return passage; and this, together with the
need to ensure undistorted flow into the following impeller, often dictates that the vane
system accelerate the fluid as it approaches the eye. Although losses in the return pas-
sages—Dbeing related to the low velocity within them—have a minor effect on the overall
stage efficiency, the design of such passages must ensure unstalled flow into the impeller in
order to avoid the negative impact of a distorted inlet flow on the efficiency and to promote
pulsation-free operation of the impeller.

A variety of return-passage geometries exist, some of which are presented in the litera-
ture 2%, The continuous-vane type is integral with the upstream diffuser, thereby eliminat-
ing the entry losses into yet another vane system after the diffuser***. Improvements in
manufacturing technology have made this potentially more efficient approach more viable
for radial machinery. The continuous-vane concept is standard practice in the design of
mixed-flow “bowl”-type pumps?'. The diffusing stator vane row that receives the fluid from
the impeller of an axial-flow pump—Dbeing an axial-flow element itself—possesses the return
feature already. Diffusion in axial-flow stators is typically accomplished by a reduction in
velocity of about 30 to 40 percent. The actual value is governed by an acceptable level of the
diffusion factor, Eq. 57. (A similar reduction in relative velocity is needed for an axial-flow
impeller to generate static pressure, as can be seen from Eq. 21. By comparison, centrifugal
impellers, on the rms streamline, usually have W, about equal to W;—as seen in Figure 17.)

Axial-Flow Pumps The preceding development, though general, is applicable mainly to
centrifugal and mixed-flow pumps. In that procedure, the impellers have appreciable solid-
ity, and original blade shapes are constructed from the viewpoint of one- or two-dimensional
channel flow. The collectors are often volutes or non-axial-flow vane systems. Performance
is not known a priori and so must be estimated, as outlined further on. On the other hand,
the extensive two-dimensional, experimental, axial-flow cascade data amassed by NACA
researchers? and others enables the designer to adopt existing airfoil blade shapes and so
predict the performance with greater confidence. The procedure for utilizing these shapes
and the corresponding experimental results has long been the basis for designing axial-
flow compressors for gas-turbine engines and is clearly described by Hill and Peterson®.
This approach is widely used, especially for high-specific-speed, low-solidity axial-flow pro-
peller pumps—in designing both rotating and stationary blade rows. Insights for propeller
pump design and performance characteristics can be found in Stepanoff*.

An exception to this axial-flow pump design approach is the case of inducers. Although
they are axial flow pumps, they have high solidity and are usually designed as channel-
flow machines. The design philosophy outlined in the preceding paragraphs is applicable,
except that the blades usually approximate constant- or variable-pitch helices. Perfor-
mance prediction is generally accomplished via one-dimensional calculations and the cor-
relations described in the following paragraphs.

PREDICTING THE PERFORMANCE CURVES

The choices made in the foregoing design procedures can and should be verified analyti-
cally, the objectives being first to generate the performance characteristic curves for head
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and power at constant speed and second to ensure stable behavior of the various systems
in which the pump is to be applied. For the first objective, the solution involves analytical
or empirical approaches: a) at non-recirculating flow conditions; that is, from flow rates @
somewhat below Qgpp out to the maximum “runout” flow rate, b) at shut-off (@ = 0) and
low flow, or c¢) the complete set of curves for a given pump predicted by means of
computational fluid dynamics (CFD).

Generating Performance Curves The fluid dynamical limitation on the deceleration
of the relative velocity W determines the shape of the head-versus-flow curves. This is
inherent in the choice made for the head coefficient ¢ in Figure 12, which sizes the
impeller and is illustrated in Figure 22. The typical situation of zero (or nearly so) inlet
whirl V,; = 0 means that the ideal head coefficient ¢; equals the most significant ratio of
the outlet velocity diagram because from Eqs. 15 and 31 (with for V,; = 0):

3 (Vi 2/Us)

ideal — (63)
Yideal 0

Voo
¥ = My Yideal = Nay U
2

(64)

Figure 22 illustrates how specific speed (), affects the BEP value of ¢; and therefore .
Overall, only a small reduction of W occurs in most impellers. So, at low (), the low value
of W, associated with the small eye relative to the maximum diameter (Figure 9) enables
the outlet velocity diagram (Figure 22a) to have a high value of V, ,/U,. On the other hand,
this ratio drops as (), increases and the eye grows to be as large as the maximum diame-
ter of the wheel. Figure 22b is the result because the value of i at shut-off (about 3) is not
based on the one-dimensional concept of velocity diagrams but primarily on the pressure
generated by solid body rotation of stalled (though recirculating) fluid contained within
the impeller. The BEP values of ¢ in Figure 22b are consistent with Figure 12 and illus-
trate why a high-specific-speed impeller has such a substantial “rise to shut-off” of the
head curve. This is dramatically illustrated in Figures 8-10 of Section 2.3.1 in which the
head curves are normalized to that of the BEP%.

a) Non-recirculating flows. The BEP efficiency and head can be determined from corre-
lations for typical pumps or from computation of the losses. Fluid dynamic procedures
described in this section can be used to determine the shapes of the head and power curves
at all flow rates to runout, using the BEP as an anchor point for such computations. For
pumps designed conventionally, beginning with Figure 12, Anderson’s overall (BEP) effi-
ciency correlation (Eq. 44) as modified in Figure 10 is useful. Other similar charts, espe-
cially Figure 6 in Section 2.3.1, are in widespread use. The breakdown of the losses
involved, as expressed by Egs. 8-11, is quantified through the development of the three
component efficiencies nyy, 1,,, and 7, in Table 3. All three decrease with decreasing spe-
cific speed—as might be expected from the charts just mentioned.

This can be seen in the ny-expression (a) of Table 3 because ¢; is greater at low (), as
discussed relative to Figure 22. Jekat’s n,y-expression (b) of the table works surprisingly
well, largely because of the flow effect in Figure 9 (explained there as the “size effect” of
larger relative roughness and clearances in smaller pumps) and because low (), tends to
go hand-in-hand with low flow rate Q.

To compute ngy at @ # Qggp (and, if required, at @ = Qygp as well), it is necessary to go
deeper into the prediction of 1y by developing expressions for the losses noted in Eq. 21,
which are basically expansions of the expression for the collector loss coefficient {2 and
for the impeller loss expression (c) of Table 3%7. In this expression, the incidence loss coef-
ficient & can be obtained from cascade data or developed as a combination of a turning and
a sudden expansion loss*®?7. The “pipe-type friction factor” f can be increased to include
secondary flow and diffusion losses due to blade loading (or turning®® of the absolute veloc-
ity vector V). The resulting f-value can thus be twice the usual pipe value associated with
the skin friction losses in the passage. (The pipe value of fis found from the well-known
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FIGURE 22 Performance versus specific speed: a) velocity diagrams at BEP; b) head-versus flow curves.

pipe friction chart—Figure 31 in Section 8.1—by substituting a representative average
passage hydraulic diameter D, = 44,/ for the pipe diameter d.) A further increase in
this f~value occurs if the impeller is missing one or both rotating shrouds; that is, it is a
semi- or fully-open impeller with blade tip leakage losses appearing in the main flow
stream®. Multiphase flows in pumps often are accompanied by greater than normal
hydraulic losses; for example, increasing the concentration of solids in the carrier liquid
flowing through a slurry pump increases the f-value still further*’ (see Section 9.16.2).
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Quasi three-dimensional (Q3D) analysis*! affords an assessment of the secondary flow
and diffusion losses and gives results similar to inviscid three-dimensional (3D) flow
analysis. Q3D analysis starts by solving the 2D meridional (hub-to-shroud) flow field—as
in Figure 14, but with blades present. This is followed by a series of 2D blade-to-blade

TABLE 3 Component efficiency expressions developed

A) Hydraulic Efficiency

Breaking up the main flow losses into_impeller (including inlet)
v2
and collector losses ZLi =Limp+L¢ anddefining Lo =& 72 , where &
i
is the collector loss coefficient or fraction of V,%2 not converted into static pressure rise in the
collector, we have (Eq. 10)

2L Limp CCVZZ/Z
Nuy =1- =1- - IR
A(UV) 4(UVy) A(UVy)
_— Y . 4
m . Via | 9i2°
2 2y

or, for no inlet whirl (Vg =0) y; =y, :1231

i ﬁ] @

Nay = M1 —&¢ [7 2

Z = Ve2/Uz
Vi2 v
Impeller hydraulic ~ CCollector loss: Vo/U _)' 0in = Sm2
efficiency: /D< .
(vi/2 predominates)
(M1 = 0.90-095) (e ~02-03) L—f 1 —Q

Practical experience (roughness € constant for all sizes) yields the formula by W K. Jekat:
025
NMuy ~1- 0-8/[Q (gpm)] (b)

or Ny ~1- 0.071/[Q (m3/s)]0'25

at all specific speeds.

However a deeper analysis treats losses Limp as follows:

2 2
W, N 4
Limp =k ——+f— — c
imp 5 B Dh ()

where D, = passage hydraulic diameter,
¢ = passage length

f = pipe-type friction factor
k  =incidence loss coefficient
W2 =the average square of the relative velocity within the passage along the rms

or mean meridional streamline
W, = relative velocity just upstream of the impeller blades on the rms streamline
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TABLE 3 Continued.

B) Mechanical Efficiency

From Eq. 9,
Bearing &
Seals
=
_P-(Ppr+Ppgs) _ . Ppr+Ppes
Mm = =1- (d)
P P,
Cm 3.5
Ppp=—="=pQ7ry (e)
Disk Friction
02 .
Qry 52 Typically Cy, = 0.004
Where (for two sides of disk) C, = 0.085 > (atRg =43x 106) ()
T
R,

e
Shaft Power

_ pgAH _ v Qgp QBY:,ZS

PS
Mp Mp

2..5/2
Q /2 Q" y
Qs = 5 = Qs2 ‘|’3 =P = k PQBrI,ZS
Ql‘t’z Mp

(e)

Combining the usually smaller Pggs with Ppr , Eq. (d) (with e, f and g ) becomes

M= 1 (Cm/z)>< Tp (h)
m=1l-—""F
Qsz WS/Z
C) Volumetric Efficiency
From Eq. 11,
Q 1 .
Ny = ~ J
YooQ+QL @

2
Lys| RAZS
Q" vy
The clearance ratio 6/rgr is typically 0.001 to 0.002

[Leakage back to impeller inlet across two rings (front and back) essentially doubles the
leakage loss, changing the value 5 in Equation (j) to 10.]

inviscid solutions*?, each on a surface of revolution generated by one of the meridional
streamlines of the hub-to-shroud 2D solution and producing results like that of Figure 17.
From this, one computes the diffusion factors (Eqs. 57-59) and decides whether the diffu-
sion losses are significant—in which case a redesign is in order, followed by a further Q3D
evaluation. This type of iterative design approach for impeller blading has led some
designers to combine Q3D analysis with an “inverse” design approach and a performance
prediction scheme as discussed in this subsection. Here, in distinction to the more common
“direct” choice of the conformal blade shape (Figure 19) between inlet and outlet as
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described in paragraph (e) (vi) under “Designing the Impeller,” one specifies the distribu-
tion of fluid dynamical quantities from inlet to outlet—such as UV, or W—and finally pro-
duces the corresponding blading'”*%. In this sense, specifying W, as described in the same
paragraph (e) (vi) is an inverse design procedure.

Mechanical efficiency m,, as stated earlier, is largely the result of impeller disk friction.
If the drag of bearings and seals is added, as in Eq. (d) of Table 3, the moment coefficient
C,, in the disk friction formula (e) can be increased over known disk friction values** to
include these effects. (On the other hand, the drag power loss of shaft seals, though usually
quite small, is generally directly proportional to speed. Such losses can therefore be sig-
nificant in small pumps running at lower-than-normal speeds.) The C,,-expression given in
Formula (f) reflects this adjustment and includes the drag on both sides of a smooth
impeller for a typical clearance ratio s/a = 0.05, where a is the disc radius. This works well
for most impellers: The drag at the ring fits roughly compensates for the fact that the
impeller eye has been cut out of the disk, and so on. (There is very little influence on C,, of
the gap width s between impeller shroud and casing wall, C,, being proportional to (s/a)’!
in general*. For very small s/a, C,, instead grows as s/a decreases; see Refs. 44 and 45 for
formulas.)

The value of C,, can be even larger for semi- or fully-open impellers, if the neighboring
fluid is rotating faster relative to the wall—as is the case with radial-bladed open impellers.
The fluid between a shrouded impeller and adjacent wall, on the other hand, rotates at half
speed*. (In cases where the impeller surface and adjacent wall are both rough, C,, is larger
than just discussed®.) Finally, notice in Eq. (h) that very low specific speed (), produces a
dramatically low value of n,,. This drives ¢ to the larger values of Figure 12 at low (),—also
dictated by the W-deceleration considerations per Figure 22. Overall there is a benefit,
despite possibly lower 1y [Eq. (a)] due to the consequently greater ; and collector loss.

Volumetric efficiency m, applies to leakage across impeller shroud rings or “neck rings”
and balancing drums. Eq. (j) in Table 3 is an approximation for the leakage across a typi-
cal ring of a closed-impeller pump, assuming orifice-type flow at a discharge coefficient of
1 as reported by Stepanofft. Referring to Figure 2, leakage @;, occurs at r = rg, (rz being
approximately 1.2 times r,) under a pressure difference across the ring of about 2 that of
the pump stage. If the shroud is removed and the open blades are fitted closely to the adja-
cent wall, as with open impellers, the consequent leakage from one impeller passage to the
next across the blade tips does not affect 7n,, and Eq. (j) should be modified accordingly.
Rather, the tip leakage causes a hydraulic efficiency loss as previously discussed. Finally,
as with 7,,, Eq. (j) indicates that low-(), pumps have low 7,.

At flow rates @ other than Qggp, the analytical methods described previously for com-
puting the hydraulic efficiency are utilized, together with computation of the inlet and
outlet velocity diagrams, which yield the ideal head and power curves as illustrated in
Figure 6. In this procedure, the slip velocity V, (Figure 15) applies to the BEP and, at other
flow rates, the exit relative flow angle 3;, can be assumed constant. This accords with the
fact that V, for the narrower active jet at low flow rates must be smaller. A blockage model
for the thickening wakes and narrower active jets that develop as @ is decreased can be
introduced to compute the one-dimensional velocity diagrams, but ignoring this at non-
recirculating flow rates appears not to be serious in determining the shapes of the head
and power curves.

b) Shut-off and low flow. The foregoing analyses apply over that portion of the flow rate
range that does not involve recirculation, as illustrated in Figure 6. The complexity of
recirculation has not been readily handled analytically, and this has forced pump design-
ers to estimate the low-flow end of the H-@ curve with the help of empirical correlations.
Nevertheless, insightful fluid dynamical reasoning about the physics of the flow have led
to useful expressions for the head developed and the power consumed at shut-off. Shut-
off, then, in addition to the BEP, becomes the other anchor point of the head and power
curves; and this—together with the shapes established for these curves at the higher flow
rates—gives the analyst an idea of the intervening shapes.

Shut-off head H, can be viewed as the sum of two effects occurring at @ = 0, each being
represented by a term in this equation:
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kimp X (1]12,2 - U;Zl,l) kex X U%

Hs/o = 2g + 2g (65)
or
2 2
) 1
Rimp % <7 - T)
ry ry kex
'st/o = 2 - 2 (66)

where the first term is the centrifugal effect of essentially solid body rotation of the fluid
confined within the impeller; and the second term is the pitot effect of the recirculating
fluid from the impeller that impinges against the volute or diffuser throats which in turn
are connected through stagnant fluid to the exit port of the pump. While the factors %,
and k., associated with these effects vary with the hydraulic configuration, the values
involved can be estimated as follows: &, ~ 1, as the radial equation of motion® would indi-
cate for fluid rotating at (r everywhere within the blades, i.e., for r,,, <r <r,, (Fig. 8).
Thus, as indicated by Egs. 65 and 66, increasing the minimum radius of the blades at inlet
75,1 tends to reduce the shut-off head. However, the presence or absence of fluid swirl in the
region upstream of the impeller blades at shut-off has been found experimentally to affect
the value of &;,,, in surprising ways—sometimes increasing it above unity in such a way as
to minimize the effect on shut-off head of any non-zero value of r, ;. The value of &,
depends on (ry — ry)/r,, or “Gap B” and other features of the impeller exit and collector
geometry. It is usually in the range 0.2 + 0.1, any change in the geometry that increases
the shut-off power coefficient (see below) raising k., by driving more recirculating flow
from the impeller against the volute or diffuser throats. Thus the shut-off head coefficient
./, (Bq. 66) for typical radial-flow pumps generally exceeds 3, the value of 0.585 being
advanced by Stepanoff*. Estimates for ,,, are also indicated in Fig. 22b.

Shut-off power consumption P, includes disk, bearing, and seal drag power P, and
that which drives the recirculation P, The latter is generally dominant by far. From
similarity arguments (Eq. 33), the shut-off power coefficient

p,

~ s/o

PS o =
T pir

(67)

is a constant for a given pump geometry. Mockridge, in a discussion attached to an ASME
paper by Stepanoff, reasoned that a wider impeller (larger b, at the same diameter D,)
would recirculate more fluid at shut-off and therefore have a higher value of this coeffi-
cient. His correlation is shown in Figure 23 and is probably the most significant quanti-
tative result available for predicting the performance of centrifugal pumps at shut-off
conditions®.

¢) Complete prediction via CFD. The uncertainties that have characterized the predic-
tion of pump performance are now being overcome through advances in computational
fluid dynamics. CFD entails three-dimensional solution of the flow fields within pumps
via the Reynolds-averaged Navier-Stokes equations. Graf demonstrated the ability of a
CFD computer code to calculate recirculation, the consequent prediction of the head curve
for the impeller comparing favorably with experimental data*. The resulting distorted
flows entering and leaving adjacent systems of impeller blades and stator vanes produce
time-varying boundary conditions on each, the associated computational grids also mov-
ing relative to each other. This involves extensive, time-dependent computation. To pro-
vide solutions quickly on conventional, storage- and speed-limited workstations, some
steady-flow codes treat these interfaces by circumferentially averaging the conditions at
each point of the blade and vane leading and trailing edges as they appear in the merid-
ional plane. Even with this simplification, pump analysts can now predict the entire per-
formance curve of head within about two percent and the power curve with slightly less
accuracy’.
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The design task therefore resolves itself into an iteration between an efficient geometry-
generating scheme and a rapid CFD flow and performance analysis of the geometry
resulting from each iteration®®. This is especially useful if a non-traditional geometry is
involved, or if an efficient design is sought that will produce a desired performance curve
shape. Nevertheless, many turbomachinery designers can make more rapid and valid
judgments about their respective classes of machines through the time-honored iteration
between a proprietary direct or inverse design and performance-prediction scheme and
inviscid quasi-3D analysis 443, They have developed reliable diffusion criteria (computed,
for example, from Eqs. 59a and 59b) for interpreting the acceptability of the free-stream
relative velocity distributions W, and W, on the blade surfaces (Figure 17) produced by the
Q3D blade-to-blade solutions*?. Because CFD codes solve the actual viscous flow field, the
boundary condition on the blade surface is zero relative velocity. This can be at least partly
overcome by displaying the CFD-distributions of pressures on the blade surfaces, the
interpretation of which would require knowledge of the corresponding criteria for these
pressures®. Also, the velocities at the edge of the boundary layer could be extracted from
the CFD solution and displayed in familiar terms. A useful design approach for the present
may therefore be to a) produce the final design by the more traditional methods and b) pre-
dict the performance curves via CFD*.

Predicting Axial Thrust The prediction of pump performance is not truly complete
without the corresponding prediction of the hydrodynamic axial and radial thrust that the
impeller(s) can be expected to encounter. A comprehensive treatment of radial thrust
appears in Section 2.3.1, and a review of axial thrust and thrust balancing devices is cov-
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ered in Section 2.2.1. However, obscure flow phenomena can profoundly affect the radial
distributions of pressure on the outside surfaces of a shrouded impeller that give rise to
the net axial thrust. These phenomena become even more complex when discharge recir-
culation occurs and can cause adverse mechanical response in high-energy pumps, as will
be explained further on. As a basis for tackling such problems, the fundamentals of axial
thrust are presented in Table 4 for shrouded centrifugal impellers that have leaking fluid
flowing in the gaps between the impeller shrouds and the adjacent casing walls. The pos-
itive direction of the thrust T is taken toward the suction or eye of the single-suction
impeller shown. The incoming axial momentum pQV’, is generally quite small for radial
impellers and has been omitted from the Table. It serves, however, to reduce T

The centrifugal effect of the fluid spinning in the sidewall gaps causes a reduction in
static pressure from the outer periphery (OD) of the impeller to the sealing ring, and this

TABLE 4 Leakage effects on axial thrusts

gap
Thrust = (T - Tf) Dstgs. ~ Islv T *I.I |~s
@
T
where T = J max 2nrpdr ? §
Tmin
2> p Vo ring \®$
where p = p, - [ £ 25 _gr ry
T
r
and p and Vg oy, are determined as follows in the Q I L
absence of vanes in the gap: __t) Z - -

A) For zero leakage flow, fluid outside impeller rotates at

half speed;i.e.,at %5; namely, Ve,gap = 921 ; so that

2 2 2
o Vo, : sz o Q1" -1
Po = Pi = J.lp iﬂp dr= 4 _[irdr =p ( 8 )

or

2
P n2.2 s
Po—Pi = g Q7 {1—(ﬁJ:|

Note: This is 1/4 of what (p,-p;) would be if
v —or full wheel speed -as on the front
.gap ~ side of a semi-open impeller

2
then, one gets (p, - p;) = % Q? ro2 {1 N [:—‘) :|
B) For non-zero leakage

1) Inflow: Vg g, averages to be > half speed

= greater (p, — pi) than at half speed (or zero leakage)

2) Outflow: Vg, g4 averages to be < half speed

= nearly constant pressure from (p, — pi)
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TABLE 4 Continued.

Specifically,

r
Qr) % finflow [r_’(blkg) % fwidth
2

where Vg ooy = qor

Qr x foutflow ((leg) x fwidth

Qleak Interaction of
where Dy, = —ea——;&e‘ = 4 leakage and
Ql‘z

pressure at ring

where Qleakage = /L (Z’ 3, Q, v, Apring)
Sinflow = (0-5 - 4% ’(leg Df% + ?[‘leg)

Soutflow = 05 - 100‘ (leg!

VAZ+A-A

SFwidh = 03

where A =1/[5s/r;]

is quantified in the expressions given for the swirl velocity component V,. These expres-
sions are curve fits to experimental data for the leakage flowing radially inward on either
or both sides of the impeller® and for outflowing leakage as occurs on the back side (away
from the “front” or suction side) of multistage pump impellers due to the higher pressure
arising from the diffusing system downstream of each impeller®. In the absence of leak-
age, the fluid in the sidewall gap rotates at about half the local impeller wheel speed; that
is, V, = Qr/2, and this half speed is typical of the gap flow near the impeller OD, even in
the presence of leakage. The greater the inflow leakage, the lower the pressure becomes at
the entrance to the ring clearance. The major effect is that of swirl or the tangential com-
ponent of velocity V,, which varies inversely with radius unless casing wall drag interferes.
More leakage flow is less influenced by this drag and so experiences a greater centrifugal
effect. This in turn means more pressure drop from OD to ring. (The leakage rate, of
course, is affected, the solutions for both leakage and pressure distribution being linked
and usually requiring iteration.) The opposite effect happens for outflow on the back side
of multistage pump impellers. Here the fluid enters the sidewall gap at a small radius (see
Section 2.2.1) and so with negligible swirl. It flows outward without picking up much swirl,
especially if there is substantial radial outflow leakage, which means the centrifugal effect
is small, yielding a nearly constant pressure versus radius. The overall result is more net
thrust than might be expected from a cursory look at the pressure-loaded surfaces.

If wear ring clearances increase during the life of the pump, the net thrust of multi-
stage pump impellers increases. Likewise, unequal ring wear leads to uncertain changes
in the thrust of a “balanced” single- or double-suction impeller with inflow to wear rings
on both sides. Similarly, these theories can be applied to balancing drums and other such
devices described in Section 2.2.1.

Integration of the pressure equation in Table 4 becomes a chore unless the whole the-
ory is computerized. A quick estimate of the thrust is possible, however, if the distributions
of pressure in the separable domains of the surfaces are assumed to be linear; in that case,
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TABLE 5 Approximate axial thrust calculation
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the integration is simple and yields the closed-form results of Table 5. This table also indi-
cates how to account for each element of the thrust, including the axial momentum terms,
which become significant for higher-specific-speed mixed-flow impellers. In all cases, in
order to proceed with the calculation, the static pressure at the impeller OD must be
known, as it is from the boundary condition imposed at the OD that the rest of the pres-
sure distribution emerges. Even for substantial leakage, the pressure drop of the fluid
entering the sidewall gaps from the impeller exit is small or negligible; therefore, the
impeller pressure essentially applies in the gap (at the OD) as well. The foregoing meth-
ods of predicting pump head also yield the impeller OD pressure, which is usually between
75 and 80% of the stage pressure rise above inlet.

Thrust computations can therefore be coupled with the head-curve prediction scheme
being employed for the pump, thereby yielding predicted thrust curves together with the
predictions of hydraulic performance.
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Ensuring Stable Performance The ability for a pump to run smoothly with minimal
pressure-rise and flow-rate excursions is dependent on the shape of the pump head-flow
performance curve and the characteristics of the system in which it operates. There are
two types of pump-system instability; namely, a) static instability, which can be ascertained
by studying the pump and system head curves, and b) dynamic instability, which requires
more detailed knowledge of the system®2. (In addition to these system-related instabilities,
there is the unsteady behavior of the separated and recirculating flows that occur when a
pump operates a flow rate substantially below the BEP. Called hydraulic instability, this
becomes important in higher-energy applications and is therefore discussed later.)

a) Static stability and instability. Figure 24 illustrates two pumping systems; namely, a)
a piping system in which the flow is turbulent and largely independent of Reynolds num-
ber; so, the head drop AH through it is proportional to @? and b) two reservoirs with a
constant difference AH between the two liquid surfaces and comparatively negligible head
loss in the pipes connecting them. In each case, the pump is designed to produce head AH,
as required to deliver the desired flow rate @. The influence of the pump head curve shape
is immediately appreciated in Case (b): the curve “droops” as @ is reduced to shut-off,
thereby producing two vastly different flow rates at the same head. In fact, however, the
pump will not operate at the lower-@ intersection point of the two curves. The pump shut-
off head is less than AH, so it will produce no positive flow rate. Instead, as discussed in
Section 2.3.1, fluid will flow backwards through the pump. Further, if circumstances could
allow operation at this lower-@ point, even a vanishingly small increase of @ would cause
a further, divergent increase because the head of the pump exceeds the AH of the system.
Likewise, a small decrease leads to even lesser @ because the system AH exceeds that of
the pump. This is called “static instability.” Conversely, the higher-@ point of Figure 24b
is “statically stable,” small departures in @ being suppressed by algebraically opposite
signs of the difference between the system and pump heads. Both intersection points of
Figure 24a are seen by this type of analysis to be statically stable. If the operator increases
the frictional resistance by closing up a valve in the piping system, the operating point
simply moves to the left on the curve and remains stable. Thus, it is concluded that if the
slope of the pump H-versus-@ curve is less than that of the system, operation will be sta-
tically stable—and vice versa.

Most pumping systems are combinations of the “pure friction” type of Figure 24a and
the “purely elevation” type of Figure 24b. In this case of static stability, the drooping pump
head curve presents no problem. Theoretically, it is possible to have a pump head curve
with a kink that could have a more positive slope than that of a system curve, which might
intersect it at such a kink. The high-Q), curve of Figure 22b depicts a kink or dip, which is
due to stalled flow within a mixed- or axial-flow impeller that is not sufficiently confined
by the impeller to be maintained in solid body rotation. (It is the centrifugal effect of such
rotation that maintains the pressure rise in radial-flow impellers despite the stalling.)
That particular pump, if applied to a system that never intersects the pump head curve at
the kink, would never experience static instability. On the other hand, the designer may
want to take on the challenge of designing a machine without such a kink. The previously
mentioned design procedure utilizing CFD in both the impeller and the diffuser to check
whether the kink is gone would be a way of tackling this problem®.

In-depth discussion of the variety of systems that can be encountered, including mul-
tiple systems and parallel operation of multiple pumps, can be found in Sections 2.3.1, 8.1,
and 8.2. Purely from a static stability standpoint, most of these situations demand a sub-
stantially negative slope of the head curve throughout the range of flow rate @ —or what
is commonly specified as a pump with head “continuously rising to shut-off.” (This “rise in
head” versus a drop in @ should not be confused with the pump developed head H, which
is also properly termed the “head rise” AH, produced by the pump at a given value of @.)

b) Dynamic instability. If the system has appreciable capacitance, operation may not be
stable if the slope of the pump head curve is positive or even zero®. This is true even
though the slope of the pump head curve is less than that of the system head curve as
required above for static stability—as with the lower-@ intersection point of Figure 24a.
Dynamic instability can be manifested as pump surge, a phenomenon wherein the flow
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AH System curve:
Nearly-closed valve setting

System curve:
Valve setting toward
open position

System Pump curve
curves

(AHaQZ)

|

a) System with frictional resistance only

AH

System curve
(AH = constant)

Pump curve

AH

AAAAA,

b) System with elevation change only

FIGURE 24A and B Pump-system stability

rate oscillates and can even be alternately positive and negative through the pump®. This
is characteristic of “soft” systems that contain vessels with free surfaces and, therefore,
appreciable capacitance. Two-phase flow increases the capacitance of a system and can
cause dynamic instability. For example, fluctuating vapor volume within the propellant
pump inducers can contribute to the dynamic instability of a rocket propulsion system?.

On the other hand, a “hard” piping system with no capacitance is theoretically capable
of accommodating a pump that has a flat or drooping head curve and that operates on that
flat or drooping section of the curve. Low-specific-speed pumps can have drooping curves
(Figure 22b), especially if designed with a high head coefficient ¢ at the BEP. Figures 5
and 7 of Section 2.3.1 depict flat and drooping curves of low-(), radial-bladed pumps, a type
that is widely used in low-cost, small sizes. If properly applied, such machines will oper-
ate with stability. On the other hand, a conservative approach that guarantees both static
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and dynamic stability for the widest range of applications is to design all pumps without
flat spots or droops in the head curves.

DESIGN EXAMPLE

To illustrate the application of the preceding design information, the basic hydraulic design
requirements are presented in Table 6 for a single-stage centrifugal water pump with a
volute collector. The chosen conditions compute to a universal specific speed ), of 1 (N, =
2733, and n, = 52.9 from Egs. 38a and 38b). The pump is to be designed for a suction spe-
cific speed ) of 4.5 (N, =S = 12,300 by Egs. 41 and 42), therefore, a “performance-NPSH”
(see NPSH discussion in Section 2.3.1) or NPSH,, of 14 ft (4.27 m). As such, this pump is
readily applicable to taking water from an atmospheric reservoir with some suction lift.
Although acceptable for 1780 rpm specified for this pump, this suction-specific speed (), of
4.5 is regarded as high for pumps with more head (energy level) than this one (see the
energy-level discussion later).

Impeller Design

SUCTION NOZZLE Beginning upstream, an ideal, axial-flow approach passage is assumed
—this is known as an “end-suction” configuration. The suction-approach passage or suc-
tion branch (not shown) is simply a conical nozzle that increases the velocity of the fluid
from the suction port to the impeller eye by about 50 percent in an axial distance of about
half the diameter of the eye. This helps to ensure the existence of uniform flow at the eye.
Too short a nozzle would mean excessive local meridional (axial in this geometry) veloc-
ity at the impeller shroud and possible separation.

IMPELLER INLET Beginning with () of 4.5, computations for this example are carried out
in Table 7 for the impeller eye geometry. The choice of the NPSH,, correlation of Table 1
is used, with &, = 1.69 and k, = 0.102. The local maximum velocity at the eye V, , (=V,,, ;)
is assumed to be 25% greater than the one-dimensional average V, = Q/A,. This is smaller
than the bladeless result of Figure 14, but is typical of this end-suction configuration,

TABLE 6 Given conditions for design example (single stage, end-suction volume
pump)

Speed =1780 RPM
Flow Rate = 2500 gpm (0.1577 m*/s)
Head =104 ft. (31.7m)  Fluid: Water {SP' g =1
v =1cs.
Specific Speed Qg =1;Ng= 17802500 =2733,ng = 1780401577 =529

(104)3/4 (31'7)3/4

Suction Specific Speed Qi =4.5 (S=12,300)

4/3
NPSH = { 7801 (2500)%* = 14 ft. (4.27 m)
12,300
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TABLE 7 Impeller inlet (design example)

2
"¢e[1_%]
Te

(‘E / 2)3/4

Qg =45= (from Eq. 50)

For © = (1.69 + 0.102) ¢ . 2+0102
¢ =029 =eye flow coefficient

Eye dia/2 = eye radius:

2500gpm / 449 —EP
Te = Q S =3 ft” / sec (from Eq. 49)
3 r o T
¢Qn¢e(l—52] 30X1780XSCCX0.29
Te
. Ve=17.3 W=162.1(18.9)
[rs = 0 (no shaft in eye)] (5.3)
re = 0.3201 ft. (0.0976 m) — 4 U, 6.2°= B
= 3.84in. (97.6 cre
e in. (97.6 mm) Ue=59.6 fi/sec. (18.2 m/s)
=Qr,
Te — Iy

(See Fig. 25): Ry, =-% =192 in. (48.8 mm)

2

Other dimensional data shown on Fig. 23.

including the effect of the blading. Moreover, the value of &, should be more than adequate
for this value of V, .

The (), and 7-¢, relationships yield the eye flow coefficient ¢,, which in turn sizes the
eye. ¢, = 0.29 implies a t-value of 0.253, which is typical. However, lower ¢,- and r-values
are common, especially for the case of a shaft through the eye, because this tends to main-
tain the level of () in the face of the r-effect in Eq. 50. The nominal velocity diagram at
the eye—substantially the shroud-end or tip of the blade leading edge—shows V, rather
than V, , for the meridional component of velocity and so is not the actual velocity dia-
gram at that location. Rather, this triangle serves to identify the geometry through the
basic ratio ¢, = V,/U,—without having to deal with the uncertain choice of V, ,,/ V,. More-
over, ¢, is the tangent of the tip relative flow angle 3, as it would be for a uniform axial
velocity profile in the eye.

With the eye radius r, established, the local shroud radius of curvature R, follows from
the guidelines associated with Figure 13. The geometry established so far is illustrated in
Figure 25. Before the full picture shown there can be established, the outlet must be sized.

IMPELLER OUTLET The computations in Table 8 for the impeller exit begin with the choice
of the typical value of 22 degrees for the outlet blade angle B,,. This enables the head
coefficient ¢ to be chosen under the guidance of the upper curve in Figure 12. The value
0.385 is selected, and this yields the impeller diameter of 12 in. (304.8 mm). The other
curve in Figure 12 is for outlet flow coefficient ¢;,, which conveniently equals 0.1715 for
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N=1780 rpm 3
Q= 2500 gpm (0.1577 m’/s) ) )
AH = 104 ft.(31.7 mm) Iy’ﬂ Q=1 (N, =2733)
O, = 4.5 (S =12300) z=0
NPSHg = 14 ft. (4.27 m) 1.59 in—

(40.4 mm)

= in.
(152.4 mm)
392R
3.86 in
s 1ss 95.0) (99.6)
(130.
3.84inR=r,
(97.5 mm)
rlyh=2.15 in
R‘:rb,l (54.6) r
_ A_QJ_J . L_Z_ -

H Fluid: Water

Specific gravity = 1;
v =1 centistoke
FIGURE 25 Impeller hub and shroud profiles (design example)

Q, = 1. This leads to the exit width b, after adding in the leakage and the blockage of
blades and boundary layers per the computations of Tables 9 and 10.

However, Anderson® points out that what matters for centrifugal pump performance is
neither the blade angle nor the exit width individually, but the impeller outlet relative
area 27ryb, sin B,,. Choosing a higher blade angle is possible if b, is correspondingly
reduced (and ¢, , increased) so as to maintain this area and therefore the relative velocity
W. Figure 15 shows that V,, is thereby essentially unchanged; this in turn preserves the
impeller head.

EFFICIENCIES Anderson’s overall pump efficiency correlation (Figure 10 and Eq. 44) and
the component efficiency expressions of Table 3 lead to the results of Table 9. These give
an indication of the relative magnitudes of the losses and are as follows:

Overall efficiency 1, = 0.8550

Mechanical efficiency 7,, = 0.9814

Volumetric efficiency n, = 0.9833 (leakage across front and back rings)
Hydraulic efficiency nyy = 0.8860

Nuy is at this point simply deduced from the others, beginning with Anderson’s corre-
lation. Although it is confirmed by Jekat’s correlation in the table, it can be found in a
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TABLE 8 Impeller outlet (design example)

From Figure 12

\%
Bo2=22)5°> 65 = Um,z = 01715 (=¢;)
2

go AH

= = 0.385
U,?
b 6 ft
(Uy = Qr,) = 30 X 1780 x = = 932 <L (284 m/5s)
sS€C.
_ [gAH 32174 x 104
r2_\/sz =12 x? )
—5 x (1780)" x 0385
30

=6 in. (152.4 mm) [12 in. (304.8 mm) dia.]
Width: by : A,' = 7 Dyb,’

b, = by" + 28 ,* + Leakage Effect

Solve after obtaining volumetric efficiency and getting approximate passage length (to
compute §,*)

detailed computation of the hydraulic losses via one-dimensional methods. This will be
carried out further on to obtain the performance characteristic curves. Meanwhile, this ini-
tial computation enables the determination of V,, at the end of Table 9, which, along with
V.2 from Table 8, is a major element of the outlet velocity diagram of Figure 26.

BLOCKAGE AND WIDTH AT IMPELLER EXIT With the leakage and exit blade angle information,
Table 10 contains the computations of the blockage and the exit width b,. This entails the
choice of the number of blades, the blade thickness ¢ (2% of the impeller diameter and typ-
ically assumed to exist at the exit and elsewhere on the blades except near the leading
edges where typically half that value is chosen), and the apll)roximate blade length ¢
(assuming the mean-streamline blade angle to be constant at 225 deg). The boundary layer
blockage is computed from the following approximations:

e Adverse pressure gradients on the blades lead to a boundary layer displacement thick-
ness 3" of twice the zero-pressure gradient value 3, on each blade surface.

e Secondary flows scrub the boundary layers from the hub and shroud surfaces; so, 8" is
assumed to be equal to §," on those surfaces.

® 3, = 0.0462 ¢°81°2/ W2 for flat-plate, turbulent flow*®, and is approximated in this
example for low viscosity by a linear growth with length along the blade.

The resulting thickness of the boundary blockage is 0.0732 in (1.86 mm) on the blades,
which themselves have a thickness of 0.24 in (6.1 mm). Because these thicknesses are
inclined at the 221-deg outlet angle, the actual circumferential blockage is (1 — g,) = (1
— 0.870) or 13 percent of 27rr,. In particular, (0.24 + 0.0732)/sin (223 deg) = 0.82 in or (6.1
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TABLE 9 Component efficiencies (design example)

-021333 2

Efficiency: m, =0.94 - 0.08955 (Zﬂ) -029|logq 228631 _ 0.8550
1780 2733

(Eq. 44)

0,002 x 08550

Mech. Bffy: my =1 o oo
" 12 x(0385)"

= 09814 [Pp = 143 hp.(1.07 kW)|

(from Table 3)
Volumetric 1
Efficiency: mn, = 5 = 09833
(from Table 3) 1+5 w x 2
17 x 0.385
Hydraulic
Efficiency: myy = e = 08550 = 0886 vs.
(Eq. 8) MvNm 0.9650
(Jekat’s formula in Table 3):
08
NHY = l———=0887
(2500)°%
= Vg, :w:ms ft/sec.
’ 932 x 0.886
405
. =——=10435
Yi= 932

+ 1.86)/sin(222 deg) = 20.8 mm per blade, which for all six blades is 0.130 times the cir-
cumference of 37.7 in (958 mm). The width b, is computed to maintain V,,, at the chosen
value of 0.1715 X U,, while accommodating this blockage and that of the sidewall bound-
ary layers. Altogether, it can be computed from these data that 85 percent of the merid-
ional exit area 27r,b, is estimated to remain open for the one-dimensional flow of (@ + ;)
at velocity V,, 5, the boundary layers causing 1 of the blockage. This is quite typical. An

openness of 90 percent is possible for larger impellers.

HUB-SHROUD PROFILES It is now possible, through the guidelines outlined in the discussion
of Figure 13, to finish plotting the hub and shroud profiles in Figure 25, which are also
seen in Figure 26¢. At this point, the envelope of the leading edges of the blades is approx-
imated by a circular arc—later modified somewhat in the construction of the blades. The
arithmetic average radius of the meridional passage at the leading edges is found with
the circle of diameter 2.85 in (72.4 mm) to be 2.72 in (69.1 mm). The resulting line pass-
ing through the center of the circle is normal to both hub and shroud and is approximated
by the dashed straight-line leading-edge quasi-normal shown in the Figure 26c.

INLET VELOCITY DIAGRAMS The rms radial point on this quasi-normal line of Figure 26¢
crosses the leading edges of the blades at 7 con =71 1me = 2.911in (73.9 mm) and is slightly
larger than the arithmetic average radius of 2.72 in (69.1 mm). It is this latter radius that
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TABLE 10 Impeller blade blockage and width at exit (design example)

E;z‘ide} ny: Assume = 6 ¢ = Am/smﬁ ~ 522%; = 915 in.(232.4 mm)
(Eq. 56)
Check Solidity :
6 x 915
Blade } 004 r, =024 in. (6.1 mm) o= M K
: t=0.04r; =024 in. (6.1 mm nox
thickness (Eq. 53))
g2 (blades only) = 7 Bo* =0002 x £ = 0002 x 915 in.(232.4 mm)
6(0.0732 +0.240) 28~48,* ~ 00732 in.(1.86 mm) on blades
1- wx 12x 522 Y° = 0870 26~28,* ~ 00366 in.(0.93 mm) on hub and shroud

l—‘ gpm & ft/sec to inches
"

2500 x 0.3208/0.9840
01715 x 932 x 0870 x nx 2 x6
[ —— ——

Vm,z 82,1)

b, = 00366+

= 159 in.(40.4 mm)

Since
+
by = 28,* + Q9+ Q
Vi X €p XTX2 X1y

a. Inlet
Trailing
204 5 edge
©2) 16 . i 2
X = S
3 iz S t, =6 in. (152.4 mm)
Vinis Va1, Viih 200° '9'80“ 18 Leading
medo
L, edge
Uip=334(102) ! A £ 5 =386 (98.0)
Eve _.| S Fri pmean =297 (73.9)
— Ulmean =452(138) plane | ryp =215 (54.6)
— U s = 59.6 ft/sec (182 m/s) Quasi-normal to flow
c. Meridional view
b. Outlet rvs(: 015x Uj)
—Vo2 = 40-5—-+zj-° 386(118)
123 &
Via =160(43) (123) Wy, =418(12.7)
(=01715x Us) =~ g2 = oo
133 =z
o128
N2, =215°

L Uy = 932 fi/sec (284 m/s) By =225

FIGURE 26A through C Impeller velocity diagrams for design example: a) inlet; b) outlet; ¢) meridional view
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must be used in computing the one-dimensional meridional velocity. After obtained, it is
applicable to the rms location (the location of the “mean” or “rms” inlet velocity diagram).
This diagram is one of three triangles shown for the inlet in Figure 26a, the other two
being located at the hub and shroud locations of the blade leading edges. Notice that V,, ;
for the rms triangle is 16.3 ft/sec (5.0 m/s), which is slightly less than the eye velocity V,
of 17.3 (5.3). Allowing for blade blockage, this would bring the blocked meridional veloc-
ity V,, within the blading closer to V,, the objective being to keep V,, constant in the inlet
region and turn into the radial direction. The other triangles correspond to the radial loca-
tions of the blade at hub and shroud, as illustrated in Figures 26c and 27, and assume
that V, .4 = 1.25 times V,,;,and V,,;;, = 0.75 V,, ;. A full Q3D solution would determine
these velocities more accurately; however, the design usually proceeds in this way—largely
because the hub blade angle is usually a good deal larger than hub flow angle. Efforts to
match the hub flow angle more closely entail special blading that is beneficial for high-
energy pumps but has little effect otherwise. The blade angle at the shroud is slightly
lower than the flow angle (by about 1 deg). This slightly negative incidence is actually
ideal for efficient flow and minimum cavitation. The largest values of U and W exist at
the shroud, as can be seen for the shroud inlet triangle, making it important to have the
best match at that point. Two deg positive incidence is quite common at the mean or rms
radial location and allows for blockage by the blades that does not increase the relative
velocity W as the fluid enters the impeller.

OUTLET VELOCITY DIAGRAM The outlet velocity components having been found in Tables 8
and 9, the slip velocity V, must still be found in order to obtain the complete outlet veloc-
ity diagram shown in Figure 26b. This slip is computed by Pfleiderer’s method (Table 2),
which utilizes the r(m) shape of the mean meridional streamline illustrated in Figure 27,
V., emerging as 15% of U,. The “a” factor for influence of the collector geometry was taken
in the middle of the range for volutes at 0.75; (see Table 2). Wiesner’s Eq. 52 yields 17.65%.
This would mean 6% less V,, and head. However, this discrepancy is not unexpected, and
in view of the earlier discussions on slip, the Pfleiderer result is chosen as more realistic.

Nevertheless, uncertainty in the slip is the Achilles heel of the one-dimensional analy-
sis method. For this reason, most analysts “calibrate” their codes by deducing the slip from
test results and applying it to impellers of similar geometry. For Pfleiderer’s method, this
would be done by calibrating the “a” factor. CFD solutions now appear to be the best
approach to overcoming this difficulty.

As has been emphasized heretofore, this outlet velocity diagram contains the basic
information about the performance and design of the pump. It supplies the boundary con-
ditions for the volute design, but first the impeller blading that must produce it will be
established and evaluated.

IMPELLER BLADING As indicated in Figure 26, the blade angles at both inlet and outlet
have been chosen at hub, mean, and shroud (with the same 222 deg all across the trailing
edge being assumed, although some would specify a little variation). Fitting a reasonable
blade shape between these end conditions can be done in the conformal plane (illustrated
in Figure 19). These shapes, when transformed as described earlier, yield the hub, mean,
and shroud blade shapes identified in the polar view of Figure 28. In actuality, the inverse
“point-by-point” method was used, specifying W, as indicated in Figure 29 and, at each of
the 21 stations along the mean line of Figure 27, developing the velocity diagrams in the
manner employed to arrive at Figure 26b; obtaining 3, at each station; and developing the
mean-streamline blade shape of the polar view with Eq. 60. Involved in this procedure—
which was computerized—was the calculation at each station of the blockage and of the
local slip velocity, the latter being estimated as a fraction of the discharge slip velocity V,
that increases rapidly to unity as the exit is approached.

Note that the meridional area is needed at each station in order to compute V,,. As indi-
cated in Figure 27, this is approximated here as the area of the frustum of a cone defined
by the dashed lines or “quasi-normals,” which are as nearly perpendicular to both hub and
shroud as possible. Except for some machines with meridionally curved passages and a
large passage width-to-length ratio causing the true normals to be strongly curved, the
quasi-normal approach works well.
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Description of the pressure side of the blade
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FIGURE 27 Impeller blading-meridional view (design example)

To establish the blade shapes along the hub and shroud, the corresponding “grid lines”
of Figure 19 were found from polynomials satisfying the end conditions of blade angle and
location, the y-position of the inlet end of the grid line being iterated until the desired
blade wrap was obtained. In this way, different wrap angles Ad (= 6, — 6,) can be imposed,
but a tolerable resulting blade shape requires that these Afs be not much different from
the A6 (= 119.1 deg) obtained on the mean line from the method just described. In this
example, it was possible to maintain Af the same on all three construction lines. Alterna-
tively and perhaps more consistently, the inverse approach could be applied at hub and
shroud as well as on the mean line.

Regardless of which procedure is used to generate the hub, mean and shroud blade
shapes—the conformal transformation method, the point-by-point method, or some combi-
nation—the shape of the blade everywhere else still needs to be established. To do this, the
shapes of the constant-6 lines in Figure 27—called “blade elements”—must be specified. This
can be done mathematically as indicated on the figure or by eye (the latter approach is
widely used). Note that each constant-6 line actually lies in a different meridional plane.
Thus, Figure 27 depicts a superposition of all 21 meridional planes, each containing an inter-
section of the blade surface and appropriately identified as having the 6-value noted on the
figure.

DIFFUSION ASSESSMENT Figure 29 is a presentation of the free-stream relative velocity dis-
tributions at the blade surfaces and halfway between. The rapid approximate method of
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FIGURE 28 Impeller blading—polar view, showing pressure sides of the blades (design example)

Stanitz (Eq. 54) is utilized to obtain the surface W’s, the mean values of W on the mean
(rms) streamline coming from the local velocity diagrams developed at each station??. The
mean W’s at hub and shroud are found at the ends of the respective constant-6 lines under
the assumption that the ideal head or UV,-product is constant along each of these lines
from hub to shroud. This is usually a fair approximation; however, a Q3D analysis (Fig-
ure 14) would yield a closer estimate of these mean W-distributions'®*!. Nevertheless, the
diffusion factors computed from the plotted surface velocities by means of Egs. 59 are
shown on the figure—these values are well below the 0.6 limit. This would indicate that
the resulting solidity of 1.48 (originally estimated at 1.46 in Table 10) is adequate, and
that the correct number of blades was chosen.

Notice also on Figure 29 that the exit value of W is significantly larger than W,, which
is consistent with the outlet velocity diagram of Figure 26b. Further, a slight jump in the
mean W at the inlet is indicated; however, as the higher value of W is not sustained, it is
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FIGURE 29 Blade surface relative velocity distributions (design example)

unlikely that it actually occurs in the 3D velocity field. Moreover, details near leading and
trailing edges are not well handled by Eq. 54—a 2D blade-to-blade solution is more desir-
able for this type of diffusion assessment*2.

Volute Design With the exit velocity V, of 43.6 ft/sec (13.3 m/s) and the tangential veloc-
ity component V,, of 40.5 ft/sec (12.3 m/s) from Figure 26b, the volute design process is
started in Table 11 using Eq. 61. This entails a choice of the radial “Gap B” of 6% of the
impeller radius r, and a tongue leading edge thickness ¢, equal to 70 percent of the
impeller blade thickness. These choices are not critical for a pump of low energy level such
as this is, as the stresses imposed by the flow on structural elements are small. The throat
area A, is then found to be 32.60 in? (21,032 mm?) and the throat velocity V; computes to
24.60 ft/sec (7.50 m/s), which is 56% of V, and so represents considerable diffusion from
impeller exit to throat. (The throat area A, is the fundamental feature of a volute and acts
in concert with the impeller exit area, as emphasized by Anderson® and Worster? and
described in the earlier part of this section on Designing the Collector in terms of the inter-
section of the casing and impeller lines?.)
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The circumferential distribution of the volute cross-sectional area A, versus polar angle
0, from the tongue (Figure 20a) is developed in the latter part of Table 11, a final listing
being presented for a) linear A, versus 6, and b) constant one-dimensional angular
momentum r,V,. This listing illustrates an earlier statement that the latter approach pro-

TABLE 11 Volute casing (design example)

Refer to Fig. 20

A) Throat area At
Simultaneously solve for At from

a) g A& =095r,Vy, (Eq. 61, using 0.95) since Ay = Vg
T T

and
b) rp=r3+ %,/AT +t, (Fig. 20, assuming a square throat)

Eliminating ry in combining (a) and (b) yields a quadratic equation in /A :

0951,V
c) A x[%)_% JAr ~(r;+¢)=0

Taking r3=1.06 > (i.e., “Gap B” =0.06 1), r3 = 6.36 in (161.5 m);
assuming t = 0.7 t, = 0.7 x 0.24 = 0.168 in. (4.3 mm); and
using consistent units in (c); leads through the quadratic formula to

Ar=32.60 in® (21,032 mm” )
Thus V1 =24.60 ft/sec (7.50 m/s)

B) Cross-sectional area

~

If volute cross-sectional area A, is distributed linearly vs. 6, , Ay and the radius ry to the
center of the cross section are as follows:

0,(d
d) A, =Ag V3(6;g) =i322%9xev in? = 213’2(3)2 %, mm

1 | .
€)1, =13 +E,/AV :6.36+§ AT(mz) in
1
:161.5+5,/AT(mm2) mm

If A is found subject to constant angular momentum withr, V, = 0.95 r, Vg 5,

1
Q[r +—JA )
Q O,eg “\°"2VY) 6,(dep)
\Y% 360 0951,Vy, 360

N A, =

v
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TABLE 11 Continued.

This is a quadratic equation in /A, , which, when solved, gives the results for "constant r, V,"
in the llisting below, r, being found from Eq. (e) for both this and the linear case.

Volute cross sections (design example)

Linear A, vs. 6, Constant (ry X Vy)
0, Ay Iy Ay Ty
deg in’ mm’ in mm in? mm’ in mm
0 0.00 0 6.36* 161.5* 0.00 0 6.36* 161.5*
45 4.08 2,629 7.37 187.2 3.15 2,031 7.25 184.1
90 8.15 5,258 7.79 197.8 6.64 4,286 7.65 194.3

135 12.23 7,887 8.11 2059 10.39 6,701 7.97 202.5
180 16.30 10,516 8.38 2128 14.34 9,250 8.25 209.6
225 2038 13,145 8.62 218.9 18.48 11,922 8.51 216.1
270 2445 15,774 8.83 2243 22.79 14,706 8.75 222.2
315 28.53 18,403 9.03 2294 27.27 17,596 8.97 2279
360 32.60 21,032 9.21** 234.1** | 3191  20,588%* Q.18** 233 3**

*r,=r;at0,=0
** transition to rr= 9.38 in (238.3 mm) and A7 = 32.6 in’ (21032 mm?) due to tongue thickness

duces smaller areas upstream of the throat than does the former. Frictional effects in the
smaller-A, portion of the volute are less prominent using the linear approach. A CFD
assessment at all flow rates can be made to guide the design choice here. Finally, the one-
dimensional constant r,V, method can be improved upon by integrating a constant rV, dis-
tribution over each cross section, and the proper design must satisfy also continuity?.

Estimated Performance Characteristics Detailed computation of hydraulic losses,
together with leakage, disk friction, and other mechanical drags was done as described pre-
viously, and the results are presented in Figure 30. The method predicts the pump efficiency
to be 85.5% at the design point of 2500 gpm (0.1577 m?s), peaking at 86 percent at a 5%
lower flow rate. The power consumption peaks at the design point at 77 hp (57 kW), indi-
cating that this is a “non-overloading” design; that is, shaft power does not increase beyond
this flow rate. The empirical methods reviewed earlier for shut-off head and power were
applied here and blended into the one-dimensionally computed curves at half of the BEP
flow rate.

The shut-off head coefficient value of 0.596 is close to the 0.585 value of Stepanoff* and
is admittedly open to alteration. The rise of head from design point to shut-off is from 104
up to 161 ft (31.7 up to 49.1 m) or 55%. This percentage could be smaller and still ensure
stable operation in any typical system; however, the non-overloading feature could change,
the power peaking at a higher flow rate. In retrospect, the design-point head coefficient s
of 0.385 could be larger without the diffusion-factor results of Figure 29 becoming exces-
sive. One would conclude from this exercise that the -curve of Figure 12 is conservative
and could be higher. Of more significance, however, is the demonstration in this design
example of the utilization of easily applied fundamental fluid dynamical analyses such as
the diffusion assessment illustrated in Figure 29 as the basic arbiters of design choices
such as the head coefficient, number of blades, and so on. Furthermore, the shapes of the
performance characteristics are revealed.
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FIGURE 30 Estimated performance characteristics (design example)

The shut-off power is 34 hp (25 kW), arising from a power coefficient of 0.047 from
Mockridge’s correlation®® for a b,/D, of 1.59/12 (= 40.4/304.8) = 0.1325—as found from
Figure 23. This is 44% of the design-point power, a typical result. As seen in Section
2.3.1, this percentage increases with specific speed, where, of course, b,/D, is also
larger?®.

The NPSHR (= NPSH,, for this example) at off-design conditions is estimated empir-
ically. At the higher, non-recirculating flow rates, NPSHR is related to the head required
to accelerate the relative velocity within the blades to values higher than at the design
point'4. As stated in Section 2.3.1, operation at NPSH,,, involves performance in the pres-
ence of extensive internal two-phase behavior. This is complicated by recirculation at the
lower flow rates. Therefore, the full NPSHR curve in such a case usually has to be estab-
lished experimentally.
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HIGH-ENERGY PUMPS

Over the past few decades, there has been a trend toward pumping machinery that con-
centrates more power within a given volume. This trend is driven by cost and technology
improvements. The basic energy transfer relationships show that smaller size demands
higher rotative speed. Thus, over the same time period, speeds of high-power pumps have
been increasing. Moreover, the number of stages in multistage pumps has been decreas-
ing. There have been spikes in these trends; the resulting pumps suffering from excessive
vibration, rotor and hydraulic instabilities, component failure, and cavitation damage®’.
The term “high energy” has been applied to these machines, and this label can be quanti-
fied in terms of the stresses arising in critical pump components and the likelihood of an
adverse mechanical response that such stress levels imply. Research has led to technical
solutions for effectively controlling rotordynamic behavior and reducing unsteady
hydraulic thrust and surge as well as cavitation erosion®%%%, The resulting pump relia-
bility improvements and life extension should enable the previous trends to continue.
Being aware of the energy level enables the pump user to assess whether operation and
maintenance difficulties are likely to occur after the pump is installed and running, and it
enables the designer to take the appropriate measures to ensure the technical integrity of
the product.

Pressure Pulsations Measured at the inlet or outlet port, the amplitude of the pres-
sure pulsations can be a significant fraction of the pressure rise of the pump—especially
at flow rates well below that of the BEP for the speed involved. Sources are a) the inter-
action of the pressure fields of the impeller and diffuser or volute, b) unsteady separated
and reversed flows at impeller inlet and discharge and in the diffuser, ¢) cavitating flows,
and d) combinations of these phenomena. Pressure pulsations presumed to exist at the
impeller OD from the interaction of impeller blade-to-blade and diffuser vane-to-vane
variations of pressure have been calculated by inviscid flow analysis to have a peak-to-
peak amplitude that is of the same order as the static pressure rise of the impeller®. More-
over, the viscous, thicker wakes existing at lower-than-BEP flow rates (here called “low
flows”) and separated recirculating fluid from both impeller and diffuser that participate
in these interactions can be expected to increase the pressure pulsation amplitude at such
conditions.

Figure 31 confirms these ideas, showing a bronze impeller that operated extensively at
low flow. Cavitation pitting can be observed near the OD of the impeller, which means that
the rarefactions of the pressure waves were below the vapor pressure of the liquid—these
pressure minima therefore being below the inlet pressure to the impeller. Moreover, the
bulged-out shrouds can be assumed to be the result of the repeated occurrence of the asso-
ciated pressure spikes (that is, the maxima of the pressure waves) within the radial gap
(“Gap B”) between the impeller blades and the diffuser vanes, the sidewall pressures on the
outsides of the shrouds remaining comparatively constant. At greater values of design pres-
sure rise than was the case for this impeller, this phenomenon creates correspondingly
greater forces that have led to actual breakage of the impeller shrouds and diffuser vanes®!.
The cavitation seen in Figure 31, can also be observed on the leading edges of diffuser vanes,
as in Figure 21 of Section 9.5, and this raises the possibility of diffuser vane breakage.

Energy Level: Stage Pressure Rise Even in the absence of the weakening effect of
cavitation erosion, the leading edge of a diffuser vane or volute tongue is a representa-
tive, highly stressed zone within a pump that is subject to failure if the magnitude of the
pressure pulsations arising from the impeller-diffuser interactions just described is suffi-
ciently large. Thus, the hydraulically induced stresses in these vanes can be the basis for
quantifying the energy level of a pump stage. In Table 12, this concept is developed into
an expression for the stress in terms of the fluctuating pressure magnitude 8p that is
assumed to act across the vane leading edge as illustrated in the table. The width & of the
vane is close enough to b, of the impeller exit to utilize the relationships for y and ¢, of
Figure 12 to relate /D to specific speed in Eq. (c) of the table. For similar velocity fields,
the pressure pulsation magnitude 6p is a constant multiplied by the stage pressure rise
AP, Thus, for a limiting value of stress, the concept of a limiting stage pressure rise
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FIGURE 31 Damage to impeller from low-flow operation (Source: E. Makay in Power)

emerges in Eq. (e). The constant K is chosen from experience, which leads to the result-
ing Eq. (f). This relationship is plotted in Figure 32. [It will be observed that this choice
for K corresponds to a limiting stress s from Eq. (d) of 6,600 psi (45.5 MPa) that would
exist if 8p were equal to AP ,—with /D = 0.01 and & = 0.85 as in the example.] The
inverse variation with specific speed is a consequence of the greater 6/D of higher-(),
pumps (as developed in Table 12), the wider vane introducing more stress at the juncture
with the sidewalls for the same pressure loading and so imposing a lower stage pressure-
rise limit. Conversely, lower-(), pumps should have higher limits for AP,

Figure 32, therefore, illustrates this concept of a limiting stage pressure rise as a mea-
sure of the energy level of centrifugal pumps, the basis being a limiting stress level in a
critical component of the pump. Starting with stress at other locations in the pump leads
to similar results. To provide perspective, specific examples of pumps that by this defini-
tion are in the high-energy domain are plotted on the figure. These data points are taken
from Table 13, which contains information for several well-known liquid rocket engine
turbo pumps®664 and for some representative high-energy electric utility boiler feed
pumps®57.

The last column in Table 13 is another, more general way of comparing the energy level
of these machines; namely, the torque per unit volume, which also has the dimensions of
stress. For fixed ratios of stage width, casing OD, and other dimensions to impeller radius
r (= ry), torque per unit volume differs from the listed values of torque/r® by a factor. The
actual torque per unit volume therefore ranges from one-half to one-sixth of the tabulated
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TABLE 12 Hydraulically induced stress levels

AP

stg =

Stress at juncture of diffuser vane leading
edge with sidewall:

s= 8sz - (6p/2)(b/D)2 (a)
20 (yo)’
From Fig. 12 and Eq. 36:

b Q Q __Q

D V,,2nreD ar, Vin2 47”228 ¢;4n¢e
Qrz
From Eq. 50:

%:Q?qﬂ/z/(zlmbis) (c)

With y ~0.383/QY3 and ¢; ~ 01715,/Q,
the stress Eq. (a) becomes, with Eq. (¢)

2
s= Op x Qf (d)

165 % (/D) ¢?

dp

(b)

Example for t/D=0.01, £€=0.85, Qs=0.6 and 3p=1000 psi (6.895 MPa):

1000 x (0.6)°

5= = 30,198 psi (208.2 MPa)

~165% (001)? x (085)?

For 8p being proportional to APy, and for a fixed geometry and a given limiting

value of stress, Eq. (d) becomes
APy =K/QF (o)

Experience leads to a choice of K such that

78.’2/2 si20.54227 MPa  (f)
QS QS

torque/r?, depending on the casing or barrel thickness, and so on. However, as has been
demonstrated, the critical stresses are more closely associated with the impeller OD,
which makes comparison of the tabulated values more relevant. Thus, a pump with high
torque/r® can be expected to have correspondingly high local internal stresses. The maxi-
mum values listed, namely for the high-pressure propellant pumps on the RD-170 (Russ-
ian) and SSME (U.S. Space Shuttle) engines, tend to explain the high level of research and
development that was necessary to successfully deploy these machines. Illustrations of
some of these rocket engine pumps can be found in Section 9.19.2. Similarly, Section 9.5
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FIGURE 32 Pump energy level defined in terms of stage pressure rise

provides examples of high-energy boiler feed pumps: the massive, barrel-type construction
of these machines is illustrated in Figure 18. Specifically, the first boiler feed pump listed
in Table 13 is the sole feed pump supplying the steam generator of a super-critical 1300
MW electric generating unit and consumes nearly 50 MW of shaft power. It can be seen in
Figures 7 and 20 of Section 9.5.

For pumps in the low-energy domain of Figure 32, normal design and manufacturing
practices result in a more benign mechanical response to the abnormal fluid phenomena
discussed here. However, for locations other than the diffuser entrance, which was the
basis for the development of the figure, limiting stresses could be reached at considerably
lower values of stage pressure rise. For this reason, the dashed line is offered as the upper
limit of the low-energy domain; however, a thorough analysis of the stresses in any given
application is the ultimate determinant of all the limits suggested in Figure 32 and of the
acceptability of the design. It can now be seen that the design example treated earlier in
this section is of the low-energy variety; therefore, the special design problems treated
here and further on are of relatively little concern in such pumps. On the other hand, if the
curve in Figure 32 were extended to much higher specific speeds, it would be found that
many existing, large, high-(), low-head pumps are high-energy machines by this stress-
related definition. It is therefore not surprising that such pumps generally require full
stress and modal analyses to identify possible destructive resonances and stresses.

Fluid/Structure Interactions With the dimensions of pump energy level identified, the
next step is to continue the examination of the problems mentioned previously and the
methods that have become available for solving them. Attention is focused on hydraulic
phenomena because, as the previous discussion of pressure pulsations implies, most of the
adverse mechanical behavior exhibited by pumps originates from the behavior of the inter-
nal flow field. Excessive measured vibrations, material erosion, and component failures
are often the external symptoms of fluid/structure interaction phenomena that are fun-
damentally explained from a hydraulics perspective. In addition to the hydraulically
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TABLE 13 Data on high-energy pumps*

No.of | Speed Flow rate | Head/stg | AP/stg | Specific Spd | Torque/r’

Pump gpm ft psi N; psi
1

SRS PN ) | m) | MPa) | (@) (MPa)
Liquid Rocket
Propellant
Turbopumps
Saturn V Booster — 1 5,490 25,080 3,100 1,530 2,095 371
F1 Engine: Oxygen (1.582) (945) (10.5) (0.767) (2.6)
Saturn V Booster — 1 5,490 15,640 5,100 1,810 1,130 172
F1 Eng: Fuel (RP1) 0.986)  (1,555) (12.3)  (0.413) (1.2)
Space Shuttle Main 3y 190 7240 9700 4800 2,700 1,431

Engine: Oxygen

(= SSME HPOTP) 0457y 2957y (33.1) (0.988) 9.9

Space Shuttle Main

Engine: Fuel (Ho) 3 37,400 16,300 66,700 2,280 1,150 200
: 2
(= SSME HPFTP) (1.028)  (20,330) (15.7) (0.421) (1.4)
RD-170 - 1 13,850 25,008 17,300 8,534 1,448 1,521
Oxygen (1.578)  (5,273) (58.8) (0.530) (10.5)
RD-170 — 1 13,850 14,485 20,000 7,100 992 698
Fuel (= RP1) 0.914)  (6,096) (49.0) (0.363) 4.8)
Boiler Feed Pumps
4 4,160 21,620 3,000 1,169 1,509 128
20x25 CA-4 (IDP) (1.364) (914) (8.1) (0.552) (0.9)
4 5,800 11,000 3,000 1,169 1,500 130
12x18 CA-4 (IDP) (0.694) (914) 8.1 (0.549) 0.9)
6 5,800 6,250 2,100 820 1,479 87
S0CHTA-6 (IDP) (0.394) (640) 5.7 (0.541) (0.6)
Advanced Class 2 6,500 9,510 3,800 1,480 1,312 136
(Sulzer) (0.600) (1158) (10.2) (0.480) 0.9)

*Notes to this table: Flow rates apply to the pump inlet. RD-170 pump data derived from
Sutton® and Advanced Class boiler feed pump data from Ref. 57. Remaining data derived from Table
1 of Section 9.19.2, NASA reports®®* and from information supplied by Flowserve Corporation.>*

induced stresses in the pump structure that culminated in the domain definition of Fig-
ure 32, these phenomena encompass a) blade-vane interactions, b) recirculation, ¢) anom-
alous axial thrust behavior, and d) cavitation.

In order to illustrate the methods for dealing with the problems created by these
fluid/structure interactions, a sample suction stage of a high-energy multistage pump is
utilized as the quantifying focus in each case. Table 14 contains the conditions and essen-
tial features of this machine, a meridional view of which is shown in Figure 33. As with the
earlier design example, this stage has been designed in accordance with the procedures
outlined for that example. This includes the velocity diagrams shown in the figure, as well
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TABLE 14 Data for high-energy pump suction stage

A. Design Inputs

Fluid: Boiler feed water at 350°F (177°C) = sp. gr. =0.89,v=0.17 cs.

Flow rate, Q, gpm (m’/s) 20,000 (1.262)
Head rise, AH, ft (m) 3,000 (914.4)
Rotative speed, N, rpm 4,700

Outlet flow coefficient, ¢, (Figure 12) 0.1328

Head coefficient, y (Figure 12) 0.455

Specific speed, Qs (Ns/ ng) 0.6 (1640/32)

Inlet flow coefficient, ¢e 0.3 (=tan 16.7 deg.)
Number of Impeller blades, np 7

Number of Diffuser vanes, n, 9

B. Calculated Perfomance Data

1. Efficiency
a) BEP of 20,000 USgpm (1.2618 m’/s)

n=np = 0877 (vs. n=0.8682 - from Fig 10, for X=1)
Mhy= 0.900
MNm = 0.985
nvy = 0.989 [216 gpm (0.0136 m3/s) front ring leakage; rear ring leakage

included in My ]
b) At 50% Flow : np = 0.693 (= 0.79 of nggp ; 0.8 is typical)

2. Head Rise
AHggp =3000 ft. (914 m) = y = 0.455
AHghyorr = 3697 ft. (1127 m) = wygo = 0.560
AH-vs-Q curve stability indicator, AHgo/ AHggp= 1.23 (doubtful if less than 1.2)

3. Power

P, gep = 15376 hp (11,466 kW) ~ P =00571
P, spurorr = 6,144 hp (4,583 kW) ~ }35/0 =0.0228 (= 0.01966 x 116 from Fig. 23)

=K for b2 _ 0.0779
D,

as the design of the eye, the hub and shroud profiles, and the blading. A preliminary design
was also made of the vaned diffuser and return vanes, following the guidelines presented
in the foregoing Design Procedures subsection. The result is a representative machine to
which the following paragraphs continually refer.

Blade-Vane Combinations Certain numerical combinations of impeller blades and dif-
fuser vanes (or inlet guide vanes, where they are employed) have been shown to have
acoustic consequences that can exacerbate the pressure pulsations arising from the inter-
action of impeller and diffuser flow fields. Bolleter reviewed the types of interactions that
can occur and the consequences with regard to pressure pulsations and resonance®. These
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FIGURE 33 Sample suction stage of high-energy multistage pump

types are associated with the integer difference m between the multiples of the number
of impeller blades and the number of diffuser vanes, as explained in Table 15. To check
the blade-vane combination, one simply forms a matrix of the multiples as shown and lists
the difference in each cell.

To illustrate the method, rather than use the pump of Table 14, a different example is
chosen in order to dispel the notion that one can always use two different prime numbers
for blade-vane combinations. This is an existing case of a 60,000 Ap (45 MW) single-stage
pump of ), = 0.6 IV, = 1640) and Ap = 357 psi (2.46 MPa), which has 7 impeller blades and
13 diffuser vanes®. Notice that m = 1 in the second order of impeller blade number, which
means there should be pressure pulsations at 2 X 7 X rpm/60 Hz. In fact, this pump has
exactly this vibration and pressure pulsation frequency in the field, not least because the
pump is operating at just the right speed for the acoustic waves emanating from successive
interaction points to reinforce each other in producing unacceptable pressure pulsations.

Even with this simple method, the final choice of the blade-vane combination is usually
a compromise. For example, the method shows that all double-volute pumps have m = 0
or 1in the first order of impeller blade number, depending on whether this number is even
or odd. m = 0 means that the all the blades or vanes are interacting at the same instant,
a consequence of which is torque ripple. High-energy volute pumps exist for both even and
odd cases—quite large gaps between blades and vanes (= “Gap B”) are employed to miti-
gate these effects.

The reader who checks the pump of Table 14 by this method will find that m = 2 in the
first order of both blades (7) and vanes (9) but that m # 0 everywhere else in the matrix.
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TABLE 15 Choosing vane combinations to minimize pressure pulsations??

1. Z;is the number of impeller blades.

2. Z4is the number of diffuser vanes.

3. Each vane combination produces interacting pressure fields between the blade rows.

4. These fields form “m” rotating “nodal diameters”, producing unsteady loads

5. The value of “m” determines the nature and severity of these loads.

6. “m” is the difference between (p x Z;) and (q x Zg), where p and q are integers.

7. To find “m”, one sets up a matrix of diffuser vanes and their multiples vs. impeller blades

and their multiples or “orders”. A minimum of the first three orders should be used. This is
illustrated as follows for an impeller with 7 blades (Zi=7) and a diffuser with 13 vanes

(Zg=13):
Impeller blades and their multiples:
p=1 p=2 p=3 p=4
1(=Zy) 14 21 28

Diffuser vanes and their multiples: | Differences “m” between (p x Z;) and

(q x Zy) are give below:

g=1 13(=Zy) 6 1 8 15
q=2 26 19 12 5 2
q=3 39 32 25 18 11

The significant values of “m” are 0, 1 and 2. The lower the order of either the impeller
blades or the diffuser vanes, the stronger is the interaction. The responses that occur for
these “m” values are as follows:

e m =0 - strong pressure pulsations and fluctuating axial loads and torsional forces.

e m =1 - pressure pulsations and fluctuating radial loads.

e m =2 - small pressure pulsations and a chance of resonance of the impeller about the
two nodal diameters - at a frequency equal to the value of q x Z, times the
rotational frequency (rpm or rps)

In this example, m = 1 in the second order of the impeller blades (i.e., p=2); thus, the
frequency of the resulting disturbances will be twice that of blade passing frequency
pxZ;xrpmor?2x 7 xrpm cycles per minute or 2 X 7 X rpm/60 Hertz. This is therefore a
poor vane combination and should be avoided - especially for such low orders of vane
number; i.e., for such small values of p and q, (Here, p=2 and g=1.) In general, m =0
and 1 should be avoided altogether, and m = 2 should be avoided in the lower orders.

m = 1 occurs only in the highest orders of both and should therefore be of little conse-
quence. Checking whether 10 or 11 vanes would be better yields m = 1 in the third order
of impeller blades and second order of diffuser vanes, which is probably less desirable than
m = 2 1in the first orders. Therefore, Figure 33 shows a value of “Gap B” that is 12 percent
of the impeller radius, which should provide adequate protection from pressure pulsations
and excitations of resonance. (The gaps at the impeller OD will be discussed further on.)

Recirculation Separation and stall of the fluid flowing in the passages of impellers
and diffusers occurs at low flow because of the incidence and large reduction in the one-
dimensional velocity relative to the passage that happens at low flow. This and the con-
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sequent recirculation patterns in the impeller were discussed and illustrated in Figure 6.
Fischer and Thoma® visually observed and recorded the flow patterns, finding that as flow
rate is reduced, wakes on the suction side of all blades thicken until they occupy half the
passage width at half the BEP flow rate. At lesser flow rates, the wakes continue to
thicken but become irregular, stalling in one passage and not the others—the stall pat-
tern moving into and out of adjacent passages and so rotating relative to the impeller. As
shut-off is approached, this rotating pattern is accompanied by reversed flow emerging
from the inlet of the stalled passage. Fraser, working with typical impeller geometries, for-
mulated rules for computing the flow Qg at which this reversal occurs as @ is reduced at
constant speed®. His expressions, found further on, include the effect of impeller eye size
on Qg. As one might expect, a pump with an eye diameter approaching that of the
impeller OD will have Qg approaching Qggp. At @ < Qgg, the impeller flow patterns are
highly unsteady—as is usually the case with massively separated flows—creating non-
synchronous, low-frequency or random pressure pulsations, the resulting shear layers
between the reverse-flowing and in-flowing fluid having vortices with locally low pres-
sures so cavitation can also exist. Fraser also quantified the flow rate @,z below which
impeller discharge recirculation exists. Forces from such motion can cause fatigue failure
of the impeller blades, diffuser vanes or volute tongue, cavitation erosion also playing a
part as in Figure 31. In Section 2.3.2, Fraser describes the identification and consequences
of recirculation in detail, the more general designation @5 referring to either Qg or Qpp,
depending on whether @ is between or below both.

The ability for pumps to operate with any form of separation; stall; or, worse, flow
reversal (recirculation) depends on the energy level. This can be approximately quantified,
as outlined under the subject of Minimum Flow Limits further on, which include consid-
eration of accompanying cavitation activity.

Axial Thrust Response to Recirculation Discharge recirculation usually involves
backflow from the diffuser, itself containing oscillating flow patterns and rotating stall.
Fluid emerging from the diffuser will be spinning opposite to the direction of rotation, such
fluid having a major effect on the sidewall gap flows as it joins the leakage flows described
under Predicting Axial Thrust. As this fluid invades the sidewall gaps, it can slow or vir-
tually cancel the usual positive swirling of the gap fluid. Iino, Sato, and Miyashiro exper-
imentally observed and recorded this behavior, which was exaggerated by shifting the
impeller axially and by changing the ring clearances®.

An added, not unexpected effect is that as @ is reduced below @), the invading flow
from the diffuser can favor the front or back side of the impeller and then switch sides
upon further reduction of @. This effect is clearly seen in the experimental thrust-versus-
Q plots of Figure 34, the impellers having been shifted as just described. Depicted there is
the resulting net load on the axial thrust bearing of an eight-stage, 3600-rpm diffuser
pump that had a cylindrical balancing drum (not a self-compensating balancing disk). The
drum was sized so as not to completely eliminate the thrust—in order to avoid thrust
reversals. The solid lines are the predicted net thrust according to the methods outlined in
Table 4 for three axial positions of the impeller. The large excursions in net thrust were
eliminated by restricting the entry of the invading diffuser backflow into the sidewall gaps
—through a tightening of the gap between the shrouds of impeller and diffuser (Gap “A”)
in Figure 35. Gap “A” is not effective unless the “overlap” of the two mating shrouds is from
four to six times the gap dimension®!. Moreover, if Gap “A” is minimized, this can exagger-
ate the blade-vane interactions, making it necessary to open up Gap “B” more than would
be necessary were Gap “A” not minimized®.

A further possibility that has been observed in a single-stage double-suction pump is
the unsteadiness of impeller discharge recirculation and, most likely, of the diffuser or
volute backflow. The side-to-side switching just mentioned appears in Figure 36 to be hap-
pening as a function of time as well as of flow rate @, as evidenced by the axial motion,
which is accompanied by discharge pressure pulsations. The “fix” mentioned in the figure
was, again, mainly minimizing Gap “A.”

Closing Gap “A” and opening Gap “B” are procedures that have been widely and suc-
cessfully applied in high-energy pumps, which usually work well at BEP but run into dif-
ficulties at low flow®. The procedures have proven to cure the thrust and pressure
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FIGURE 34 Axial thrust response to recirculation. (Source: Flowserve Corporation)

pulsation behavior just described and also improve the low-flow performance curve
shape®. The results are high-energy pumps that can operate smoothly over a wider range
of flow rate than—in many cases—was originally expected or specified. Nevertheless, the
higher the energy level, the more intolerable is any unsteadiness and pressure pulsation
activity.

Minimum Flow Limits Because the intensity of pressure pulsations and the accompa-
nying vibrations can increase beyond acceptable limits as flow rate is reduced at constant
speed below the BEP flow, or more specifically, below @, expressions for how low Q/Qggp
can be without exceeding these limits have been developed. Manufacturer and user groups
such as the Hydraulic Institute (HI), the International Standards Organization (ISO), and
the American Petroleum Institute (API) have specified vibration limits that must be met
at what is usually called at the minimum continuous stable flow (MCSF) or simply Q...
In an attempt to answer the question of how far into the recirculation zone (where @ <
Q®z) an operator can take a pump before reaching the MCSF, Gopalakrishnan proposed a
general rationale for computing @,,;, that takes the energy level into account—through
the flow rate and rotative speed of the machine™. These two quantities imply the blade
tip speed at the inlet of the impeller. (Through typical ratios of impeller OD to eye diam-
eter, this also implies the OD tip speed and therefore the head, the energy level having
been defined in Figure 32 in terms of stage pressure rise Ap,.) The theory for this method
is defined in Part A of Table 16, in which @, is computed as the product of a series of K-
factors multiplying the value of @, which is computed according to Fraser’s earlier devel-
opment®. Conceptually, the product of these factors approaches unity in the
maximume-energy case, where the instabilities accompanying any recirculation at all are
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significant. Conceivably, this product could exceed unity at the highest energy levels, as
separation and stall and the attendant unsteadiness must occur—as @ is reduced—before
the backflows that characterize @, which was observed by Fraser as the value of flow rate
for the onset of recirculation (see Section 2.3.2).

K, and K; are given in Table 16 as equations that have been curve-fitted to speed/flow
rate- and NPSH-effect charts that appeared in Gopalakrishnan’s presentation™. This
includes the ability to enter any speed (rpm) into the computation for K, only 3500 and
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1800 rpm having explicitly appeared in the charts. NPSH plays a role in the determina-
tion of @,,;,—through the factor K;—because of the exacerbation of the unsteadiness and
pressure pulsations due to dilation of the cavities in the two-phase internal flows that
exist for any value of NPSH that is less than the inception NPSH; (See the ensuing cavi-
tation discussion and the description in Section 2.3.1 that accompanies the definition of
NPSH-limits.)

As an example, the minimum flow of the high-energy pump suction stage of Table 14
and Figure 33 is computed in Part B of Table 16. (The value of R for the calculation of K,
is taken from Table 18.) This machine has the relatively high energy level of some of the
boiler feed pumps shown in Figure 32 and listed in Table 13. Thus it is not surprising that
the resulting value of @, is 90% of @ (which equals Qgy, as is typical) and 48.5% of the
BEP flow rate. This is indicated on Figure 37, in which the computed performance curves

TABLE 16 General method for computing minimum flow: quantifying the energy-
level effect on @,,;, relative to @;™

A) Theory

Qmin =Qr K; Ky K3 K, Kj, or Qp,whichever is smaller (i.e., product of K's < 1)
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Q —
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TABLE 16 Continued.

B) Results for Sample High-Energy Pump Suction Stage (See Fig. 33)
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FIGURE 37 Estimated performance of high-energy pump suction stage

of this pump are displayed. (See Part B of Table 14 for the main elements of these perfor-
mance predictions.) However, some of the remedies that have been discussed in this sec-
tion to counter the adverse effects of high-energy pump phenomena can reduce @, to
lower values than this. In fact, the method contains the flexibility to take into account such
improvements through the factor K.
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In computing Qgz, the angle B, is called for. This is approximated by the inlet flow coeffi-
cient ¢, = 0.3 from Table 14, which corresponds to a nominal inlet tip flow angle of 16.7 deg.
The actual flow angle (and blade angle) at that location is slightly larger due to the hub-to-
shroud variation of the incoming meridional velocity as assumed in the development of the
inlet velocity diagrams of Figure 33. This will have a small effect on the results, depending
on how one interprets “B,”. In this regard, as can also be appreciated from the choices that
must be made for the Ks, the method of Table 16 is not precise; however, it is a useful indi-
cator of what the user and designer can expect in determining the operating range of a pump.

The above general theory for computing minimum flow is inclusive of all types of cen-
trifugal pumps and has found application especially for high-energy pumps, which can be
difficult to evaluate precisely in the varying circumstances of installation and operation in
which they are usually applied. The judgments that must be made in order to apply the
method of Table 16 can be largely avoided if actual data for @, are available. It would in
fact be a monumental task to establish precise limits for all pump types and operational
envelopes. Nevertheless, the effect of energy level on MCSF has been found experimen-
tally for several classes of API process pumps through extensive testing. From this, Heald
and Palgrave have developed a method for computing the minimum flow of these pumps
as follows™:

Quin = MSCF = %KM X Qpgp (68)
where
K; = K;(rpm, configuration, Ngg) (69)
and
Ky = Ky[(NPSH,/NPSHp)sgp, fluid] (70)

Obtained from Figure 38, the factor K; accounts for the effects of speed and configu-
ration. As used in that chart—and in Eq. 69, the term suction-specific speed N, (or ()
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does not mean that NPSH-effects are also included; rather, this expresses the fact that
the impeller design is affected by the designer’s choice of N, as can be seen in the case
of the earlier Design Example, beginning in Table 6. This leads immediately in Table 7
to the inlet flow coefficient ¢, (through the NPSH-correlations of Table 1) and the
impeller eye diameter D, or radius r,. Following on from the discussion of Recirculation,
the ratio Q¢/Qxrp can be expected to increase with eye size or D,/ D,. Being strictly based
on experiments, the Heald and Palgrave method does not deal explicitly with Qg or @ g,
but one can see from Eq. 38 that this principle is operative: Higher-N,, pumps require
greater MCSF. Before this fact was clearly understood, the trend was to design for
greater N,,—in order to increase suction capability of these pumps. When operators ran
them back to the same low flows as they had done with earlier pumps designed for lower-
N, capability, failures became epidemic. This led to a call for “lower-suction specific speed
pumps,” or, more accurately, pumps designed for lower-N,, capability; specifically 11,000
(Q,, = 4) or less™.

The NPSH-effect does come into play—as with K, in the previous general method —
through the factor K, in Figure 39a. In this case, the term NPSH; means NPSH,,. Here
again, it is the ratio R = NPSH,/NPSH,, that is the determining factor because it is a mea-
sure of the cavitation activity that is invariably present in the first stage of a pump, and
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therefore in all single-stage pumps. The lower the value of R, the more violent the pressure
pulsations accompanying the recirculating fluid and the consequent vibration. The situa-
tion is mitigated considerably at greater R, and K, operates through Eq. 68 to decrease the
MCSF. Of course, if R were great enough—often 5 or more—NPSH, would exceed NPSH,
(as discussed in Section 2.3.1) and there would then finally really be no cavitation in the
pump. (That high a value of NPSHA is rare; for, if it were supplied, there would hardly be
a need for a pump in the first place.)

Figure 39a also brings in the effect of the liquid being pumped. When room temperature
water boils (cavitates), the mass boiled off by the local drop below the vapor pressure makes
considerably more cavity or bubble volume than some other liquids, namely hydrocarbons
and hot water!’. (See Section 2.3.1.) The table refers to room temperature or cold water.

By way of illustration, computing the minimum flow of the end-suction volute pump of
the Design Example begins with Curve B in Figure 38 (for pumps with 6-inch discharge
and larger and for 1800 rpm and lower as stated on the figure). [This pump has a dis-
charge port of about 9 inches (229 mm) as would be the case if the velocity in this port were
half of the throat velocity V; in Part A of Table 11, as suggested previously in the para-
graphs on Volutes under Designing the Collector.] N, for this pump was chosen as 12,300
(Q,, = 4.5), which yields 41.5% for K;. If it were decided to provide this cold-water pump
with 16.4 ft (5 m) of NPSH,, R would be 1.17, and the figure yields 0.97 for K,. [NPSH,,
= 14 ft. (4.27 m) for this pump, as seen in Table 6.] Thus, from Eq. 68, this pump has an
MCSF of 0.415 X 0.97 or 40% of Qggp. Had it been designed for N, = 11,000 (€}, = 4.025),
and if R still were 1.17, the NPSH, would have been 19 ft (5.8 m) and MCFS would have
been 0.36 X 0.97 or 35% of Qggp. Moreover, if it were pumping hydrocarbons at this same
NPSH,, MCFS would have been even lower, namely 0.36 X 0.78 or 28% of Qggp. It would
appear, though, that for many applications, the pump as designed (at (), = 4.5) has a low
enough energy level to allow for an adequate range of flow-rate capability, and that there-
fore, the value N, = 12,300 is in this case not excessive.

Cavitation Considerations Having alluded to and treated the subject of cavitation a
number of times in this section, we should expand on the role that this ever-present phe-
nomenon plays in the operation and durability of centrifugal pumps, particularly those
having a high energy level. The manifestations of cavitation that are encountered and
become issues for the operability and life of a pump are a) cavitation accompanying back-
flow from the impeller eye, b) cavitation-generated instabilities and pressure pulsations,
and c) erosion, which involves the prediction of the NPSH-versus-flow rate characteris-
tic curve to maintain life and, conversely (d) the prediction of life for a given NPSH,. The
range of NPSH over which cavitation occurs within a pump extends from the point where
pump head or pressure rise undergoes an identifiable drop—usually 3% for repeatable
results for the NPSH-value involved—namely the “performance-NPSH” or NPSH,—
upwards. As NPSH increases from this point, there is an extensive range over which no
observable performance loss is detected, yet erosive damage is progressing at a sometimes
excessive rate. Finally, at the upper end of the range, all two-phase activity ceases—all
bubbles and cavities are suppressed—namely, at the inception-NPSH value or NPSH,. As
stated previously, NPSH, has been observed to be typically about five times NPSH,,. This
is clearly described in Section 2.3.1, in which the different NPSH-limits are distinguished.
The following cavitation considerations pertain to this range.

a) Cavitation and backflow. The minimum flow limits imposed by the R-value or NPSH-
effect arise partly because a lower flow rate at a low NPSH—although it may be in excess
of NPSH,,—involves a strong interaction between suction recirculation and cavitation
that can be intense, especially for inducers and large-eye (large D,/D,) impellers. At flow
rates @ << Qgp, there exists upstream of the impeller an annulus of back-flowing fluid that
emerges from the impeller. Drawing the velocity diagram at the impeller leading edge at
the shroud for the case of reversed flow reveals that the absolute velocity component V/
i) is mostly circumferential and ii) is greater than the impeller tip speed U,, or U,. Thus
the fluid leaving the impeller hugs the outer wall of the approach passage. If this passage
is an axial pipe supplying an end-suction impeller or inducer, the pressure along the cen-
terline can be below the vapor pressure, thus creating a vapor core that extends many
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diameters upstream, as was shown in a photograph that is part of an article by Yedidiah™.
Obviously the energetic backflow has to be balanced by an equivalent inflow that enters
the impeller from the interior of the pipe and therefore along the hub streamline of the
impeller. Vapor from the core is drawn in also and tends to fill the impeller and vapor-lock
it. At this point, the pressure to drive the highly spinning liquid upstream is non-existent
and the backflow ceases. The vapor core disappears and the impeller once more begins
ingesting liquid, the process just described repeating itself at a very low frequency (as low
as 1 to 6 Hz) and called cavitation surge™. It has been found possible to passively divert
the backflowing liquid outward from the inlet passage at the impeller or inducer eye into
a series of vaned passages surrounding the inlet pipe, the vanes deswirling the back-
flowing liquid and returning it to a point or annular port upstream. Properly designed,
this “backflow recirculator” has completely eliminated all cavitation instabilities in induc-
ers—over the full range of flow rate from shut-off to run-out. It was shown to work for
some high-N,; impellers to which it was applied’. Cavitation surge, however, is rarely seen
in low-N,, impellers and is usually completely avoided by running the pump at flow rates
greater than minimum flow @,,;, as established by one of the previous methods or by test.

b) Cavitation-related instabilities and pressure pulsations. At flow rates greater than
@Q..in, cavitation can cause or intensify pressure pulsations. Such instabilities are connected
with the variety of cavity and bubble configurations that can exist over the range of flow
rates and NPSH- or R-values. The nature and extent of cavitating flow within a pump
has been studied extensively by visual observation. Figures 40 and 41 are laboratory pho-
tographs®! of a sector of a boiler feed pump impeller eye, in which the suction sides of some
of the blades are visible. These were taken with the aid of a bright flash that lasted for 1
us. They can also be found in Ref. 24 of Section 2.3.1. Figure 40a shows the sheet cavity
that exists at BEP flow rate and at an R-value of 2. Also observed at BEP—but at R = 1
(that is, NPSH = NPSH,,)—is the thick, extensive cavity of Figure 40b. This cavity
extends from the blade leading edge to the throat formed by the leading edge of the fol-
lowing blade, and this same pattern exists on every blade. Most observers note that when
this suction-side cavity reaches the next throat, the pressure rise or liquid head starts
breaking down—which is what is recorded at this “3-percent-NPSH” point. Instabilities
tend to be at a minimum at both of these relatively steady-flow conditions.

Figure 41, on the other hand, displays highly unsteady cavity flows. Both photographs
(A and B) were taken at the same half-flow condition at different instants—for R = 2. A
similar sequence of three photographs at this condition appears in Section 9.5, and none
of the three possesses a cavity pattern that resembles either of the others. The position of
the somewhat smaller cloud in Figure 41b that has broken off the main cavity appears to
be traveling toward the pressure-side (out of sight) of the next blade. Pressure-side cavi-
tation erosion would be the result, and this accords with the findings in Section 2.3.2.

Pressure pulsations are associated with unsteady cavitation patterns, and plots of the
amplitude and frequency of suction pressure pulsations show increasing frequency as R is

a. b.

FIGURE 40 Cavities on impeller blades at BEP flow rate: a) NPSH = 2 X NPSHj,; b) NPSH = NPSH;,. (Source:
Flowserve Corporation)s!
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a. b.

FIGURE 41A and B Cavities on impeller blades at half the BEP flow rate: NPSH = 2 X NPSH,,. (Source:
Flowserve Corporation)®!

increased—as would be expected as bubble size is reduced. The amplitude peaks at R
greater than 1—usually closer to 2. Elimination of these instabilities is best done by avoid-
ing cavitation. This can be done by increasing NPSHA and optimizing the blade shape for
minimum cavity activity™. To avoid the excessive pump and system oscillations that can
occur, some users specify that a cavitation-flow visualization test be conducted and require
that minimal or no cavities shall be observed.

¢) Erosion due to cavitation and the prediction of the Life-NPSH. In the majority of cases
cavitation is unavoidable, and the issue becomes the life of component (usually the
impeller) in resistance to attack by collapsing bubbles and larger cavities as they are
swept out of the low-pressure regions near the blade leading edges. The pressure created
at the point and instant of collapse is immense. Photographs of the erosive damage result-
ing from this activity can be found in Sections 2.3.1 and 9.5. The surface failure mecha-
nism is one of fatigue due to repeated collapse of bubbles adjacent to the blade. This
happens at a large number of closely spaced sites, the resulting erosion having a strongly
pitted texture. The rate of erosive depth penetration into the surface of a venturi subject
to bubble collapse was found by Knapp’ to increase as the sixth power of velocity V at a
constant cavitation number & = 2(p; — p,)/pV? In other words, the erosion rate increased
as the third power of (p, — p,) or NPSH at the inlet of the venturi, which means that the
collapse pressure rises with NPSH, as is known from the Rayleigh bubble collapse the-
ory. The velocity V in Knapp’s venturi corresponds in a pump to the maximum relative
velocity W at inlet—which is conveniently represented by the impeller inlet tip speed U,
as a criterion for damage rate—and 7 corresponds to the cavitation number %. For a given
impeller at constant /N and a constant value of 7, (or at a constant available suction
specific speed,) the higher U, is, the greater the NPSH and the greater the damage rate.
Also, as mentioned earlier, a higher value of U, ; implies a correspondingly greater U, and,
therefore, greater pump pressure rise or head. Therefore, high-head pumps are more likely
to suffer from cavitation erosion, making cavitation a “high-energy” pump phenomenon.
High pressure-rise has already been shown to be a feature of high energy pumps through
the definition of energy level in terms of classical stress loading (Figure 32).

Facing the reality of high-energy pump destruction due to cavitation erosion, Vlam-
ing redefined the term “NPSHR” to mean NPSH ; yo 1. ; that is, the NPSH needed to
limit the damage sufficiently so as to ensure an impeller life of 40,000 hours. He devel-
oped an empirical method for predicting the curve of this “damage-NPSH” versus flow
rate for conventionally-designed impellers”. This method is defined in Table 17 and
includes the inlet tip speed effect on the erosion rate. A value of the vaporization factor
C, that is less than unity applies to hot water and to other liquids such as hydrocar-
bons, which generate far less vapor volume when they cavitate than does cold water.
(See the earlier discussion under NPSH Effects in the subsection on Specific Speed and
Optimum Geometry.) (Rather than depend on theory for the API process pumps men-
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TABLE 17 NPSH required for 40,000 hours life”

NPSHR = NPSHgp + f [L QBEP NPSHSE]
Qpep  Qse

where

2
U
NPSHgg = C, - Cp - Cg - [(k1 1 ka) be2 +k2] : ;g

and C, = Specific Speed Effect (= 1 for Ny = 1000) (Qg = 0.366)

= Vaporization Effect [= 1 for cold water; 0.74 for 350°F (177°C) water]
C. = Material Effect (=1 for 12 Cr. Stainless Steels)
k1 =12

Ky = 02334 + [Ue (ft/sec)/a00]* | _ {inlet tip
[Ue (m/s)/128.3]4 speed effect

2
887(Qi——9—]+893(Qi—L] .x{&g
Qe QBErp Qpep  QBEp Qsk
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2820(L~Qi)+6610[i—-93&] -x{—gy
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NPSHg (ft)

f =

and X = (5“05 - s)/looo where S=
32808 x NPSHg (m)

tioned earlier in connection with their minimum flow data, Heald and Palgrave quan-
tified NPSH 4 o0 s, in Figure 39b™.)

Applied to the high-energy multistage pump suction stage of Figure 33 and Table 14,
Vlaming’s method yields the NPSH-values shown in Table 18 under the heading ¢,=0.3.
These are plotted as the NPSH 0 1, -curve on Figure 37. The blades of the pump are
assumed to be set for zero incidence of the incoming flow to their camber lines at the BEP
—called “shockless entry” and denoted by “SE.” (Many designers make Qg; somewhat
larger than Qggp to achieve lower NPSHR at @ > Qggp.) The column to the right in the
table contains the results for the same method applied to the more common case for high-
energy pump suction stages, namely ¢, = 0.25 (and lower). For the same shaft diameter,
flow rate and speed, ¢, = 0.25 yields a larger eye diameter through Eq. 49; namely, 13.92
in. (353.6 mm) versus 13.37 in (339.6 mm) for the ¢, = 0.3 case as shown in Figure 33.
Moreover, that figure shows the inlet tip speed U, ; (U,) to be 274 ft/sec (84 m/s), whereas
for the larger-eye case the value is computed to be 286 ft/sec (87 m/s). As Table 18 reveals,
this larger-eye impeller has a lower value of NPSHj, (as computed from the correlations
of Table 1), which is the reason for sizing large eyes. But Vlaming’s method indicates that
the smaller eye requires less “damage-NPSH” (R = 1.69) than does the larger eye (R =
2.06), even though the latter requires less “performance-NPSH” or NPSH,,,. So, from both
a minimum-flow and a cavitation damage standpoint, the advantage of a smaller eye for
high energy levels is evident.

d) Prediction of life for a given NPSH,. The inverse of the foregoing problem is how to
determine the life under cavitating conditions at a given value of available NPSH. Giilich
found a connection between an observed length L, of the cavity trailing off the leading
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TABLE 18 NPSHR of high-energy pump suctions stages

A) NPSH Required to Maintain Head Rise: NPSHse,

NPSHi, ft(m) Q. NPSHss,, fi(m)
(3% reduction in AH) Qgep $e=0.3* $e=0.25
-EM 0.2633—‘ | 0214 |
k=169 } [Table (1)] 100 307(94) 271(83)
ky =0.102
[Empirically Calculated] 150 1150(350)  1150(350)

B) NPSH Required to Limit Cavitation Damage: NPSHa0000 s

NPSHu0,000 ts. Life _Q_ NPSHg, ft(m)
Q Bep 0=0.3* $.=0.25
. 0.25 1081(329) 1174(358)
vl
Fmpirical 0.50 840(256) 910(277)
Method
for Qeg = O 0.75 653(199) 705(215)
(for Qs = Quer) 0.90 566(173) 610(186)
1.00 519(158) 559(170)
R = YPSH.0,000 brs. [1.00] [R=1.69] [R=2.06]
NPSH o,
1.10 687(209) 743(226)
125 1058(322) 1148(350)
1.50 1994(608) 2173(662)

*Values predicted for sample high-energy pump suction stage: ¢, = 0.3; ¢, < 0.25
widely typical of suction (1) stages.

edge of the blade at BEP (Figure 40a) and the life of an impeller operating at this condi-
tion. The resulting procedure is outlined in Table 19, beginning with the definition that
the life is the time it takes for the erosion to penetrate through 75% of the blade (or wall)
thickness. In the absence of a cavitation-visualizing test, L., can be estimated as sug-
gested by the last two formulas in Table 197. Critical to this estimate is the assumed value
of the “inception-NPSH” or 7;. For conventionally designed impeller blades, 7; = 1 at the
BEP, whereas aerodynamically shaped blades that minimize the local reduction of static
pressure have been produced with 7; < 0.5 at the BEP™™. The life computations of Table
20 follow from application of the method of Table 19 to the sample suction stage of Fig-
ure 33 for 7; = 1 and 0.5. Higher values of 7; apply for @ # Qgzp—as might be expected
from the shape of Vlaming’s NPSH , o1, -curve in Figure 37 and the fact that the local
pressure reduction in the leading-edge region increases with incidence. From this and the
results of Table 20, it is evident that improvements to conventional blade-design practice
are essential if life is to exceed half a year. Further, this life calculation method is based
on the existence of a sheet cavity like that of Figure 40a; and the disordered cavity struc-
tures of Figure 41, which happen in the presence of recirculation, are not addressed. Low-
flow cavitation damage is generally more severe, and is described in Section 2.3.2.
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TABLE 19 Prediction of life under cavitating conditions

Table 19. Prediction of Life Under Cavitating Conditions

ILife:the minimum of (Lifess. , Lifey ),} where s.5.= suction side of blade;

and p.s. = pressure side of blade.

And where I Life = 0.75 x YMDPR, | where t = blade thickness, mm;

MDPR=mean depth of penetration rate, mm/hour.

MDPR:[C x (Logy /10)" % (4 —¢62)3 x U0 % pp ? x A} / [8 x Fogy X (TS)Z] mm/h

Where C = 8.28 E-06 (s.s.), 396 E-06 (p.s.); and n=2.83 (s.s.), 2.6 (p.s.);
T = NPSH/(UC2/2g);dimension less
Uy, is blade inlet tip speed in m/s
d¢ = Vimi/Ue, where Vi | = average axial inlet velocity, (typically ¢, = 025);
p1, = 1000 sp. gravity of the liquid; A =1 for cold water, 0.705 for 350°F (177°C) water;
Fpae = 1 for martensitic: stainless steel, 1.7 for austenitic stainless steel;

TS = tensile strength in Pa [: 860,000,000 (= 125,000 psi) for 13 Crand
=552,000,000 (: 80,000 psi) for 18 Cr, 8 Ni.]

Leay % (% De/ny) x {“[(TA —T30)/(Ti *13%)}1/3} if 1, <15 (mm)

Loy =0ifta>1;

Moreover, corrosion can play a role in cavitation-related erosive activity, an effect that was
also addressed in Giilich’s work.™ Nevertheless, the ability to compute erosive behavior—
even at the BEP—allows one to evaluate design improvements and provides a good idea
of the life that can be expected under normal operating conditions.

Obviously, if the available NPSH is greater than the inception-NPSH (that is, 7, > 7)),
there is no bubble activity of any kind, and at Qggp the cavity length L, = 0. An illustration
of what can be achieved in this regard is presented in Figures 24 and 25 of Section 9.5, which
are the “before” and “after” photographs of the model impeller blades for the first stage of a
24,000 hp (18 MW) pipeline pump. Quasi-three dimensional analysis of the blade pressure
loading led to changes in shape that eliminated the cavities®™. This complete absence of cav-
itation is becoming the desired objective for the design and application of new and upgraded
multistage high-energy pump suction stages. This approach eliminates both the erratic
mechanical behavior that occurs in response to unsteady cavity patterns and the erosion due
to bubble collapse; thereby substantially increasing the life and reliability of such machines®.
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TABLE 20 Life of high-energy pump suction stage

A) Pump data for computing life [at the B.E.P. of 20,000 gpm (1,262 m3/s)]
« NPSH3¢, =307 ft ( 94 m) ; thus, T3, =0.263
« NPSHA =519ft (158 m) ;thus, ta =0.444
o thlade =0.421in (10.7m) ; thus, Fuae =1 (13 Cr martensitic stainless steel)
* Suction-side cavitation in 350°F (177°C) boiler feedwater, for which A=0.705

+ Inlet flow coefficient ¢, =0.3; U, =274.2 ft/sec (83.57 m/s); Ue/2g=1168ft (356 m)

B) Results for inception occurring at NPSH; = blade inlet tip speed head and half that

NPSH;.
g)_r,jI_O = 3.8X‘C3% b)_t!:O.S: 1.9X‘C3%
NPSH; = 1168 ft (356 m) NPSH; = 584 {t (178 m)
Leav =57.0 mm 13.1 mm
MDPR = 0.0014482 mm/hour 0.000022257 mm/hour
Life = 5,541 hours = 7.6 months 360,000 hours — 41 years

- . High Energy
C) Sample Life Calculation {Pump Suction Stage

L =254 x mx 1337 <11 0444 - 0263 173 _
cav - —7 71 Z 0263 57.0 mm

6 (578 —2 6 3
828 x 107° x [15) x (0444-03 ) x (8357)” x (890)° x 0.705

MDPR =

8 x 1 x (860 x 106)2

hi
=0.0014482 mm/ hour (x 8760 ye—rar = 12,7mm/yr)

Life =0.75 x 10.7/0.0014482 = 5,541 hours

= 7.6 months
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CONSTRUGTION

2.2.1
CENTRIFUGAL PUMPS: MAJOR
COMPONENTS

IGOR J. KARASSIK
C.C.HEALD

CLASSIFICATION AND NOMENCLATURE

A centrifugal pump consists of a set of rotating vanes enclosed within a housing or casing
that is used to impart energy to a fluid through centrifugal force. Thus, stripped of all
refinements, a centrifugal pump has two main parts: (1) a rotating element, including an
impeller and a shaft, and (2) a stationary element made up of a casing, casing cover, and
bearings.

In a centrifugal pump, the liquid is forced by atmospheric or other pressure into a set
of rotating vanes. These vanes constitute an impeller that discharges the liquid at its
periphery at a higher velocity. This velocity is converted to pressure energy by means of a
volute (see Figure 1) or by a set of stationary diffusion vanes (see Figure 2) surrounding
the impeller periphery. Pumps with volute casings are generally called volute pumps,
while those with diffusion vanes are called diffuser pumps. Diffuser pumps were once
quite commonly called turbine pumps, but this term has become more selectively applied
to the vertical deep-well centrifugal diffuser pumps usually referred to as vertical turbine
pumps. Figure 1 shows the path of the liquid passing through an end-suction volute pump
operating at rated capacity (the capacity at which best efficiency is obtained).

Impellers are classified according to the major direction of flow in reference to the axis
of rotation. Thus, centrifugal pumps may have the following:

e Radial-flow impellers (see Figures 25, 34, 35, 36, and 37)
e Axial-flow impellers (see Figure 29)

e Mixed-flow impellers, which combine radial- and axial-flow principles (see Figures 27
and 28)
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FIGURE 1 A typical single-stage, end-suction volute pump (Flowserve Corporation)

CASING

IMPELLER

FIGURE 2 A typical diffuser-type pump

Impellers are further classified in one of two categories:

e Single-suction, with a single inlet on one side (see Figures 25, 33, and 37)

¢ Double-suction, with liquid flowing to the impeller symmetrically from both sides (see
Figures 26, 27, and 38)

The mechanical construction of the impellers gives a still further subdivision into

e Enclosed, with shrouds or side walls enclosing the waterways (see Figures 25, 26, and 27)
e Open, with no shrouds (see Figures 29, 33, and 34)
e Semiopen or semi-enclosed (see Figure 36)
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A pump in which the head is developed by a single impeller is called a single-stage
pump. Often the total head to be developed requires the use of two or more impellers oper-
ating in a series, each taking its suction from the discharge of the preceding impeller. For
this purpose, two or more single-stage pumps can be connected in a series or all the
impellers can be incorporated in a single casing. The unit is then called a multistage pump.

The mechanical design of the casing provides the added pump classification of axially
split or radially split, and the axis of rotation determines whether the pump is a horizon-
tal or vertical unit.

Horizontal-shaft centrifugal pumps are classified still further according to the location
of the suction nozzle:

e End-suction (see Figures 1, 8, 11, and 13)
e Side-suction (see Figures 7 and 10)

e Bottom-suction (see Figure 15)

e Top-suction (see Figure 22)

Some pumps operate in air with the liquid coming to and being conducted away from
the pumps by piping. Other pumps, most often vertical types, are submerged in their suc-
tion supply. Vertical-shaft pumps are therefore called either dry-pit or wet-pit types. If the
wet-pit pumps are axial-flow, mixed-flow, or vertical-turbine types, the liquid is discharged
up through the supporting drop or column pipe to a discharge point above or below the
supporting floor. These pumps are consequently designated as aboveground discharge or
belowground discharge units.

Figures 3, 4, and 8 show typical constructions of a horizontal double-suction volute
pump, the bowl section of a single-stage axial-flow propeller pump, and a vertical dry-pit
single-suction volute pump, respectively. The names recommended by the Hydraulic Insti-
tute for various pump parts are given in Table 1.

CASINGS AND DIFFUSERS

The Volute Casing Pump This pump (refer to Figure 1) derives its name from the spi-
ral-shaped casing surrounding the impeller. This casing section collects the liquid dis-
charged by the impeller and converts velocity energy to pressure energy.

A centrifugal pump volute increases in area from its initial point until it encompasses
the full 360° around the impeller and then flares out to the final discharge opening. The

FIGURE 3 Horizontal single-stage double-suction volute pump (the numbers refer to parts listed in Table 1)
(Flowserve Corporation)
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TABLE 1 Recommended names of centrifugal pump parts

Item no. Name of part Item no. Name of part
1 Gasing 33 Bearing housing (outboard)
1A Gasing (lower half) 35 Bearing cover (inboard)
1B Gasing (upper half) 36 Propeller key
2 Impeller 37 Bearing cover (outboard)
4 Propeller 39 Bearing bushing
6 Pump shaft 40 Deflector
7 Gasing ring 42 Coupling (driver half)
8 Impeller ring 44 Coupling (pump half)
9 Suction cover 46 Coupling key

11 Stuffing box cover 48 Coupling bushing

13 Packing 50 Coupling lock nut

14 Shaft sleeve 52 Coupling pin

15 Discharge bowl 59 Handhole cover

16 Bearing (inboard) 68 Shaft collar

17 Gland 72 Thrust collar

18 Bearing (outboard) 78 Bearing spacer

19 Frame 85 Shaft enclosing tube

20 Shaft sleeve nut 89 Seal

22 Bearing lock nut 91 Suction bowl

24 Impeller nut 101 Column pipe

25 Suction head ring 103 Connector bearing

27 Stuffing box cover ring 123 Bearing end cover

29 Lantern ring (seal cage) 125 Grease (oil) cup

31 Bearing housing (inboard) 127 Seal pipe (tubing)

32 Impeller key

aThese parts are called out in Figures 3, 4, and 8.

wall dividing the initial section and the discharge nozzle portion of the casing is called the
tongue of the volute or the “cutwater.” The diffusion vanes and concentric casing of a dif-
fuser pump fulfill the same function as the volute casing in energy conversion.

In propeller and other pumps in which axial-flow impellers are used, it is not practical
to use a volute casing. Instead, the impeller is enclosed in a pipe-like casing. Generally, dif-
fusion vanes are used following the impeller proper, but in certain extremely low-head
units these vanes may be omitted.

A diffuser is seldom applied to a single-stage, radial-flow pump, except in special
instances where volute passages become so small that machined or precision-cast volute
or diffuser-like pieces are utilized for precise flow control. Conventional diffusers are often
applied to multistage pump designs in conjunction with guide vanes to direct the flow effi-
ciently from one impeller (stage) to another in a minimum radial and axial space. Diffuser
vanes are used as the primary construction method for vertical turbine pumps and single-
stage, low-head propeller pumps (see Figure 4).

Radial Thrust 1In a single-volute pump casing design (see Figure 5), uniform or near uni-
form pressures act on the impeller when the pump operates at design capacity (which coin-
cides with the best efficiency). At other capacities, the pressures around the impeller are
not uniform (see Figure 6) and there is a resultant radial reaction (¥). A detailed discus-
sion of the radial thrust and of its magnitude is presented in Subsection 2.3.1. Note that
the unbalanced radial thrust increases as capacity decreases from that at the design flow.

For any percentage of capacity, this radial reaction is a function of total head and of the
width and diameter of the impeller. Thus, a high-head pump with a large impeller diame-
ter will have a much greater radial reaction force at partial capacities than a low-head
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FIGURE 4 Vertical wet-pit diffuser pump bowl (the FIGURE 5 Uniform casing pressures exist at
number refers to parts listed in Table 1) (Flowserve design capacity, resulting in zero radial reaction.
Corporation)

pump with a small impeller diameter. A zero radial reaction is not often realized; the min-
imum reaction occurs at design capacity.

Although the same tendency for unbalance exists in the diffuser-type pump, the reac-
tion is limited to a small arc repeated all around the impeller. As a result, the individual
reactions cancel each other out as long as flow is constantly removed from around the
periphery of the diffuser discharge. If flow is not removed uniformly around its periphery,
a pressure imbalance may occur around the diffuser discharge that will be transmitted
back through the diffuser to the impeller, resulting in a radial reaction on the shaft and
bearing system.

In a centrifugal pump design, shaft diameter as well as bearing size can be affected by
the allowable deflection as determined by the shaft span, impeller weight, radial reaction
forces, and torque to be transmitted.

Formerly, standard designs compensated for radial reaction forces encountered at
capacities in excess of 50 percent of the design capacity for the maximum-diameter
impeller of the pump. For sustained operations at lower capacities, the pump manufac-
turer, if properly advised, would supply a heavier shaft, usually at a much higher cost. Sus-
tained operations at extremely low flows without the manufacturer being informed at the
time of purchase are a much more common practice today. This can result in broken shafts,
especially older designs, on high-head units.

Because of the increasing application of pumps that must operate at reduced capaci-
ties, it has become desirable to design standard units to accommodate such conditions.
One solution is to use heavier shafts and bearings. Except for low-head pumps in which
only a small additional load is involved, this solution is not economical. The only practical
answer is a casing design that develops a much smaller radial reaction force at partial
capacities. One of these is the double-volute casing design, also called the twin-volute or
dual-volute design.

The application of the double-volute design principle to neutralize radial reaction
forces at reduced capacity is illustrated in Figure 7. Basically, this design consists of two
180° volutes, and a passage external to the second joins the two into a common discharge.
Although a pressure unbalance exists at partial capacity through each 180° arc, the two
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DOUBLE-VOLUTE WALL

FIGURE 6 At reduced capacities, uniform FIGURE 7 Transverse view of a double-volute
pressures do not exist in a single-volute casing, casing pump.
resulting in a radial reaction F.

forces are approximately equal and opposite. Thus, little if any radial force acts on the
shaft and bearings. Subsection 2.3.1 also covers this topic.

The double-volute design has many hidden advantages. For example, in large-capacity
medium- and high-head single-stage vertical pumps, the rib forming the second volute
that separates it from the discharge waterway of the first volute strengthens the casing
(see Figure 8).

The individual stages of a multistage pump can be made double volute, as illustrated
in Figure 9. The kinetic energy of the pumped liquid discharged from the impeller must be
transformed into pressure energy and then must be turned 180° to enter the impeller of
the next stage. The double volute therefore also acts as a return channel. The back view in
Figure 9 shows this as well as the guide vanes used to straighten the flow into the next
stage. An alternative to the volute design for multistage pumps is the diffuser and its
return vanes that channel the flow from the discharge of the diffuser vanes back into the
impeller of the next stage.

Solid and Split Casings Solid casing implies a design in which the discharge water-
ways leading to the discharge nozzle are all contained in one casting or fabricated piece.
The casing must have one side open so that the impeller can be introduced into it. Because
the sidewalls surrounding the impeller are actually part of the casing, a solid casing,
strictly speaking, cannot be used, and designs normally called solid casing are really radi-
ally split (refer to Figure 1 and see Figures 11, 12, and 13).

A split casing is made of two or more parts fastened together. The term horizontally
split had regularly been used to describe pumps with a casing divided by a horizontal
plane through the shaft centerline or axis (see Figure 10). The term axially split is now
preferred. Because both the suction and discharge nozzles are usually in the same half of
the casing, the other half may be removed for inspection of the interior without disturbing
the bearings or the piping. Like its counterpart horizontally split, the term vertically split
is poor terminology. It refers to a casing split in a plane perpendicular to the axis of rota-
tion. The term radially split is now preferred.

End-Suction Pumps Most end-suction, single-stage pumps are made of one-piece solid
casings. At least one side of the casing must be open so that the impeller can be assem-
bled in the pump. Thus, a cover is required for that side. If the cover is on the suction side,
it becomes the casing sidewall and contains the suction opening (refer to Figure 1). This
is called the suction cover or casing suction head. Other designs are made with casing cov-
ers (see Figure 12) and still others have both casing suction covers and casing covers (refer
to Figure 8 and see Figure 13).
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FIGURE 8 The sectional view of a vertical-shaft, end-suction pump with a double-volute casing (the numbers
refer to parts listed in Table 1) (Flowserve Corporation)

o

FIGURE 9 The double volute of a multistage pump, front view (left) and back view (right) (Flowserve
Corporation)

For general service, the end-suction, single-stage pump design is extensively used for
small pumps with a 4- or 6-in (102 or 152 mm) discharge size for both motor-mounted and
coupled types. In these pumps, the small size makes it feasible to cast the volute and one
side integrally. Whether or not the seal chamber side or the suction side is made integrally
with the casing is usually determined by the most economical pump design.

For larger pumps, especially those for special services such as sewage handling, there
is a demand for pumps of both rotations. A design with separate suction and seal chamber
heads permits the use of the same casing for either rotation if the flanges on the two sides
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FIGURE 10 An axially split casing, horizontal-shaft, double-suction volute pump (Flowserve Corporation)

FIGURE 11 End-suction pump with semi-open impeller (Flowserve Corporation)

are made identical. There is also a demand for vertical pumps that can be disassembled by
removing the rotor and bearing assembly from the top of the casing. Many horizontal
applications of the pumps of the same line, however, require partial dismantling from the
suction side. Such lines are most adaptable when they have separate suction and casing
covers.

Casing Construction for Open- and Semiopen-Impeller Pumps In the open- or
semiopen impeller pump, the impeller rotates within close clearance of the pump casing
or suction cover (refer to Figure 11). If the intended service is abrasive, a side plate is
mounted within the casing to provide a renewable close-clearance guide to the liquid flow-
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FIGURE 12 End-suction pump with semi-open impeller, inducer and renewable side plate (Flowserve Corporation)

REMOVABLE
SUCTION
REMOVABLE
HEAD STUFFING
BOX HEAD

FIGURE 13 End-suction pump with removable suction and stuffing box heads (Flowserve Corporation)

ing through the impeller (refer to Figure 12). One of the advantages of using side plates
is that abrasion-resistant material, such as stainless steel, can be used for the impeller
and side plate, while the casing itself may be of a less costly material. Although double-
suction, semiopen-impeller pumps are seldom used today, they were common in the past
and were generally made with side plates.

In order to maintain pump efficiency, a close running clearance is required between the
front unshrouded face of the open or semiopen impeller and the casing, suction cover, or
side plate. Pump designs provide either jackscrews or shims to adjust the position of the
thrust bearing housing (and, as a result, the axial position of the shaft and impeller) rela-
tive to the bearing frame.

Pre-rotation and Stop Pieces Improper entrance conditions and inadequate suction
approach shapes may cause the liquid column in the suction pipe to spiral for some dis-
tance ahead of the impeller entrance. This phenomenon is called pre-rotation, and it is
attributed to various operational and design factors in both vertical and horizontal pumps.

Pre-rotation is usually harmful to pump operation because the liquid enters between
the impeller vanes at an angle other than that allowed in the design. This frequently low-
ers the net effective suction head and the pump efficiency. Various means are used to avoid
pre-rotation both in the construction of the pump and in the design of the suction
approaches.
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FIGURE 14 Possible positions of discharge nozzles for a specific design of an end-suction, solid-casing, horizontal-
shaft pump. The rotation illustrated is counterclockwise from suction end.

FIGURE 15 A bottom-suction, axially split casing single-stage pump (Flowserve Corporation)

Practically all horizontal, single-stage, double-suction pumps and most multistage
pumps have a suction volute that guides the liquid in a streamline flow to the impeller eye.
The flow comes to the eye at right angles to the shaft and separates unequally on the two
sides of the shaft. Moving from the suction nozzle to the impeller eye, the suction water-
ways are reduced in area, meeting in a projecting section of the sidewall dividing the two
sections. This dividing projection is called a stop piece. To minimize pre-rotation in end-
suction pumps, a radial-fin stop piece projecting toward the center is sometimes cast into
the suction nozzle wall.

Nozzle Locations The discharge nozzle of end-suction, single-stage horizontal pumps
is usually in a top-vertical position (refer to Figures 1, 11, and 12). However, other nozzle
positions can be obtained, such as top-horizontal, bottom-horizontal, or bottom-vertical.
Figure 14 illustrates the flexibility available in discharge nozzle locations. Sometimes the
pump frame, bearing bracket, or baseplate may interfere with the discharge flange, pro-
hibiting a bottom-horizontal or bottom-vertical discharge nozzle position. In other
instances, solid casings cannot be rotated for various nozzle positions because the seal
chamber connection would become inaccessible.

Practically all double-suction, axially split casing pumps have a side discharge nozzle
and either a side- or a bottom-suction nozzle. If the suction nozzle is placed on the side of
the pump casing with its axial centerline (refer to Figure 10), the pump is classified as a
side-suction pump. If its suction nozzle points vertically downward (see Figure 15), the
pump is called a bottom-suction pump. Single-stage, bottom-suction pumps are rarely
made in sizes below a 10-in (254 mm) discharge nozzle diameter.

Special nozzle positions can sometimes be provided for double-suction, axially split cas-
ing pumps to meet special piping arrangements, such as a radically split casing with bot-
tom suction and top discharge in the same half of the casing. Such special designs are
generally costly and should be avoided.
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Centrifugal Pump Rotation Because suction and discharge nozzle locations are
affected by pump rotation, it is important to understand how the direction of rotation is
defined. According to Hydraulic Institute standards, rotation is defined as clockwise or
counterclockwise by looking at the driven end of a horizontal pump or looking down on a
vertical pump. To avoid misunderstanding, clockwise or counterclockwise rotation should
always be qualified by including the direction from which one looks at the pump.

The terms inboard end or drive end (the end of the pump closest to the driver) and out-
board end or nondrive end (the end of the pump farthest from the driver) are used only
with horizontal pumps. The terms lose their significance with dual-driven pumps. Any
centrifugal pump casing pattern can be arranged for either clockwise or counterclockwise
rotation, except for end-suction pumps, which have integral heads on one side. These
require separate directional patterns.

Casing Handholes Casing handholes are furnished primarily on pumps handling sewage
and stringy materials that may become lodged on the impeller suction vane edges or on the
tongue of the volute. The holes permit removal of this material without completely disman-
tling the pump. End-suction pumps used primarily for liquids of this type are provided with
handholes or access to the suction side of the impellers. These access points are located on
the suction head or in the suction elbow. Handholes are also provided in drainage, irrigation,
circulating, and supply pumps if foreign matter may become lodged in the waterways. On
very large pumps, manholes provide access to the interior for both cleaning and inspection.

Mechanical Features of Casings Most single-stage centrifugal pumps are intended
for service at moderate pressures and temperatures. As a result, pump manufacturers
usually design a special line of pumps for high operating pressures and temperatures
rather than make their standard line unduly expensive by making it suitable for too wide
a range of operating conditions.

If axially split casings are subject to high pressure, they tend to “breathe” at the split
joint, leading to misalignment of the rotor and, even worse, leakage. For such conditions,
internal and external ribbing is applied to casings at the points subject to the greatest
stress. In addition, whereas most pumps are supported by feet at the bottom of the casing,
high temperatures require centerline support so that, as the pump becomes heated, expan-
sion will not cause misalignment.

Series Units For large-capacity medium-high-head conditions, two single-stage, double-
suction pumps can be connected in a series on one baseplate with a single driver. Such an
arrangement was at one time very common in waterworks applications for heads of 250 to
400 ft (76 to 122 m). One series arrangement uses a double-extended shaft motor in the mid-
dle, driving two pumps connected in a series by external piping. In a second type, a stan-
dard motor is used with one pump having a double-extended shaft. This latter arrangement
may have limited applications because the shaft of the pump next to the motor must be
strong enough to transmit the total pumping horsepower. If the total pressure generated by
such a series unit is relatively high, the casing of the second pump could require ribbing.
Higher heads per stage are becoming more and more common, and series units are gener-
ally used in only very high ranges of total head.

MULTISTAGE PUMP CASINGS

Although the majority of single-stage pumps are of the volute-casing type, both volute and
diffuser casings are used in multistage pump construction. Because a volute casing gives
rise to radial thrust, axially split multistage casings generally have staggered volutes so
that the resultant of the individual radial thrusts is balanced out (see Figures 16 and 17).
Both axially and radially split casings are used for multistage pumps. The choice between
the two designs is dictated by the design pressure, with 2000 1b/in? (138 bar)° being typi-
cal for 3600-rpm axially split casing pumps.

°1 bar = 10° Pa
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FIGURE 16 An arrangement of a multistage volute pump for radial-thrust balance

FIGURE 17 The horizontal flange of an axially split casing, six-stage pump (Flowserve Corporation)

Axially Split Casings Regardless of the arrangement of the stages in the casing, it is
necessary to connect the successive stages of a multistage pump. In the low and medium
pressure and capacity ranges, these interstage passages are cast integrally with the cas-
ing proper (see Figures 18 and 19). As the pressures and capacities increase, the desire to
maintain as small a casing diameter as possible, coupled with the necessity of avoiding
sudden changes in the velocity or the direction of the flow, leads to the use of external
interstage passages cast separately from the pump casing. They are formed in the shape
of a loop, bolted or welded to the casing proper (see Figure 20).

Interstage Construction for Axially Split Casing Pumps A multistage pump inher-
ently has adjoining chambers subjected to different pressures, and means must be made
available to isolate these chambers from one another so that the leakage from high to low
pressure will take place only at the clearance joints formed between the stationary and
rotating elements of the pump. Thus, the leakage will be kept to a minimum. The isolating
wall used to separate two adjacent chambers of a multistage pump is called a stage piece,
diaphragm, or inter-stage diaphragm. The stage piece may be formed of a single piece, or it
may be fitted with a renewable stage piece bushing at the clearance joint between the sta-
tionary stage piece and the part of the rotor immediately inside the former. The stage pieces,
which are usually solid, are assembled on the rotor along with impellers, sleeves, bearings,
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FIGURE 18 Two-stage axially split casing volute pump for small capacities and pressures up to 450 lb/in? (31
bar) (Flowserve Corporation)

FIGURE 19 Two-stage axially split casing volute pump for pressures up to 500 lb/in2 (34 bar) (Flowserve
Corporation

i

FIGURE 20 A six-stage, axially split casing volute pump for pressures up to 1,300 1b/in2 (90 bar) (Flowserve
Corporation)
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and similar components. To prevent the stage pieces from rotating, a locked tongue-and-
groove joint is provided in the lower half of the casing. Clamping the upper casing half to
the lower half securely holds the stage piece and prevents rotation.

The problem of seating a solid stage piece against an axially split casing is one that has
given designers much trouble. First, there is a three-way joint and, second, this seating
must make the joint tight and leakproof under a pressure differential without resorting to
bolting the stage piece directly to the casing.

To overcome this problem, it is wise to make a pump that has a small-diameter casing
so that when the casing bolting is pulled tight, there is a seal fitting of the two casing
halves adjacent to the stage piece. The small diameter likewise helps to eliminate the pos-
sibility of a stage piece cocking and thereby leaving a clearance on the upper-half casing
when it is pulled down. No matter how rigidly the stage piece is located in the lower-half
casing, there must be a sliding fit between the seat face of the stage piece and that in the
upper-half casing so that the upper-half casing can be pulled down. Each stage piece, fur-
thermore, must be arranged so that the pressure differential developed by the pump will
tend to seat the piece tightly against the casing rather than open up the joint.

We have said that axially split casing pumps are typically used for working pressures
of up to 2,000 1b/in? (138 bar). High-pressure piping systems, of which these pumps form
a part, are inevitably made of steel because this material has the valuable property of
yielding without breaking. Considerable piping strains are unavoidable, and these strains,
or at least a part thereof, are transmitted to the pump casing. The latter consists essen-
tially of a barrel that is split axially, flanged at the split, and fitted with two necks that
serve as inlet and discharge openings. When piping stresses exist, these necks, being the
weakest part of the casing, are in danger of breaking off if they cannot yield. Steel is there-
fore the safest material for pump casings whenever the working pressures in the pump are
in excess of 1,000 1b/in? (70 bar).

This brings up an important feature in the design of the suction and discharge flanges.
Although raised-face flanges are perfectly satisfactory for steel-casing pumps, their use is
extremely dangerous with cast-iron pumps. This danger arises from the lack of elasticity
in cast iron, which leads to flange breakage when the bolts are being tightened, the ful-
crum of the bending moment being located inward from the bolt circle. As a result, it is
essential to avoid raised-face flanges with cast-iron casings as well as the use of a raised-
face flange pipe directly against a flat-face cast-iron pump flange. Suction flanges should
obviously be suitable for whatever hydrostatic test pressure is applied to the pump casing.

The location of the pump casing feet is not critical in smaller pumps operating at dis-
charge pressures below 275 1b/in? (19 bar) and at moderate temperatures of up to 300°F
(150°C). Since the unit is relatively small, very little distortion is likely to occur. However,
for larger units operating at higher pressures and temperatures, it is important that the
casing be supported at the horizontal centerline or immediately below the bearings (refer
to Figures 19 and 20).

Radially Split Double-Casing Pumps The oldest form of radially split casing multi-
stage pump is commonly called the ring-section, ring-casing, or the doughnut type. When
more than one stage was found necessary to generate higher pressures, two or more sin-
gle-stage units of the prevalent radially split casing type were assembled and bolted
together.

In later designs, the individual stage sections and separate suction and discharge
heads were held together with large throughbolts. These pumps, still an assembly of
bolted-up sections, can present serious dismantling and reassembly problems because suc-
tion and discharge connections have to be broken each time the pump is serviced. The
double-casing pump retains the advantages of the radially split casing design and mini-
mizes the dismantling problem.

The basic principle consists of enclosing the working parts of a multistage centrifugal
pump in an inner casing and building a second casing around this inner casing. The space
between the two casings is maintained at the discharge pressure of the last pump stage.
The construction of the inner casing follows one of two basic principles: (1) axial splitting
(see Figure 21) or (2) radial splitting (see Figure 22).
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FIGURE 21 Double-casing multistage pump with axially split inner casing (Allis-Chalmers)

FIGURE 22 Double-casing multistage pump with radially split inner casing (Flowserve Corporation)

The double-casing pump with radially split inner casing is an evolution of the ring-
casing pump with added provisions to ease dismantling. The inner unit is generally con-
structed exactly as a ring-casing pump. After assembly, it is inserted and bolted inside a
cylindrical casing that supports it and leaves it free to expand under temperature changes.
In Figure 23, the inner assembly of such a pump is being inserted into the outer casing.
Figure 24 shows the external appearance of this type of pump. The suction and discharge
nozzles form an integral part of the outer casing, and the internal assembly of the pump
can be withdrawn without disturbing the piping connections.

Hydrostatic Pressure Tests It is standard practice for the manufacturer to conduct
hydrostatic tests for the parts of a pump that contain fluid under pressure. This means
that the pump casing and, where applicable, parts like suction or casing covers are assem-
bled with the internal parts, removed, and are then subjected to a hydrostatic test, gen-
erally for a minimum of 30 minutes. Such a test demonstrates that the casing containment
is sound and that there is no leakage of fluid to the exterior.

Additional tests may be conducted by the pump manufacturer to determine the
soundness of internal partitions separating areas of the pump operating under different
pressures.
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FIGURE 23 Rotor assembly of a radially split, double-casing pump being inserted into its outer casing
(Flowserve Corporation)

FIGURE 24 Multistage radially split, double-casing pump (Flowserve Corporation)

The definition of the applicable hydrostatic pressure for these tests varies. The most
generally accepted definition is that given by the Hydraulic Institute Standards. Each part
of the pump that contains fluid under pressure shall be capable of withstanding a hydro-
static test at not less than the greatest of the following:

e 150 percent of the pressure that will occur in that part when the pump is operated at
rated conditions for the given application of the pump, except thermoset parts

e 125 percent of the pressure that would occur in that part when the pump is operating
at rated speed for a given application, but with the pump discharge valve closed
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IMPELLERS

In a single-suction impeller, the liquid enters the suction eye on one side only. A double-
suction impeller is, in effect, two single-suction impellers arranged back to back in a sin-
gle casing. The liquid enters the impeller simultaneously from both sides, while the two
casing suction passageways are connected to a common suction passage and a single suc-
tion nozzle.

For the general service single-stage, axially split casing design, a double-suction
impeller is favored because it is theoretically in an axial hydraulic balance and because
the greater suction area of a double-suction impeller permits the pump to operate with
less net absolute suction head. For small units, the single-suction impeller is more prac-
tical for manufacturing reasons, as the waterways are not divided into two very narrow
passages. It is also sometimes preferred for structural reasons. End-suction pumps with
single-suction overhung impellers have both first-cost and maintenance advantages
unobtainable with double-suction impellers. Most radially split casing pumps therefore
use single-suction impellers. Because an overhung impeller does not require the exten-
sion of a shaft into the impeller suction eye, single-suction impellers are preferred for
pumps handling suspended matter, such as sewage. In multistage pumps, single-suction
impellers are almost universally used because of the design and first-cost complexity that
double-suction staging introduces.

Impellers are called radial vane or radial flow when the liquid pumped is made to dis-
charge radially to the periphery. Impellers of this type usually have a specific speed below
4200 (2600) if single-suction and below 6000 (3700) if double-suction. Specific speed is dis-
cussed in detail in Subsection 2.3.1. The units for specific speed used here are in USCS
rpm, gallons per minute, and feet. In SI, they are rpm, liters per second, and meters.
Impellers can also be classified by the shape and form of their vanes:

e The straight-vane impeller (see Figures 25, 34, 35, 36, and 37)

e The Francis-vane or screw-vane impeller (see Figures 26 and 27)
e The mixed-flow impeller (see Figure 28)

e The propeller or axial-flow impeller (see Figure 29)

In a straight-vane radial impeller, the vane surfaces are generated by straight lines
parallel to the axis of rotation. These are also called single-curvature vanes. The vane sur-
faces of a Francis-vane radial impeller have a double curvature. An impeller design that
has both a radial-flow and an axial-flow component is called a mixed-flow impeller. It is
generally restricted to single-suction designs with a specific speed above 4200 (2600).
Types with lower specific speeds are called Francis-vane impellers. Mixed-flow impellers
with a small radial-flow component are usually referred to as propellers. In a true pro-
peller, or axial-flow impeller, the flow strictly parallels the axis of rotation. In other words,
it moves only axially.

An inducer is a low-head, axial-flow impeller with few blades that is placed in front of
a conventional impeller. The hydraulic characteristics of an inducer are such that it
requires considerably less NPSH than a conventional impeller. Both inducer and impeller

FIGURE 25 Straight-vane, radial, single-suction closed impeller (Flowserve Corporation)
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FIGURE 26 Francis-vane, radial, double-suction FIGURE 27 High-specific-speed, Francis-vane,

closed impeller (Flowserve Corporation) radial, double-suction closed impeller (Flowserve
Corporation)

FIGURE 28 Open mixed-flow impeller (Flowserve FIGURE 29 Axial-flow impeller (Flowserve
Corporation) Corporation)

are mounted on the same shaft and rotate at the same speed (see Figure 30). The main
purpose of the inducer is not to generate an appreciable portion of the total pump head,
but to increase the suction pressure to a conventional impeller. Inducers are therefore used
to reduce the NPSH requirements of a given pump or to permit the pump to operate at
higher speeds with a given available NPSH. For a further discussion of inducers, see Sec-
tion 2.1 and Subsection 2.3.1.

The relation of single-suction impeller profiles to specific speed is shown in Figure 31.
The classification of impellers according to their vane shape is naturally arbitrary inas-
much as there is much overlapping in the types of impellers used in the different types of
pumps. For example, impellers in single- and double-suction pumps of low specific speeds
have vanes extending across the suction eye. This provides a mixed flow at the impeller
entrance for low pickup losses at high rotative speeds but enables the discharge portion of
the impeller to use the straight-vane principle. In pumps of higher specific speed operat-
ing against low beads, impellers have double-curvature vanes extending over the full vane
surface. They are therefore full Francis-type impellers. The mixed-flow impeller, usually a
single-suction type, is essentially one-half of a double-suction, high-specific-speed, Francis-
vane impeller.

In addition, many impellers are designed for specific applications. For instance, the
conventional impeller design with sharp vane edges and restricted areas is not suitable for
handling liquids containing rags, stringy materials, and solids like sewage because it will
become clogged. Special nonclogging impellers with blunt edges and large waterways have
been developed for such services (see Figure 32). For pumps up to the 12- to 16-in (305- to
406-mm) discharge size, these impellers have only two vanes. Larger pumps normally use
three or four vanes.
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FIGURE 30 A centrifugal pump with a conventional impeller preceded by an inducer (Flowserve Corporation)

Another impeller design used for paper pulp pumps (see Figure 33) is fully open and
nonclogging; it has screw and radial streamlined vanes. The screw-conveyor end projects far
into the suction nozzle, permitting the pump to handle high-consistency paper pulp stock.

Impeller Mechanical Types Mechanical design also determines impeller classification.
Accordingly, impellers may be completely open, semiopen, or closed.

Strictly speaking, an open impeller (see Figures 34 and 35) consists of nothing but
vanes attached to a central hub for mounting on the shaft without any form of sidewall or
shroud. The disadvantage of this impeller is structural weakness. If the vanes are long,
they must be strengthened by ribs or a partial shroud. Generally, open impellers are used
in small, low energy pumps. One advantage of open impellers is that they are better suited
for handling liquids containing stringy materials. It is also sometimes claimed that they
are better suited for handling liquids containing suspended matter because the solids in
such matter are more likely to be clogged in the space between the rotating shrouds of a
closed impeller and the stationary casing walls. It has been demonstrated, however, that
closed impellers do not clog easily, thus disproving the claim for the superiority of the
open-impeller design. In addition, the open impeller is much more sensitive to wear than
the closed impeller and therefore its efficiency may deteriorate rather rapidly.

The open impeller rotates between two side plates, between the casing walls of the
volute, or between the casing cover and the suction head. The clearance between the
impeller vanes and the sidewalls enables a certain amount of water slippage. This slippage
increases as wear increases. To restore the original efficiency, both the impeller and the
side plate(s) must be replaced. This, incidentally, involves a much larger expense than
would be entailed in closed impeller pumps where simple rings form the leakage joint.

The semiopen impeller (see Figure 36) incorporates a single shroud, usually at the back
of the impeller. This shroud may or may not have pump-out vanes, which are vanes located
at the back of the impeller shroud (see Figure 37). This function reduces the pressure at the
back hub of the impeller and prevents foreign matter from lodging in back of the impeller
that would interfere with the proper operation of the pump and the seal chamber.

The closed impeller (refer to Figures 25 through 27), which is almost universally used
in centrifugal pumps handling clear liquids, incorporates shrouds or sidewalls that totally
enclose the impeller waterways from the suction eye to the periphery. Although this design
prevents the liquid slippage that occurs between an open or semiopen impeller and its side
plates, a running joint must be provided between the impeller and the casing to separate
the discharge and suction chambers of the pump. This running joint is usually formed by
a relatively short cylindrical surface on the impeller shroud that rotates within a slightly
larger stationary cylindrical surface. If one or both surfaces are made renewable, the leak-
age joint can be repaired when wear causes excessive leakage.
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FIGURE 32 Phantom view of a radial-vane FIGURE 33 Paper plup impeller (Flowserve
nonclogging impeller (Flowserve Corporation) Corporation)

FIGURE 34 Open impellers. Notice that the impellers at left and right are strengthened by a partial shroud
(Flowserve Corporation).

FIGURE 35 An open impeller with partial shroud FIGURE 36 Semiopen impeller (Flowserve
(Flowserve Corporation) Corporation)

FIGURE 37 The front and back views of an open impeller with a partial shroud and pump-out vanes on the back
side (Flowserve Corporation)
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FIGURE 38 Parts of a double-suction impeller

If the pump shaft terminates at the impeller so that the latter is supported by bearings
on one side, the impeller is called an overhung impeller. This type of construction is the
best for end-suction pumps with single-suction impellers.

Impeller Nomenclature The inlet of an impeller just before the section where the vanes
begin is called the suction eye (see Figure 38). In a closed-impeller pump, the suction eye
diameter is taken as the smallest inside diameter of the shroud. In determining the area
of the suction eye, the area occupied by the impeller shaft hub is deducted.

The hub is the central part of the impeller that is bored out to receive the pump shatft.
The term, however, is also frequently used for the part of the impeller that rotates in the
casing fit or in the casing wearing ring. It is then referred to as the outer impeller hub or
the wearing-ring hub of the shroud.

WEARING RINGS

Wearing rings provide an easily and economically renewable leakage joint between the
impeller and the casing. A leakage joint without renewable parts is illustrated in Figure
39. To restore the original clearances of such a joint after wear occurs, the user must either
(1) build up the worn surfaces by welding or metal spraying, or (2) buy new parts.

The new parts are not very costly in small pumps, especially if the stationary casing
element is a simple suction cover. This is not true for larger pumps or where the station-
ary element of the leakage joint is part of a complicated casting. If the first cost of a pump
is of prime importance, it is more economical to provide for remachining both the station-
ary parts and the impeller. Renewable casing and impeller rings can then be installed (see
Figures 40, 41, and 42). The nomenclature for the casing or stationary part forming the
leakage joint surface is as follows: (1) casing ring (if mounted in the casing), (2) casing ring
or suction head ring (if mounted in a suction cover or head), and (3) casing cover ring or
head ring (if mounted in the casing cover or head). Some engineers like to identify the part
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SUCTION HEAD RING

IMPELLER IMPELLER
Ve SUCTION
SUCTION A HEAD
HEAD
FIGURE 39 A plain flat leakage joint with no rings FIGURE 40 A single flat casing ring construction.

further by adding the word wearing, such as casing wearing ring. A renewable part for the
impeller wearing surface is called the impeller ring. Pumps with both stationary and
rotating rings are said to have double-ring construction.

Wearing Ring Types Various types of wearing ring designs, and the selection of the
most desirable type depends on the liquid being handled, the pressure differential across
the leakage joint, the rubbing speed, and the particular pump design. In general, cen-
trifugal pump designers use the ring construction that they have found to be most suit-
able for each particular pump service.

The most common ring constructions are the flat type (see Figures 40 and 41) and the
L type. The leakage joint in the former is a straight, annular clearance. In the L-type ring
(see Figure 43), the axial clearance between the impeller and the casing ring is large, so the
velocity of the liquid flowing into the stream entering the suction eye of the impeller is low.
The L-type casing rings shown in Figures 43 and 44 have the additional function of guid-
ing the liquid into the impeller eye; they are called nozzle rings. Impeller rings of the L type
shown in Figure 44 also furnish protection for the face of the impeller wearing ring hub.

Some designers favor labyrinth-type rings (see Figures 45 and 46) that have two or
more annular leakage joints connected by relief chambers. In leakage joints involving a
single unbroken path, the flow is a function of both the area and the length of the joint as
well as of the pressure differential across the joint. If the path is broken by relief chambers
(see to Figure 42, 45, and 46), the velocity energy in the jet is dissipated in each relief cham-
ber, increasing the resistance. As a result, with several relief chambers and several leak-
age joints for the same actual flow through the joint, the area and hence the clearance
between the rings can be greater than for an unbroken, shorter leakage joint.

The single labyrinth ring with only one relief chamber (refer to Figure 45) is often
called an intermeshing ring. The step-ring type (refer to Figure 42) utilizes two flat-ring
elements of slightly different diameters over the total leakage joint width with a relief
chamber between the two elements. Other ring designs also use some form of relief cham-
ber. For example, one commonly used in small pumps has a flat joint similar to that in Fig-
ure 40, but with one surface broken by a number of grooves. These act as relief chambers
to dissipate the jet velocity head, thereby increasing the resistance through the joint and
decreasing the leakage.

For raw water pumps in waterworks service and for larger pumps in sewage services
in which the liquid contains sand and grit, water-flushed rings have been used (see Figure
47). Clear water under a pressure greater than that on the discharge side of the rings is
piped to the inlet and distributed by the cored passage, the holes through the stationary
ring, and the groove to the leakage joint. Ideally, the clear water should fill the leakage
joint with some flow to the suction and discharge sides to prevent any sand or grit from
getting into the clearance space. Wearing-ring flush is also employed in some process
pumps when pumping solids or abrasives to minimize ring wear by injecting a compatible
clean liquid between the rings.
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FIGURE 43 An L-type nozzle casing ring FIGURE 44 Double rings, both of L type

In large pumps (with roughly a 36-in [900-mm] or larger discharge size), particularly
vertical, end-suction, single-stage volute pumps, size alone permits some refinements not
found in smaller pumps. One example is the inclusion of inspection ports for measuring
ring clearance (see Figure 48). These ports can be used to check the impeller centering after
the original installation as well as to observe ring wear without dismantling the pump.

The lower rings of large vertical pumps handling liquids containing sand and grit in
intermittent services are highly susceptible to wear. During shutdown periods, the grit
and sand settle out and naturally accumulate in the region where these rings are
installed, as it is the lowest point on the discharge side of the pump. When the pump is
started again, this foreign matter is washed into the joint all at once and causes wear. To
prevent this action in medium and large pumps, a dam-type ring is often used (see Figure
49). Periodically, the pocket on the discharge side of the dam can be flushed out.

One problem with the simple water-flushed ring is the failure to get uniform pressure
in the stationary ring groove. If pump size and design permit, two sets of wearing rings
arranged in tandem and separated by a large water space (see Figure 50) provide the best
solution. The large water space enables a uniform distribution of the flushing water to the
full 360° degrees of each leakage joint. Because ring 2 is shorter and because a greater
clearance is used there than at ring 1, equal flow can take place to the discharge pressure
side and to the suction pressure side. This design also makes it easier to harden or coat the
surfaces.

For pumps handling gritty or sandy water, the ring construction should provide an
apron on which the stream leaving the leakage joint can impinge, as sand or grit in the jet
will erode any surface it hits. Thus, a form of L-type casing ring similar to that shown in
Figure 49 should be used.
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Wearing-Ring Location In some designs, leakage is controlled by an axial clearance
(see Figure 51). Generally, this design requires a means of adjusting the shaft position for
proper clearance. Then, if uniform wear occurs over the two surfaces, the original clear-
ance can be restored by adjusting the position of the impeller. A limit exists to the amount
of wear that can be compensated, because the impeller must be nearly central in the cas-
ing waterways.
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Leakage joints with axial clearance are not popular for double-suction pumps because
a very close tolerance is required in machining the fit of the rings in reference to the cen-
terline of the volute waterways. Joints with radial clearances, however, enable some shift-
ing of the impeller for centering. The only adverse effect is a slight inequality in the
lengths of the leakage paths on the two sides.

So far, this discussion has treated only those leakage joints located adjacent to the
impeller eye or at the smallest outside shroud diameter. Designs have been made where
the leakage joint is at the periphery of the impeller. In a vertical pump, this design is
advantageous because the space between the joint and the suction waterways is open and
so sand or grit cannot collect. Because of rubbing speed and because the impeller diame-
ters used in the same casing vary over a wide range, the design is impractical in regular
pump lines.

Mounting Stationary Wearing Rings In small single-suction pumps with suction
heads, a stationary wearing ring is usually pressed into a bore in the head and may or
may not be further locked by several set screws located half in the head and half in the
ring (refer to Figure 41). Larger pumps often use an L-type ring with the flange held
against a face on the head. In axially split casing pumps, the cylindrical casing bore (in
which the casing ring will be mounted) should be slightly larger than the outside diame-
ter of the ring. Unless some clearance is provided, distortion of the ring may occur when
the two casing halves are assembled. However, the joint between the casing ring and the
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casing must be tight enough to prevent leakage. This is usually provided by a radial metal-
to-metal joint (refer to Figure 43) arranged so that the discharge pressure presses the ring
against the casing surface.

As it is not desirable for the casing ring of an axially split casing pump to be pinched
by the casing, the ring will not be held tightly enough to prevent its rotation unless spe-
cial provisions are made to keep it in place. One means of accomplishing this is to place a
pin in the casing that will project into a hole bored in the ring or, conversely, to provide a
pin in the ring that will fit into a hole bored in the casing or into a recess at the casing
split joint.

Another method is to have a tongue on the casing ring that extends around 180° and
engages a corresponding groove in one-half of the casing. This method can be used with
casing rings having a central flange by making the diameter of the flange larger for 180°
and cutting a deeper groove in that half of the casing.

Many methods are used for holding impeller rings on the impeller. Probably the simplest
is to rely on a press fit of the ring on the impeller or, if the ring is of proper material, on a
shrink fit. Designers do not usually feel that a press fit is sufficient and often add several
machine screws or set screws located half'in the ring and half'in the impeller, as in Figure 41.

An alternative to axial machine screws being located half in the ring and half in the
impeller is the radial pin, which goes through the center of the ring into the impeller (or
from the inside of the impeller eye outward into the ring). This pinning method avoids hav-
ing to drill and tap holes halfin a hardened wearing ring and half in a softer impeller hub.
For higher speeds, installing the radial pins from the inside of the impeller eye outward
into the wearing ring captures the pins and protects against pin loss, especially at higher
operating speeds. Generally, some additional locking method is used rather than relying
solely on friction between the ring and the impeller.

In the design of impeller rings, consideration has to be given to the stretch of the ring
caused by centrifugal force, especially if the pump is of a high-speed design for the capac-
ity involved. For example, some pumps operate at speeds that would cause the rings to
become loose if only a press fit is used. For such pumps, shrink fits should be used or,
preferably, impeller rings should be eliminated.

Wearing-Ring Clearances Typical clearance and tolerance standards for nongalling
wearing-joint metals in general service pumps are shown in Figure 52. They apply to the
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FIGURE 52 Wearing-ring clearances for single-stage pumps using nongalling materials
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following combinations: (1) bronze with a dissimilar bronze, (2) cast-iron with bronze, (3)
steel with bronze, (4) Monel metal with bronze, and (5) cast-iron with cast iron. If the met-
als gall easily (like the chrome steels), the values given should be increased by 0.002 to
0.004 in.

The tolerance indicated is positive for the casing ring and negative for the impeller hub
or impeller ring.

In a single-stage pump with a joint of nongalling components, the correct machining
dimension for a casing-ring diameter of 9.000 in would be 9.000 plus 0.003 and minus
0.000 in. For the impeller hub or ring, the values would be 9.000 minus 0.018 (or 8.982)
plus 0.000 and minus 0.003 in. Diametral clearances would be between 0.018 and 0.024 in.
Obviously, clearances and tolerances are not translated into SI units by merely using con-
version multipliers; they are rounded off as they are in the USCS system. The SI values
for the previous USCS examples given are outlined here.

For a single-stage pump with a casing ring diameter of 230 millimeters, the machining
dimensions would be as follows:

Casing ring 230 plus 0.08 and minus 0.00 mm
Impeller hub 230 minus 0.50 (229.5) plus 0.00 and minus 0.08 mm
Diametral clearances Between 0.50 and 0.66 mm

Naturally, the manufacturer’s recommendation for ring clearances and tolerances
should be followed.

AXIAL THRUST

Axial Thrust in Single-Stage Pumps with Closed Impellers The pressures generated
by a centrifugal pump exert forces on both stationary and rotating parts. The design of
these parts balances some of these forces, but separate means may be required to coun-
terbalance others.

An axial hydraulic thrust on an impeller is the sum of the unbalanced forces acting in
the axial direction. Because reliable, large-capacity thrust bearings are readily available,
an axial thrust in single-stage pumps remains a problem only in larger, higher speed
units. Theoretically, a double-suction impeller is in hydraulic axial balance, with the pres-
sures on one side equal to and counterbalancing the pressures on the other (see Figure 53).
In practice, this balance may not be achieved for the following reasons:

1. The suction passages to the two suction eyes may not provide equal or uniform flows
to the two sides.

2. External conditions, such as an elbow located too close to the pump suction nozzle,
may cause unequal flow to the two suction eyes.
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FIGURE 53 The origin of pressures acting on impeller shrouds to produce an axial thrust
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3. The two sides of the discharge casing waterways may not be symmetrical, or the
impeller may be located off-center. These conditions will alter the flow characteristics
between the impeller shrouds and the casing, causing unequal pressures on the shrouds.

4. Unequal leakage through the two leakage joints can upset the balance.

Combined, these factors can create an axial unbalance. To compensate for this, all cen-
trifugal pumps, even those with double-suction impellers, incorporate thrust bearings.

The ordinary single-suction, closed, radial-flow impeller with the shaft passing through
the impeller eye (refer to Figure 53) is subject to an axial thrust because a portion of the
front wall is exposed to suction pressure and thus relatively more backwall surface is
exposed to discharge pressure. If the discharge chamber pressure is uniform over the
entire impeller surface, the axial force acting toward the suction would be equal to the
product of the net pressure generated by the impeller and the unbalanced annular area.

Actually, pressure on the two single-suction, closed impeller walls is not uniform. The
liquid trapped between the impeller shrouds and casing walls is in rotation, and the pres-
sure at the impeller periphery is appreciably higher than the impeller hub. Although we
need not be concerned with the theoretical calculations for this pressure variation, Figure
54 describes it qualitatively. Generally speaking, the axial thrust toward the impeller suc-
tion may be about 20 to 30 percent less than the product of the net pressure and the unbal-
anced area.

To eliminate the axial thrust of a single-suction impeller, a pump can be provided with
both front and back wearing rings. To equalize the thrust areas, the inner diameter of both
rings is made the same (see Figure 55). Pressure approximately equal to the suction pres-
sure is maintained in a chamber located on the impeller side of the back wearing ring by
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drilling balancing holes through the impeller. Leakage past the back wearing ring is
returned to the suction area through these holes. However, with large single-stage, single-
suction pumps, balancing holes are considered undesirable because leakage back to the
impeller suction opposes the main flow, creating disturbances. In such pumps, a piped con-
nection to the pump suction replaces the balancing holes.

Another way to eliminate or reduce an axial thrust in single-suction impellers is to use
pump-out vanes on the back shroud. The effect of these vanes is to reduce the pressure act-
ing on the back shroud of the impeller (see Figure 56). This design, however, is generally
used only in pumps handling dirty liquids where it keeps the clearance space between the
impeller back shroud and the casing free of foreign matter.

So far, our discussion of axial thrust has been limited to single-suction, closed impellers
with a shaft passing through the impeller eye that are located in pumps with two seal
chambers, one on either side of the impeller. In these pumps, suction-pressure magnitude
does not affect the resulting axial thrust.

On the other hand, axial forces acting on an overhung impeller with a single seal cham-
ber (see Figure 57) are definitely affected by suction pressure. In addition to the unbal-
anced force found in a single-suction, two-seal chamber design (refer to Figure 54), there
is an axial force equivalent to the product of the shaft area through the seal chamber and
the difference between suction and atmospheric pressure. This force acts toward the
impeller suction when the suction pressure is less than atmospheric or in the opposite
direction when it is higher than atmospheric.

When an overhung impeller pump handles a suction lift, the additional axial force is
very low. For example, if the shaft diameter through the stuffing box is 2 in (50.8 mm)
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(area = 3.14 in? or 20.26 cm?), and if the suction lift is 20 ft (6.1 m) of water equivalent to
an absolute pressure of 6.06 1b/in?(0.42 bar abs), the axial force caused by the overhung
impeller and acting toward the suction will be only 27 1b (121 N). On the other hand, if the
suction pressure is 100 lb/in? (6.89 bar), the force will be 314 1b (1405 N) and will act in the
opposite direction. Therefore, because the same pump may be used under many conditions
over a wide range of suction pressures, the thrust bearing of pumps with single-suction,
overhung impellers must be arranged to take the thrust in either direction. They must
also be selected with a sufficient thrust capacity to counteract forces set up under the max-
imum suction pressure established for that particular pump.

This extra thrust capacity can become quite significant in certain special cases, such as
with boiler circulating pumps. These are usually of the single-suction, single-stage, over-
hung impeller type and may be exposed to suction pressures as high as 2800 1b/in? gage
(193 bar). This is approximately the vapor pressure of 685°F (363°C) boiler water. If such
a pump has a shaft diameter of 6-in (15.24 cm), the unbalanced thrust would be as much
as 77,500 1b (346,770 N), and the thrust bearing has to be capable of counteracting this.

Axial Thrust of Single-Suction Semiopen Radial-Flow Impellers The axial thrust
generated in semiopen impellers is higher than that in closed impellers. This is illustrated
in Figure 58, which shows that the pressure on the open side of the impeller varies from
essentially the discharge pressure at the periphery (at diameter D,) to the suction pres-
sure at the impeller eye (at diameter D). The pressure distribution on the back shroud
is essentially the same as that illustrated in Figure 54, varying from discharge pressure
at the periphery to some portion of this pressure at the impeller hub. This latter pressure
is, of course, substantially higher than the suction pressure. The unbalanced portion of
the axial thrust on the impeller is represented by the cross-hatched area in Figure 58.

One of the means available for partially balancing this increased axial thrust is to pro-
vide the back shroud with pump-out vanes, as in Figures 37 and 56.

Fully open impellers or semiopen impellers with a portion of the back shroud removed
produce an axial thrust somewhat higher than closed impellers and somewhat lower than
semiopen impellers.

Axial Thrust of Mixed-Flow and AxiaL-Flow Impellers The axial thrust in radial im-
pellers is produced by the static pressures on the impeller shrouds. Axial-flow impellers
have no shrouds, and the axial thrust is created strictly by the difference in pressure on
the two faces of the impeller vanes. In addition, a difference may exist in pressure acting
on the two shaft hub ends, one generally subject to discharge pressure and the other to
suction pressure.

With mixed-flow impellers, axial thrust is a combination of forces caused by the action
of the vanes on the liquid and those arising from the difference in the pressures acting on
the various surfaces. Wearing rings are often provided on the back of mixed-flow impellers,
with either balancing holes through the impeller hub or an external balancing pipe lead-
ing back to the suction.
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FIGURE 58 Axial thrust in a semiopen single-suction impeller
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FIGURE 59 Multistage pump with single-suction impellers facing in one direction and hydraulic balancing
device (Flowserve Corporation)

OPPOSED IMPELLERS

FIGURE 60 A four-stage pump with opposed impellers (Flowserve Corporation)

Except for very large units and in certain special applications, the axial thrust devel-
oped by mixed-flow and axial-flow impellers is carried by thrust bearings with the neces-
sary load capacity.

Axial-Thrust in Multistage Pumps Most multistage pumps are built with single-suction
impellers in order to simplify the design of the interstage connections. Two obvious arrange-
ments are possible for the single-suction impellers:

1. Several single-suction impellers can be mounted on one shaft, each having its suction
inlet facing in the same direction and its stages following one another in ascending
order of pressure (see Figure 59). The axial thrust is then balanced by a hydraulic
balancing device.

2. An even number of single-suction impellers can be used, one-half facing in one
direction and the other half facing in the opposite direction. With this arrangement,
an axial thrust on the first half is compensated by the thrust in the opposite direction
on the other half (see Figure 60). This mounting of single-suction impellers back to
back is frequently called opposed impellers.

An uneven number of single-suction impellers can be used with this arrangement, pro-
vided the correct shaft and interstage bushing diameters are used to give the effect of a
hydraulic balancing device that will compensate for the hydraulic thrust on one of the stages.
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It is important to note that the opposed impeller arrangement completely balances an
axial thrust only under the following conditions:

e The pump must be provided with two seal chambers.
e The shaft must have a constant diameter.

e The impeller hubs must not extend through the interstage portion of the casing
separating adjacent stages.

Except for some special pumps that have an internal and enclosed bearing at one end,
and therefore only one seal chamber, most multistage pumps fulfill the first condition.
Because of structural requirements, however, the last two conditions are not practical. A
slight residual thrust is usually present in multistage opposed impeller pumps and is car-
ried on the thrust bearing.

HYDRAULIC BALANCING DEVICES

If all the single-suction impellers of a multistage pump face the same direction, the total
theoretical hydraulic axial thrust acting toward the suction end of the pump will be the
sum of the individual impeller thrusts. The thrust magnitude will be approximately equal
to the product of the net pump pressure and the annular unbalanced area. Actually, the
axial thrust turns out to be about 70 to 80 percent of this theoretical value.

Some form of hydraulic balancing device must be used to balance this axial thrust and
to reduce the pressure on the seal chamber adjacent to the last-stage impeller. This
hydraulic balancing device may be a balancing drum, a balancing disk, or a combination
of the two.

Balancing Drums The balancing drum is illustrated in Figure 61. The balancing cham-
ber at the back of the last-stage impeller is separated from the pump interior by a drum
that is usually keyed to the shaft and rotates with it. The drum is separated by a small
radial clearance from the stationary portion of the balancing device, called the balancing-
drum head, or balancing sleeve, which is fixed to the pump casing.

The balancing chamber is connected either to the pump suction or to the vessel from
which the pump takes its suction. Thus, the back pressure in the balancing chamber is
only slightly higher than the suction pressure, the difference between the two being equal
to the friction losses between this chamber and the point of return. The leakage between
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FIGURE 61 Balancing drum
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the drum and the drum head is, of course, a function of the differential pressure across the
drum and of the clearance area.
The forces acting on the balancing drum in Figure 61 are the following:

e Toward the discharge end: the discharge pressure multiplied by the front balancing area
(area B) of the drum

e Toward the suction end: the back pressure in the balancing chamber multiplied by the
back balancing area (area C) of the drum

The first force is greater than the second, thereby counterbalancing the axial thrust
exerted upon the single-suction impellers. The drum diameter can be selected to balance
the axial thrust completely or within 90 to 95 percent, depending on the desirability of car-
rying any thrust-bearing loads.

It has been assumed in the preceding simplified description that the pressure acting
on the impeller walls is constant over their entire surface and that the axial thrust is
equal to the product of the total net pressure generated and the unbalanced area. Actu-
ally, this pressure varies somewhat in the radial direction because of the centrifugal
force exerted upon the liquid by the outer impeller shroud (refer to Figure 54). Fur-
thermore, the pressures at two corresponding points on the opposite impeller faces (D
and E in Figure 61) may not be equal because of a variation in clearance between the
impeller wall and the casing section separating successive stages. Finally, a pressure
distribution over the impeller wall surface may vary with head and capacity operating
conditions.

This pressure distribution and design data can be determined quite accurately for
any one fixed operating condition, and an effective balancing drum could be designed
on the basis of the forces resulting from this pressure distribution. Unfortunately,
varying head and capacity conditions change the pressure distribution, and as the
area of the balancing drum is necessarily fixed, the equilibrium of the axial forces can
be destroyed.

The objection to this is not primarily the amount of the thrust, but rather that the
direction of the thrust cannot be predetermined because of the uncertainty about internal
pressures. Still it is advisable to predetermine normal thrust direction, as this can influ-
ence external mechanical thrust-bearing design. Because 100 percent balance is unat-
tainable in practice and because the slight but predictable unbalance can be carried on a
thrust bearing, the balancing drum is often designed to balance only 90 to 95 percent of
the total impeller thrust.

The balancing drum satisfactorily balances the axial thrust of single-suction impellers
and reduces pressure on the discharge-side stuffing box. It lacks, however, the virtue of
automatic compensation for any changes in axial thrust caused by varying impeller reac-
tion characteristics. In effect, if the axial thrust and balancing drum forces become
unequal, the rotating element will tend to move in the direction of the greater force. The
thrust bearing must then prevent excessive movement of the rotating element. The bal-
ancing drum performs no restoring function until such time as the drum force again
equals the axial thrust. This automatic compensation is the major feature that differenti-
ates the balancing disk from the balancing drum.

Balancing Disks The operation of the simple balancing disk is illustrated in Figure 62.
The disk is fixed to and rotates with the shaft. It is separated by a small axial clearance
from the balancing disk head, or balancing sleeve, which is fixed to the casing. The leak-
age through this clearance flows into the balancing chamber and from there either to the
pump suction or to the vessel from which the pump takes its suction. The back of the bal-
ancing disk is subject to the balancing chamber back pressure, whereas the disk face expe-
riences a range of pressures. These vary from discharge pressure at its smallest diameter
to back pressure at its periphery. The inner and outer disk diameters are chosen so that
the difference between the total force acting on the disk face and that acting on its back
will balance the impeller axial thrust.

If the axial thrust of the impellers should exceed the thrust acting on the disk during
operation, the latter is moved toward the disk head, reducing the axial clearance between
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FIGURE 62 A simple balancing disk

the disk and the disk head. The amount of leakage through the clearance is reduced so
that the friction losses in the leakage return line are also reduced, lowering the back pres-
sure in the balancing chamber. This lowering of pressure automatically increases the pres-
sure difference acting on the disk and moves it away from the disk head, increasing the
clearance. Now the pressure builds up in the balancing chamber, and the disk is again
moved toward the disk head until an equilibrium is reached.

To assure proper balancing in disk operation, the change in back pressure in the bal-
ancing chamber must be of an appreciable magnitude. Thus, with the balancing disk wide
open with respect to the disk head, the back pressure must be substantially higher than
the suction pressure to give a resultant force that restores the normal disk position. This
can be accomplished by introducing a restricting orifice in the leakage return line that
increases back pressure when leakage past the disk increases beyond normal. The disad-
vantage of this arrangement is that the pressure on the seal chamber is variable, a condi-
tion that may be injurious to the life of the seal and therefore should avoided.

Combination Balancing Disk and Drum For the reasons just described, the simple
balancing disk is seldom used. The combination balancing disk and drum (see Figure 63)
was developed to obviate the shortcomings of the disk while retaining the advantage of
automatic compensation for axial thrust changes.

The rotating portion of this balancing device consists of a long cylindrical body that
turns within a drum portion of the disk head. This rotating part incorporates a disk simi-
lar to the one previously described. In this design, radial clearance remains constant
regardless of disk position, whereas the axial clearance varies with the pump rotor posi-
tion. The following forces act on this device:

o Toward the discharge end: the sum of the discharge pressure multiplied by area A, plus
the average intermediate pressure multiplied by area B

e Toward the suction end: the back pressure multiplied by area C

Whereas the position-restoring feature of the simple balancing disk required an unde-
sirably wide variation of the back pressure, it is now possible to depend upon a variation
of the intermediate pressure to achieve the same effect. Here is how it works: When the
pump rotor moves toward the suction end (to the left in Figure 63) because of increased
axial thrust, the axial clearance is reduced and pressure builds up in the intermediate
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FIGURE 63 A combination balancing disk and drum

INTERMEDIATE RELrlEF
CHAMBER

L

relief chamber, increasing the average value of the intermediate pressure acting on area
B. In other words, with reduced leakage, the pressure drop across the radial clearance
decreases, increasing the pressure drop across the axial clearance. The increase in inter-
mediate pressure forces the balancing disk toward the discharge end until equilibrium is
reached. Movement of the pump rotor toward the discharge end would have the opposite
effect, increasing the axial clearance and the leakage and decreasing the intermediate
pressure acting on area B.

Now numerous hydraulic balancing device modifications are in use. One typical design
separates the drum portion of a combination device into two halves, one preceding and the
second following the disk (see Figure 64). The virtue of this arrangement is a definite cush-
ioning effect at the intermediate relief chamber, thus avoiding too positive a restoring
action, which might result in the contacting and scoring of the disk faces.

SHAFTS AND SHAFT SLEEVES

The basic function of a centrifugal pump shaft is to transmit the torques encountered
when starting and during operation while supporting the impeller and other rotating
parts. It must do this job with a deflection less than the minimum clearance between rotat-
ing and stationary parts. The loads involved are (1) the torques, (2) the weight of the parts,
and (3) both radial and axial hydraulic forces. In designing a shaft, the maximum allow-
able deflection, the span or overhang, and the location of the loads all have to be consid-
ered, as does the critical speed of the resulting design.

Shafts are usually proportioned to withstand the stress set up when a pump is started
quickly, such as when the driving motor is energized directly across the line. If the pump
handles hot liquids, the shaft is designed to withstand the stress set up when the unit is
started cold without any preliminary warmup.

Critical Speeds Any object made of an elastic material has a natural period of vibra-
tion. When a pump rotor or shaft rotates at any speed corresponding to its natural fre-
quency, minor unbalances will be magnified. These speeds are called the critical speeds.
In conventional pump designs, the rotating assembly is theoretically uniform around
the shaft axis and the center of mass should coincide with the axis of rotation. This theory
does not hold for two reasons. First, minor machining or casting irregularities always
occur. Second, variations exist in the metal density of each part. Thus, even in vertical-
shaft machines having no radial deflection caused by the weight of the parts, this eccen-
tricity of the center of mass produces a centrifugal force and therefore a deflection when
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FIGURE 64 A combination balancing disk and drum with a disk located in the center portion of the drum
(Flowserve Corporation)

the assembly rotates. At the speed where the centrifugal force exceeds the elastic restor-
ing force, the rotor will vibrate as though it were seriously unbalanced. If it is run at that
speed without restraining forces, the deflection will increase until the shaft fails.

Rigid and Flexible Shaft Designs The lowest critical speed is called the first critical
speed, the next highest is called the second, and so forth. In centrifugal pump nomencla-
ture, a rigid shaft means one with an operating speed lower than its first critical speed.
A flexible shaft is one with an operating speed higher than its first critical speed. Once an
operating speed has been selected, relative shaft dimensions must still be determined. In
other words, it must be decided whether the pump will operate above or below the first
critical speed.

Actually, the shaft critical speed can be reached and passed without danger because
frictional forces tend to restrain the deflection. These forces are exerted by the surround-
ing liquid, and the various internal leakage joints acting as internal liquid-lubricated
bearings. Once the critical speed is passed, the pump will run smoothly again up to the
second speed corresponding to the natural rotor frequency, and so on to the third, fourth,
and all higher critical speeds.

Designs rated for 1,750 rpm (or lower) are usually of the rigid-shaft type. On the other
band, high-head 3,600 rpm (or higher) multistage pumps, such as those in a boiler-feed
service, are frequently of the flexible-shaft type. It is possible to operate centrifugal pumps
above their critical speeds for the following two reasons: (1) very little time is required to
attain full speed from rest (the time required to pass through the critical speed must
therefore be extremely short) and (2) the pumped liquid in the internal leakage joints acts
as a restraining force on the vibration.

Experience has proved that, although it was usually assumed necessary to use shafts
of such rigidity that the first critical speed is at least 20 percent above the operating speed,
equally satisfactorily results can be obtained with lighter shafts with a first critical speed
of about 60 to 75 percent of the operating speed. This, it is felt, is a sufficient margin to
avoid any danger caused by an operation close to the critical speed.
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Influence of Shaft Deflection To understand the effect of critical speed on the selec-
tion of shaft size, consider the fact that the first critical speed of a shaft is linked to its
static deflection. Shaft deflection depends upon the weight of the rotating element (w), the
shaft span (1), and the shaft diameter (d). The basic formula is as follows:

_ wl?
f= CEI

where f = deflection, in (m)
w = weight of the rotating element, Ib (N)
| = shaft span, in (m)
C = coefficient depending on shaft-support method and load distribution
E = modulus of elasticity of shaft materials, Ib/in? (N/m?)
I = moment of inertia (7 d*/64) in* (m*)

This formula is given in its most simplified form, that is, for a shaft of constant diam-
eter. If the shaft is of varying diameter (the usual situation), deflection calculations are
much more complex. A graphical deflection analysis may then be the most practical
answer.

This formula works only for static deflection, the only variable that affects critical speed
calculations. The actual shaft deflection, which must be determined to establish minimum
permissible internal clearances, must take into account all transverse hydraulic reactions
on the rotor, the weights of the rotating element, and other external loads.

It is not necessary to calculate the exact deflection to make a relative shaft comparison.
Instead, a factor can be developed that will be representative of relative shaft deflections.
As a significant portion of rotor weight is in the shaft, and as methods of bearing support
and the modulus of elasticity are common to similar designs, deflection f can be shown as
follows:

1d?)(?
f = function of (d#
4
f = function of é

In other words, pump deflection varies approximately as the fourth power of the shaft
span and inversely as the square of shaft diameter. Therefore, the lower the [/ d? factor for
a given pump, the lower the unsupported shaft deflection, essentially in proportion to this
factor.

For practical purposes, the first critical speed NN, can be calculated as

in USCS units N, = 187.7 rpm
Vf (in)
in ST units N, = _ 946 rpm
\/f(mm)

To maintain internal clearances at the wearing rings, it is usually desirable to limit the
shaft deflection under the most adverse conditions to between 0.005 and 0.006 in (0.127
and 0.152 mm). It follows that a shaft design with a deflection of 0.005 to 0.006 in will have
a first critical speed of 2,400 to 2,650 rpm. This is the reason for using rigid shafts for
pumps that operate at 1,750 rpm or lower. Multistage pumps operating at 3,600 rpm or
higher use shafts of equal stiffness (for the same purpose of avoiding wearing ring con-
tact). However, their corresponding critical speed is about 25 to 40 percent less than their
operating speed.
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Lomakin Effect All the previous material refers to the behavior of a rotor and its shaft
operating in air. In reality, the rotor operates immersed in the liquid being pumped, and
this liquid flows through one or more of the small annular areas created by clearances
separating regions in the pump under different pressures, such as at the wearing rings,
interstage bushings, or balancing devices. This flow of liquid creates what is called a
hydrodynamic bearing effect and essentially transforms the rotor from one supported at
two bearings external to the pump to one with several additional internal bearings lubri-
cated by the liquid pumped. This phenomenon is generally called the Lomakin effect.

The result of the Lomakin effect is that the deflection of the shaft when a pump is run-
ning is reduced somewhat from the value calculated for the shaft operating in air and the
critical speed is increased. The advantage of this effect, particularly in the design of some
multistage pumps, is that it permits the use of longer and more slender shafts. Whether
this is sound practice remains a controversial subject. The supportive effect of the hydro-
dynamic hearings depends on (a) the pressure differential, which disappears completely
when the pump is at rest, and (b) the clearance, which decreases substantially as the inter-
nal clearances increase with erosive or contact wear. Thus, contact between rotating and
stationary parts will take place every time a pump is started if the internal clearances are
initially less than the shaft deflection in air. This contact will again take place as the pump
coasts down after being stopped. Furthermore, as wear takes place at the running joints,
the shaft assumes a deflection closer and closer to its deflection in air, unsupported by the
Lomakin effect.

In view of all these facts, it is recommended that pump users acquaint themselves
not only with the calculated shaft deflections with a pump running in new condition, but
also with the shaft deflections in air. This way they can compare these with the internal
clearances.

Shaft Sizing Shaft diameters are usually larger than what is actually needed to trans-
mit the torque. A factor that assures this conservative design is a requirement for ease of
rotor assembly.

The shaft diameter must be stepped up several times from the end of the coupling to
its center to facilitate impeller mounting (see Figure 65). Starting with the maximum
diameter at the impeller mounting, there is a step down for the shaft sleeve and another
for the external shaft nut, followed by several more for the bearings and the coupling.
Therefore, the shaft diameter at the impellers exceeds that required for torsional strength
at the coupling by at least an amount sufficient to provide all intervening step downs.

One frequent exception to shaft oversizing at the impeller occurs in units consisting of
two double-suction, single-stage pumps operating in a series, one of which is fitted with a

FIGURE 65 Rotor assembly of a single-stage, double-suction pump (Flowserve Corporation)
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double-extended shaft. As this pump must transmit the total horsepower for the entire
series unit, the shaft diameter at its inboard bearing may have to be larger than normal.

The shaft design of end-suction, overhung impeller pumps presents a somewhat dif-
ferent problem. One method for reducing shaft deflection at the impeller and seal cham-
ber, where the concentricity of running fits is extremely important, is to considerably
increase the shaft diameter between the bearings.

Except in certain smaller sizes, centrifugal pump shafts are protected against wear,
erosion, and corrosion by renewable shaft sleeves. In small pumps, however, shaft sleeves
present a certain disadvantage. As the sleeve cannot appreciably contribute to shaft
strength, the shaft itself must be designed for the full maximum stress. Shaft diameter is
then materially increased by the addition of the sleeve, as the sleeve thickness cannot be
decreased beyond a certain safe minimum. The impeller suction area may therefore
become dangerously reduced, and if the eye diameter is increased to maintain a constant
eye area, the liquid pickup speed must be increased unfavorably. Other disadvantages
accrue from greater hydraulic and seal losses caused by increasing the effective shaft
diameter out of proportion to the pump size.

To eliminate these shortcomings, very small pumps frequently use shafts of stainless
steel or some other material that is sufficiently resistant to corrosion and wear that it does
not need shaft sleeves. One such pump is illustrated in Figure 66. Manufacturing costs, of
course, are much less for this type of design, and the cost of replacing the shaft is about the
same as the cost of new sleeves (including installation).

Shaft Sleeves Pump shafts are usually protected from erosion, corrosion, and wear at seal
chambers, leakage joints, internal bearings, and in the waterways by renewable sleeves.

The most common shaft sleeve function is that of protecting the shaft from wear at
packing and mechanical seals. Shaft sleeves serving other functions are given specific
names to indicate their purpose. For example, a shaft sleeve used between two multistage
pump impellers in conjunction with the interstage bushing to form an interstage leakage
joint is called an interstage or distance sleeve.

In medium-size centrifugal pumps with two external bearings on opposite sides of the cas-
ing (the common double-suction and multistage varieties), the favored shaft sleeve construc-
tion uses an external shaft nut to hold the sleeve in an axial position against the impeller hub.
Sleeve rotation is prevented by a key, usually an extension of the impeller key (see Figure 67).
The axial thrust of the impeller is transmitted through the sleeve to the external shaft nut.

In larger high-head pumps, a high axial load on the sleeve is possible and a design sim-
ilar to that shown in Figure 68 may be preferred. This design has the advantages of sim-
plicity and ease of assembly and maintenance. It also provides space for a large seal chamber

FIGURE 66 Section of a small centrifugal pump with no shaft sleeves (Flowserve Corporation)
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FIGURE 67 A sleeve with external locknut and impeller key extending into the sleeve to prevent rotation
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FIGURE 68 A sleeve with an internal impeller nut, external shaft-sleeve nut, and a separate key for the sleeve
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FIGURE 69 A sleeve threaded onto a shaft with no external locknut

and cartridge-type mechanical seals. When shaft sleeve nuts are used to retain the sleeves
and impellers axially, they are usually manufactured with right- and left-hand threads. The
friction of the pumpage and inadvertent contact with stationary parts or bushings will tend
to tighten the nuts against the sleeve and impeller hub (rather than loosen them). Usually,
the shaft sleeves utilize extended impeller keys to prevent rotation.

Some manufacturers favor the sleeve shown in Figure 69, in which the impeller end
of the sleeve is threaded and screwed to a matching thread on the shaft. A key cannot
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be used with this type of sleeve, and right- and left-hand threads are substituted so that
the frictional grip of the packing on the sleeve will tighten it against the impeller hub.
As a safety precaution, the external shaft nuts and the sleeve itself use set screws for a
locking device.

In pumps with overhung impellers, various types of sleeves are used. Most pumps use
mechanical seals, and the shaft sleeve is usually a part of the mechanical seal package
supplied by the seal manufacturer. Many mechanical seals are of the cartridge design,
which is set and may be bench-tested for leakage prior to installation in the pump. (For a
further discussion of mechanical seals, see Subsection 2.2.3.)

For overhung impeller pumps that utilize packing for sealing, the packing sleeves gen-
erally extend from the impeller hub through the seal chambers (or stuffing boxes) to protect
the pump shaft from wear (see Figure 70). The sleeves are usually keyed to the shaft to pre-
vent rotation. If a hook-type sleeve is used, the hook part of the sleeve is clamped between
the impeller and a shaft shoulder to maintain the axial position of the sleeve. A hook-type
sleeve used to be popular for overhung impeller pumps that operate at high temperatures
because it is clamped at the impeller end and the rest of the sleeve is free to expand axially
with temperature changes. But with the increased use of cartridge-type seals, the use of
hook-type sleeves is diminishing.

In designs with a metal-to-metal joint between the sleeve and the impeller hub or shaft
nut, a sealing device is required between the sleeve and the shaft to prevent leakage.
Pumped liquid can leak into the clearance between the shaft and the sleeve when operat-
ing under a positive suction head and air can leak into the pump when operating under a
negative suction head. This seal can be accomplished by means of an O-ring, as shown in
Figure 71, or a flat gasket. For high temperature services, the sealing device must be
either acceptable for the temperature to which it will be exposed, or it must be located out-
side the high temperature liquid environment. An alternative design used for some high-
temperature process pumps is shown in Figure 72. In this arrangement, the contact
surface of the hook-type sleeve and the shaft is ground at a 45-degree angle to form a
metal-to-metal seal. That end of the sleeve is locked, but the other is free to expand with
temperature changes.

When O-rings are used, any sealing surfaces must be properly finished to ensure a pos-
itive seal is achieved. All bores and changes in diameter over which O-rings must be
passed should be properly radiused and chamfered to protect against damage during
assembly. Guidelines for assembly dimensions and surface finish criteria are listed in O-
ring manufacturers’ catalogs.

Material for Packing Sleeves Packing sleeves are surrounded in the stuffing box by
packing. The sleeve must be smooth so that it can turn without generating too much fric-
tion and heat. Thus, the sleeve materials must be capable of taking a very fine finish,
preferably a polish. Cast-iron is therefore not suitable. A hard bronze is generally used
for pumps handling clear water, but chrome or other stainless steels are sometimes pre-

SHAFT STUFFING BOX

GLAND SLEEVE IMPELLER
FIGURE 70 A sleeve for pumps with an overhung impeller
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FIGURE 71 A seal arrangement for the shaft sleeve to prevent leakage along the shaft
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FIGURE 72 A sleeve with a 45° bevel contacting surface

ferred. For pumps subject to abrasives, hardened chrome or other stainless steels give good
results. In most applications, a hardened chromium steel sleeve will be technically ade-
quate, and the most economical choice. For severe or unusual conditions, coated sleeves
are used. Ceramic coatings, applied using a plasma spray process, have also been used.
Chromium oxide and aluminum oxide are the most common ceramic coatings. Both are
extremely hard and resist abrasive wear well.

Ceramic coatings have been replaced in some applications by tungsten carbide coat-
ings applied using a high-velocity oxyfuel (HVOF') process. The superior impact resistance
and bond strength of these coatings is well documented. Another coating that is widely
used on pump sleeves is a nickel-chromium-silicon-boron self-fluxing coating. This coating
has a good resistance to galling and moderate resistance to abrasive wear.

Sleeves intended for coating should be machined with an undercut, so that the coating
does not extend to the edge of the sleeve. This will prevent chipping at the edge, especially
with the more brittle ceramic coatings.

SEAL CHAMBERS AND STUFFING BOXES

Seal chambers have the primary function of protecting the pump against leakage at the
point where the shaft passes out through the pump pressure casing. If the pump handles
a suction lift and the pressure at the bottom of the seal chamber (the point closest to the
inside of the pump) is below atmospheric, the seal chamber function is to prevent air leak-
age into the pump. If this pressure is above atmospheric, the function is to prevent liquid
leakage out of the pump.
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FIGURE 74 A conventional stuffing box with a bottoming ring

FIGURE 75 A lantern ring (also called a seal cage)

When sealing is accomplished by means of a mechanical seal, the seals are installed in
a seal chamber. When sealing is accomplished by means of packing, the seal chamber is
commonly referred to as a stuffing box. For general service pumps, a stuffing box usually
takes the form of a cylindrical recess that accommodates a number of rings of packing
around the shaft or shaft sleeve (see Figures 73 and 74). If sealing the box is desired, a
lantern ring or seal cage (see Figure 75) is used to separate the rings of packing into
approximately equal sections. The packing is compressed to give the desired fit on the
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shaft or sleeve by a gland that can be adjusted in an axial direction. The bottom or inside
end of the box can be formed by the pump casing (refer to Figure 70), a throat bushing (see
Figure 78), or a bottoming ring (see Figure 74).

For manufacturing reasons, throat bushings are widely used on smaller pumps with
axially split casings. Throat bushings are always solid rather than split. The bushing is usu-
ally held from rotation by a tongue-and-groove joint locked in the lower half of the casing.

Packing Lantern Rings (Seal Cages) When a pump operates with negative suction
head, the inner end of the stuffing box is under vacuum and air tends to leak into the
pump. For this type of service, packing is usually separated into two sections by a lantern
ring or seal cage (refer to Figure 73).

Water or some other sealing fluid is introduced under pressure into the lantern ring
connection, causing a flow of sealing fluid in both axial directions. This construction is use-
ful for pumps handling chemically active or dangerous liquids since it prevents an outflow
of the pumped liquid. Lantern rings are usually axially split for ease of assembly.

Some installations involve variable suction conditions, the pump operating part of the
time with suction head and part of the time with suction lift. When the operating pressure
inside the pump exceeds atmospheric pressure, the liquid lantern ring becomes inopera-
tive (except for lubrication). However, it is maintained in services so that when the pump
is primed at starting, all air can be excluded.

Sealing Liquid Arrangements When a pump handles clean, cool water, sealing liquid
connections are usually to the pump discharge or, in multistage pumps, to an intermedi-
ate stage. An independent supply of sealing water should be provided if any of the fol-
lowing conditions exist:

e A suction lift in excess of 15 ft (4.5 m)
e A discharge pressure under 10 1b/in? (0.7 bar)

e Hot water (over 250°F or 120°C) being handled without adequate cooling (except for
boiler-feed pumps, in which lantern rings are not used)

e Muddy, sandy, or gritty water being handled
e The pump is a hot-well pump.

e The liquid being handled is other than water, such as acid, juice, molasses, or sticky
liquids, without special provision in the stuffing box design for the nature of the liquid

If the suction lift exceeds 15 ft (4.5 m), excessive air infiltration through the stuffing
boxes may make priming difficult unless an independent seal is provided. A discharge
pressure under 10 1b/in?(0.7 bar) may not provide sufficient sealing pressure. Hot-well (or
condensate) pumps operate with as much as a 28-in Hg (710 mm Hg) vacuum, and air
infiltration would take place when the pumps are standing idle in standby service.

When sealing water is taken from the pump discharge, an external connection may be
made through small-diameter piping (see Figure 76) or internal passages. In some pumps,
these connections are arranged so that a sealing liquid can be introduced into the packing
space through an internal drilled passage either from the pump casing or from an exter-
nal source (see Figure 77). When the liquid pumped is used for sealing, the external con-
nection is plugged. If an external sealing liquid source is required, it is connected to the
external pipe tap with a socket-head pipe plug inserted at the internal pipe tap.

It is sometimes desirable to locate the lantern ring with more packing on one side
than on the other. For example, in gritty-water services, a lantern ring location closer
to the inner portion of the pump would divert a greater proportion of sealing liquid into
the pump, thereby keeping grit from working into the box. An arrangement with most
of the packing rings between the lantern ring and the inner end of the stuffing box
would be applied to reduce dilution of the pumped liquid.

Some pumps handle water in which there are small, even microscopic, solids. Using
water of this kind as a sealing liquid introduces the solids into the leakage path, short-
ening the life of the packing and sleeves. It is sometimes possible to remove these solids
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FIGURE 76 Piping connections from the pump discharge to seal cages

FIGURE 77 An end-suction pump with provisions for an internal or external sealing-liquid supply (Flowserve
Corporation)

by installing small pressure filters in the sealing water piping from the casing to the stuff-
ing box.

Filters ultimately get clogged, though, unless they are frequently backwashed or oth-
erwise cleaned out. This disadvantage can be overcome by using a cyclone (or centrifugal)
separator. The operating principle of the cyclone separator is based on the fact that if a lig-
uid under pressure is introduced tangentially into a vortexing chamber, a centrifugal force
will make it rotate in the chamber, creating a vortex. Particles heavier than the liquid in
which they are carried will hug the outside wall of the vortexing chamber and the liquid
in the center of the chamber will be relatively free of foreign matter. The action of such a
separator is illustrated in Figure 78. Liquid piped from the pump discharge or from an
intermediate stage of a multistage pump is piped to inlet tap A, which is drilled tangen-
tially to the cyclone bore. The liquid containing solids is directed downward to the apex of
the cone at outlet tap B and is piped to the suction or to a low-pressure point in the sys-
tem. The cleaned liquid is taken off at the center of the cyclone at outlet tap C and is piped
to the stuffing box.

Sand that will pass through a No. 40 sieve will be completely eliminated in a cyclone
separator with supply pressures as low as 20 Ib/in? (1.4 bar). With 100 1b/in? (7-bar) supply
pressure, 95 percent of the particles of 5-micron size will be eliminated.
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FIGURE 78 An illustration of the priniciple of cyclone separators (Flowserve Corp. )
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FIGURE 79 Backflow preventer (Hersey Products)

Most city ordinances require that some form of backflow preventer be interposed
between city water supply lines and connections to equipment where backflow or siphon-
ing could contaminate a drinking water supply.

This is the case, for instance, with an independent sealing supply used for stuffing
boxes of sewage pumps. Quite a variety of backflow preventers are available. In most
cases, the device consists of two spring-loaded check valves in a series and a spring-loaded,
diaphragm-actuated, differential-pressure relief valve located in the zone between the
check valves (see Figure 79).

In a normal operation, both check valves remain open as long as there is a demand for
sealing water. The differential-pressure relief valve remains closed because of the pressure
drop past the first check valve. If the pressure downstream of the device increases, tend-
ing to reverse the direction of the flow, both check valves close and prevent backflow. If the
second check valve is prevented from closing tightly, the leakage past it increases the pres-
sure between the two check valves, the relief valve opens, and water is discharged to the
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FIGURE 80 A water seal unit
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FIGURE 81 A weighted grease sealer

atmosphere. Thus, the relief valve operates automatically to maintain the pressure
between the two check valves lower than the supply pressure.

Some local ordinances prohibit any connections between city water lines and a sewage
or process liquid line. In such cases, an open tank under atmospheric pressure is installed
into which city water can be admitted and from which a small pump can deliver the
required quantity of sealing water. Such a water-sealing supply unit (see Figure 80) can be
installed in a location where it can serve a number of pumps.

The tank is equipped with a float valve to feed and regulate the water level so that con-
tamination of the city water supply is prevented. A small close-coupled pump is mounted
directly on the tank and maintains a constant pressure of clear water at the stuffing box
seals of the battery of pumps it serves. A small recirculation line is provided from the close-
coupled pump discharge back to the tank to prevent operation at shutoff. The discharge
pressure of the small supply pump is set by the maximum sealing pressure required at
any of the pumps served. The supply at the individual stuffing boxes is then regulated by
setting small control valves in each individual line.

If clean, cool water is not available (as with some drainage, irrigation, or sewage pumps),
grease or oil seals are often used. Most pumps for sewage service have a single stuffing box
subject to discharge pressure that operates with a flooded suction. It is therefore not nec-
essary to seal these pumps against air leakage, but forcing grease or oil into the sealing
space at the packing helps to exclude grit. Figure 81 shows a typical weighted grease sealer.
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FIGURE 82 An automatic grease sealer mounted on a vertical pump (Zimmer & Francescon)

Automatic grease or oil sealers that exert pump discharge pressure in a cylinder on one
side of a plunger, with light grease or oil on the other side, are available for sewage service.
The oil or grease line is connected to the stuffing box seal, which is at about 80 percent of
the discharge pressure. As a result, there is a slow flow of grease or oil into the pump when
the unit is in operation. No flow takes place when the pump is out of service. Figure 82
shows an automatic grease sealer mounted on a vertical sewage pump.

Water-Cooled Stuffing Boxes High temperatures or pressures complicate the problem
of maintaining stuffing box packing. Pumps in these more difficult services are usually pro-
vided with mechanical seals and seal support systems. When it is necessary or desirable to
use packing, however, the pumps are usually equipped with jacketed, water-cooled stuffing
boxes. The cooling water removes heat from the liquid leaking through the stuffing box and
heat generated by friction in the box, thus improving packing service conditions. In some
special cases, liquid other than water can be used in the cooling jackets. Two water-cooled
stuffing box designs are commonly used. The first, shown in Figure 83, provides cored passes
in the casing casting. These passages that surround the stuffing box are arranged with in-
and-out connections. The second type uses a separate cooling chamber combined with the
stuffing box proper, with the whole assembly inserted into and bolted to the pump casing
(see Figure 84). The choice between the two is based on manufacturing preferences.

Caution is required when depending on water cooling to provide proper operation
because of the danger of passage fouling and a loss of cooling effectiveness during opera-
tion. It is important that any such cooling passages be accessible for periodic inspection
and cleaning to ensure that effective cooling is maintained.

Stuffing box pressure and temperature limitations vary with the pump type because it
is generally not economical to use expensive stuffing box construction for infrequent high-
temperature or high-pressure applications. Therefore, whenever the manufacturer’s stuff-
ing box limitations for a given pump are exceeded, the application of pressure-reducing
devices ahead of the stuffing box is recommended.

Pressure-Reducing Devices Essentially, pressure-reducing devices consist of a bush-
ing or meshing labyrinth ending in a relief chamber located between the pump interior
and the stuffing box or seal chamber. The relief chamber is connected to some suitable
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FIGURE 84 A separate water-cooled stuffing box with pressure-reducing stuffing box bushing

low-pressure point in the installation, and the leakage past the pressure-reducing device
is returned to this point. If the pumped liquid must be salvaged, as with treated feedwa-
ter, it is returned to the pumping cycle. If the liquid is expendable, the relief chamber can
be connected to a drain.

Many different pressure-reducing device designs exist. Figure 84 illustrates a design
for limited pressures. A short serrated bushing is inserted at the bottom of the stuffing box
or seal chamber, followed by a relief chamber. The leakage past the serrated bushing is
bled off to a low-pressure point.
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FIGURE 85 Split stuffing box gland

With relatively high-pressure units, intermeshing labyrinths can be located following
the balancing device and ahead of the stuffing box or seal chamber. Piping from the cham-
ber following pressure-reducing devices should be amply sized so that as wear increases
leakage, piping friction will not increase seal chamber pressure.

Stuffing Box Packing Glands Stuffing box packing glands may assume several forms,
but basically they can be classified into two groups: solid glands and split glands (see Fig-
ure 85). Split glands are made in halves so that they can be removed from the shaft with-
out dismantling the pump, thus providing more working space when the stuffing boxes
are being repacked. Split glands are desirable for pumps that have to be repacked fre-
quently, especially if the space between the box and the bearing is restricted. The two
halves are generally held together by bolts, although other methods are also used. Split
glands are generally a construction refinement rather than a necessity, and they are rarely
used in smaller pumps. They are commonly furnished for large single-stage pumps, for
some multistage pumps, and for certain refinery pumps.

Another common refinement is the use of swing bolts in stuffing box packing glands.
Such bolts may be swung to the side, out of the way, when the stuffing box is being repacked.

Stuffing box leakage into the atmosphere might, in some services, seriously inconve-
nience or even endanger the operating personnel. An example would be when volatile liquids
are being pumped at vaporizing temperatures or temperatures above their flash point. As
this leakage cannot always be cooled sufficiently by a water-cooled stuffing box, smothering
glands are used (refer to Figure 83). Provisions are made in the gland to introduce a liquid,
either water or another compatible liquid at a low temperature, that mixes intimately with
the leakage, lowering its temperature or, if the liquid is volatile, absorbing it.

Stuffing box packing glands are usually made of bronze, although cast-iron or steel
may be used for all iron-fitted pumps. Iron or steel glands are generally bushed with a non-
sparking material like bronze in hazardous process services to prevent the ignition of
flammable vapors by the glands sparking against a ferrous metal shaft or sleeve.

Stuffing Box Packing See Subsection 2.2.2.

MECHANICAL SEALS VERSUS PACKING

Sealing with a packed stuffing box is impractical for many conditions of service. In an ordi-
nary packed stuffing box, the sealing between the rotating shaft or shaft sleeve and the
stationary portion of the stuffing box (or seal chamber) is accomplished by means of rings
of packing forced between the two surfaces and held tightly in place by a packing gland.
The leakage around the shaft is controlled by merely tightening or loosening the packing
gland nuts (or bolts). The actual sealing surfaces consist of the axial rotating surface of the
shaft or shaft sleeve and the stationary packing. Attempts to reduce or eliminate all leak-
age from a conventional packed stuffing box increase the compressive load of the packing
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gland on the packing. The packing, being semiplastic, forms more closely to the shaft or
shaft sleeve and tends to reduce the leakage. After a certain point, however, the leakage
between the packing and the rotating shaft or shaft sleeve becomes inadequate to carry
away the heat generated by the packing rubbing on the rotating surface, and the packing
fails to function. This failure can result in burned packing, packing “blow out,” and
severely damaged shaft or shaft sleeve surfaces. If the sealing surface is coated, this coat-
ing may be destroyed. Even before this condition is reached, the shaft or shaft sleeve may
be severely worn and scored by the packing, so that it becomes impossible to pack the
stuffing box satisfactorily.

These undesirable characteristics prohibit the use of packing as a sealing method if
some leakage of the pumpage to the atmosphere is not acceptable. Packing is limited in its
application pressure and temperature range (see Section 2.2.2), and it is usually not
acceptable for any flammable or hazardous pumping services. To address these limita-
tions, the mechanical seal was developed (see Section 2.2.3). The mechanical seal has
found general acceptance in nearly all pumping applications. Packing is still used in cer-
tain low-pressure, low-temperature applications where leakage of the pumpage is not a
problem and a history of satisfactory, economical service exists.

Mechanical seals are not always the solution to every sealing situation. Seals are still
subject to failure, and their failure may be more rapid and abrupt than that of packing. If
packing fails, the pump can many times be kept running by temporary adjustments until
it is convenient to shut it down. If a mechanical seal fails, most often the pump must be
shut down immediately. As both packed stuffing boxes and conventional mechanical face
seals are subject to wear, both are subject to failure. Whether one or the other should be
used depends on the specific application and the experience of the user. In some cases, both
give good service and the choice becomes a matter of personal preference or cost. Table 2

TABLE 2 Comparison of packing and mechanical seals

Advantages Disadvantages
Packing
1. Lower initial cost 1. Relatively high leakage
2. Easily installed as rings and glands are split 2. Requires regular maintenance
3. Good reliability to medium pressures 3. Wear of shaft of shaft sleeve can
and shaft speeds be relatively high

4 Can handle large axial movements (thermal 4. Power losses may be high
expansion of stuffing box versus shaft)

5. Can be used in rotating or reciprocating
applications

6. Leakage tends to increase gradually, giving
warning of impending breakdown

Mechanical seals

1. Very low leakage/no leakage 1. Higher initial cost

2. Require no maintenance 2. Easily installed but may require
some disassembly of pump
(couplings and so on)

. Eliminate sleeve wear/shaft wear

. Very good reliability

. Can handle higher pressures and speeds

. Easily applied to carcinogenic, toxic,

flammable, or radioactive liquids
7. Low power loss

ULk W

Source: John Crane Inc.
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adds other comments and summarizes some advantages and disadvantages of packing
and mechanical seals.

Principles and Construction of Mechanical Seals See Subsection 2.2.3.

Injection-Type Shaft Seals See Subsection 2.2.4.

BEARINGS

The function of bearings in centrifugal pumps is to keep the shaft or rotor in correct align-
ment with the stationary parts under the action of radial and transverse loads. Bearings
that give radial positioning to the rotor are known as radial or line bearings, and those
that locate the rotor axially are called thrust bearings. In most applications, the thrust
bearings actually serve both as thrust and radial bearings.

Types of Bearings Used All types of bearings have been used in centrifugal pumps.
Even the same basic design of pump is often made with two or more different bearings,
required either by varying service conditions or by the preference of the purchaser. In most
pumps, however, either rolling element or oil film (sleeve-type) bearings are used today.

In horizontal pumps with bearings on each end, the bearings are usually designated by
their location as inboard, or drive end, and outboard, or non-drive end. Inboard (drive end)
bearings are located between the casing and the coupling. Pumps with overhung impellers
have both bearings on the same side of the casing so that the bearing nearest the impeller
is called inboard and the one farthest away outboard. In a pump provided with bearings
at both ends, the thrust bearing is usually placed at the outboard end and the line bear-
ing at the inboard end.

The bearings are mounted in a housing that is usually supported by brackets attached
or integral to the pump casing. The housing also serves the function of containing the
lubricant necessary for proper operation of the bearing. Occasionally, the bearings of very
large pumps are supported in housings that form the top of pedestals mounted on sole-
plates or on the pump bedplate. These are called pedestal bearings.

Because of the heat generated by the bearing or the heat in the liquid being pumped,
some means other than radiation to the surrounding air must occasionally be used to keep
the bearing temperature within proper limits. If the bearings have a force-fed lubrication
system, cooling is usually accomplished by circulating the oil through a separate water-to-
oil or air-to-oil cooler. Otherwise, a jacket through which a cooling liquid is circulated is
usually incorporated as part of the housing.

Pump bearings may be rigid or self-aligning. A self-aligning bearing will automatically
adjust itself to a change in the angular position of the shaft. In babbitted or sleeve bear-
ings, the name self-aligning is applied to bearings that have a spherical fit of the sleeve in
the housing. In rolling element bearings, the name is applied to bearings, the outer race of
which is spherically ground or the housing of which provides a spherical fit.

Although double-suction pumps are theoretically in hydraulic balance, this balance is
rarely realized in practice, and so even these pumps are provided with thrust bearings. A
centrifugal pump, being a product of the foundry, is subject to minor irregularities that may
cause differences in the eddy currents set up on the two sides of the impeller. As this dis-
turbance can create an axial hydraulic thrust, some form of thrust bearing that is capable
of taking a thrust in either direction is necessary to maintain the rotor in its proper position.

The thrust capacity of the bearing of a double-suction pump is usually far in excess of
the probable imbalance caused by irregularities. This provision is made because (1)
unequal wear of the rings and other parts may cause an imbalance and (2) the flow of the
liquid into the two suction eyes may be unequal and cause an imbalance because of an
improper suction-piping arrangement.

Rolling Element Bearings The most common rolling element bearings used on cen-
trifugal pumps are the various types of ball bearings. Roller bearings are used less often,
although the spherical roller bearing (see Figure 86) is used frequently for large shaft
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FIGURE 86 Self-aligning spherical roller bearing (SKF USA, Inc.)

sizes, for which there is a limited choice of ball bearings. As most roller bearings are suit-
able only for radial loads, their use on centrifugal pumps tends to be limited to applica-
tions in which they are not required to carry a combined radial and thrust load.

Ball Bearings As the coefficient of rolling friction is less than that of sliding friction,
one must not consider a ball bearing in the same light as a sleeve bearing. In the former,
the load is carried on a point contact of the ball with the race, but the point of contact does
not rub or slide over the race and no appreciable heat is generated. Furthermore, the point
of contact is constantly changing as the ball rolls in the race, and the operation is practi-
cally frictionless. In the sleeve bearing, a constant rubbing of one surface over another
occurs, and the friction must be reduced by the use of a lubricant.

Ball bearings that operate at an absolutely constant speed theoretically require no
lubricant. No speed can be called absolutely constant, however, for the conditions affecting
the speed always vary slightly. For instance, a motor with a full-load speed rated at 3,510
rpm might vary in speed over the course of a minute from 3,505 to 3,515 rpm. Each vari-
ation in speed causes the balls in a ball bearing to lag or lead the race because of their iner-
tia. Consequently, a very slight, almost immeasurable sliding action takes place. Another
limiting condition is that the hardest of metals suffers minute deformations on carrying
loads, thus upsetting perfect point contacts and adding another slight sliding action. For
these reasons, ball bearings must be given some lubrication.

Ball thrust bearings are built to carry heavy loads by pure rolling motion on an angu-
lar contact. As a thrust load is axial, it is equally distributed to all the balls around the
race, and the individual load on each ball is only a small fraction of the total thrust load.
In such bearings, it is essential that the balls be equally spaced, and for this purpose, a
retaining cage is used between the balls and between the inner and outer races. This cage
carries no load, but the contact between it and the ball produces sliding friction that
requires lubrication.

Types and Applications Pump designers have a wide variety of rolling element bear-
ings and arrangements to choose from. Ball bearings with their high-speed capabilities
and low friction make them ideal for small and medium-size pumps, while roller bearings
are more common in larger, slower speed pumps where a heavy capacity is required.
Depending upon the specific bearing type, optional characteristics such as seals, shields,
various cage materials and designs, and special internal clearances and preloads are avail-
able. Although several might be dimensionally acceptable, it is best for users to adhere to
manufacturer recommendations to ensure optimum reliability.

The most common ball bearings used in centrifugal pumps are 1) single-row, deep-
groove, 2) single-row, angular contact, and 3) double-row, angular contact ball bearings.

Sealed ball bearings are used in special applications such as vertical in-line pumps.
Sealed prelubricated bearings require special attention if the unit in which they are
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FIGURE 87 Self-aligning ball bearing (SKF USA, FIGURE 88 Single-row, deep-groove ball bearing
Inc.) (SKF USA, Inc.)

installed is not operated for long periods of time (such as stand-by units or units kept in
stock or storage). The shaft should be rotated occasionally (see specific instruction manual
directions) to agitate the lubricant and maintain a film coating on the bearing elements.

Self-aligning ball bearings (see Figure 87) are sometimes used for heavy loads, high
speeds, long-bearing spans (large deflection angles at the bearings) and no axial thrust
requirements. This bearing design acts as a pivot that compensates for misalignment and
shaft deflection. For large shafts, the self-aligning spherical roller bearing (refer to Figure
86) is used instead of the self-aligning ball bearing, and it can carry both radial loads and
axial thrust loads.

The single-row, deep-groove ball bearing (see Figure 88), sometimes referred to as a
Conrad-type bearing, is the most commonly used bearing in centrifugal pumps, except for
the larger size pumps. The Conrad-type design is recommended for use in centrifugal
pumps because it can support either radial, axial, or a combination of radial and axial loads.
This makes it ideal for the radial bearing in end-suction centrifugal pumps or as both the
radial and thrust bearings in small pumps. The bearing design requires a careful alignment
between the shaft and the housing. It is often used with seals or shields in grease-
lubricated applications to help exclude dirt and retain lubricants within the bearing.

Angular contact ball bearings are commonly used in centrifugal pump applications to sup-
port axial loads or a combination of both axial and radial loads. Their axial stiffness and small
operating clearances provide precise position accuracy for the shaft. Angular contact bearings
are manufactured in a single-row design (see Figure 89), typically with a 40° contact angle,
and also as a double-row bearing (see Figure 90), most commonly with a 30° contact angle.

Single-row, angular contact ball bearings support axial loads in only one direction
when used singly. To support reversing axial loads or combined loads, single-row bearings
must be mounted in a back-to-back or face-to-face arrangement where the contact angles
oppose each other. Owing to its more rigid design, the back-to-back arrangement is gener-
ally recommended for centrifugal pumps, while the face-to-face arrangement is common
when a slight misalignment is expected. When required to support heavy axial loads,
single-row, angular contact ball bearings can be mounted in tandem where their contact
angles are in the same direction. This arrangement must still be opposed with a third
bearing in a back-to-back or face-to-face arrangement with the tandem pair when radial
or reversing thrust loads must also be supported (see Figure 91). Depending upon the
operating conditions of the pump, single-row, angular contact ball bearings typically oper-
ate with either a small clearance or a light preload.

Some applications exist where a high axial load occurs predominantly in one direction,
but the thrust bearing must be capable of carrying occasional smaller axial loads in the
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FIGURE 89 Single-row, angular contact bearing FIGURE 90 Double-row, angular-contact bearing
(SKF USA, Inc.) (SKF USA, Inc.)
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FIGURE 91 Paired bearing arrangements (SKF USA, Inc.)

reversing direction. When this occurs, a typical back-to-back angular contact bearing
arrangement can result in one bearing becoming nearly completely unloaded. In the most
severe cases of axial unloading of angular contact bearings, skidding of the unloaded balls
within the bearing races can occur. This skidding can result in bearing heating and sub-
sequent damage, even failure, with time. To avoid ball skidding under light load or no-load
conditions, standard angular contact bearing sets can be arranged for a light preload that
will result in a sufficient load on the dynamically unloaded bearing to prevent skidding.
Another alternative is to install a matched set of two angular contact bearings with dif-
ferent contact angles (see Figure 92). By utilizing an angular contact bearing with a lower
contact angle (say 15 degrees instead of the normal 40 degrees), the unloaded bearing will
have a lower requirement for an axial load and be more resistant to ball skidding. This
means the bearing will run at a lower temperature.

The double-row, angular contact ball bearing (see Figure 93) is similar in design to a
back-to-back pair of single-row, angular contact ball bearings, but in a narrower width
package. Its ease of mounting, along with its low-friction operation, high-speed capability,
and seal or shield availability, make it an ideal bearing for light- to medium-duty end suc-
tion centrifugal pumps and submersible pumps.

Lubrication of Antifriction Bearing In the layout of a line of centrifugal pumps, the
choice of the lubricant for the pump bearings is dictated by application requirements, by
cost considerations, and sometimes by the preferences of a group of purchasers commit-
ted to the major portion of the output of that line. For example, in vertical wet-pit con-
denser circulating pumps, water is the lubricant of choice, in preference to grease or oil.
If oil or grease is used in such pumps and the lubricant leaks into the pumping system,
the condenser operation might be seriously affected because the tubes would become
coated with the lubricant.
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FIGURE 92 Angular contact bearings with FIGURE 93 A double-row, angular-contact ball
different contact angles (SKA USA, Inc.) thrust bearing that is grease-lubricated and water-

cooled

Most centrifugal pumps for refinery services are supplied with oil-lubricated bearings
because of the insistence of refinery engineers on this feature. In the marine field, on the
other hand, the preference lies with grease-lubricated bearings. For high pump operating
speeds (5,000 rpm and above), oil lubrication is found to be the most satisfactory. For
highly competitive lines of small pumps, the main consideration is cost, and so the most
economical lubricant is chosen, depending upon the type of bearing used.

Ball bearings used in small centrifugal pumps are usually grease-lubricated, although
some services use oil lubrication. In grease-lubricated bearings, the grease packed into the
bearing is thrown out by the rotation of the balls, creating a slight suction at the inner
race. (Even if the grade of grease is relatively light, it is still a semisolid and flows slowly.
As heat is generated in the bearing, however, the flow of the grease is accelerated until the
grease is thrown out at the outer race by the rotation.) As the expelled grease is cooled by
contact with the housing and thus is attracted to the inner race, a continuous circulation
of grease lubricates and cools the bearing. This method of lubrication requires a minimum
amount of attention and has proved itself very satisfactory. A vertically mounted thrust
bearing arranged for grease lubrication is shown in Figure 94.

A bearing fully packed with grease prevents proper grease circulation in itself and its
housing. Therefore, as a general rule, it is recommended that only one-third of the void
spaces in the housing be filled. An excess amount of grease will cause the bearing to heat
up, and grease will flow out of the seals to relieve the situation. Unless the excess grease
can escape through the seal or through the relief cock that is used on many large units, the
bearing will probably fail early.

In oil-lubricated ball bearings, a suitable oil level must be maintained in the housing.
This level should be at about the center of the lowermost ball of a stationary bearing. It
can be achieved by a dam and an oil slinger to maintain the level behind the dam and
thereby increase the leeway in the amount of oil the operator must keep in the housing.
Oil rings are sometimes used to supply oil to the bearings from the bearing housing reser-
voir (see Figure 95). In other designs, a constant-level oiler is used (see Figure 96).

Because of the advantages of interchangeability, some pump lines are built with bear-
ing housings that can be adapted to either oil or grease lubrication with minimum modi-
fications (see Figure 97).

Oil Film or Sleeve Bearings See Subsection 2.2.5.
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FIGURE 94 Vertically mounted thrust bearing arranged for grease lubrication (SKF USA, Inc.)
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FIGURE 95 A ball bearing pump with oil rings

COUPLINGS

Centrifugal pumps are connected to their drivers through couplings of one sort or another,
except for close-coupled units, in which the impeller is mounted on an extension of the

shaft of the driver.
Because couplings can be used with both centrifugal and positive displacement pumps,

they are discussed separately in Section 6.3.

BEDPLATE AND OTHER PUMP SUPPORTS

For very obvious reasons, it is desirable that pumps and their drivers be removable from
their mountings. Consequently, they are usually bolted and doweled to machined surfaces
that in turn are firmly connected to a foundation. To simplify the installation of horizon-
tal-shaft units, these machined surfaces are usually part of a common bedplate on which
either the pump or the pump and its driver have been prealigned.
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FIGURE 96 A constant-level oiler

FIGURE 97 Ball bearings arranged (left) with oil rings in the housing and (right) for grease lubrication

Bedplates The primary function of a pump bedplate is to furnish mounting surfaces for
the pump feet that can be rigidly attached to the foundation. Mounting surfaces are also
necessary for the feet of the pump driver or drivers and for the feet of any independently
mounted power transmission device. Although such surfaces could be provided by sepa-
rate bedplates or by individually planned surfaces, it would be necessary to align these
separate surfaces and fasten them to the foundation with the utmost care. Usually, this
method requires in-place mounting in the field as well as drilling and tapping for the bolts
after all the parts have been aligned. To minimize such field work, coupled horizontal-shaft
pumps are usually purchased with a continuous base extending under the pump and its
driver. Ordinarily, both these units are mounted and aligned at the place of manufacture.

Although such bases are designed to be quite rigid, they deflect if improperly sup-
ported. It is therefore necessary to support them on a foundation that can supply the
required rigidity. Furthermore, as the base can be sprung out of shape by improper han-
dling during transit, it is imperative that the alignment be carefully rechecked during
erection and prior to starting the unit.
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FIGURE 98 Horizontal shaft overhung pump and driver on a structural steel bedplate with a raised edge around
the base and a tapped drainage connection (Flowserve Corporation)

FIGURE 99 Horizontal shaft centrifugal pump and internal combustion engine mounted on a structural steel
bedplate (Flowserve Corporation)

As the unit size increases, so does the size, weight, and cost of the base required. The
cost of a prealigned base for most large units exceeds the cost of the field work necessary
to align individual bedplates or soleplates and to mount the component parts. Such bases
are therefore used only if appearances require them or if their function as a drip collector
justifies the additional cost. Even in fairly small units, the height at which the feet of the
pump and the other elements are located may differ considerably. A more rigid and nice-
looking installation can frequently be obtained by using individual bases or soleplates and
building up the foundation to various heights under the separate portions of equipment.

Baseplates are usually provided with a raised edge or raised lip around the base to pre-
vent dripping or draining onto the floor (see Figure 98). The base itself is sloped toward
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FIGURE 100 Horizontal shaft centrifugal pump and FIGURE 101 Single-stage double-suction pump with
driver on a structural steel bedplate made of a simple centerline support (Flowserve Corporation)
channel shape (Flowserve Corporation)

one end to collect the drainage for further disposal. A drain pocket is provided near the bot-
tom of the slope, sometimes with a mesh screen. A tapped connection in the pocket permits
piping the drainage to a convenient point.

Bedplates are usually fabricated from steel plate and structural steel shapes (see Fig-
ures 99 and 100). Even though most of these fabrications have a drain capability, because
of the popular use of mechanical seals and the containment of stuffing box leakage for
pumps that continue to use shaft packing (leakage is usually collected in the bearing
bracket and piped to a common collecting point), the bedplate surfaces actually are seldom
used to collect leakage from the pumping equipment during operation. Bedplate drain sur-
faces are usually employed to contain the leakage of pumpage and other liquids during
pump maintenance and removal or in the event of a seal or packing failure.

Soleplates Soleplates are cast-iron or steel pads located under the feet of the pump or its
driver and are embedded in the foundation. The pump or its driver is doweled and bolted
to them. Soleplates are customarily used for vertical dry-pit pumps and also for some of the
larger horizontal units to save the cost of the large bedplates otherwise required.

Centerline Support For operation at high temperatures, the pump casing must be sup-
ported as near to its horizontal centerline as possible in order to prevent excessive strains
caused by temperature differences. Such strains might seriously disturb the alignment of
the unit and eventually damage it. Centerline construction is usually employed in boiler-
feed, refinery, and hot-water circulating pumps (see Figure 101). The exact temperature
at which centerline support construction becomes mandatory varies from 250 to 350°F
(121 to 177°C).

Horizontal Units Using Flexible Pipe Connections The previous discussion of bed-
plates and supports for horizontal-shaft units assumed their application would be to
pumps with piping setups that do not impose hydraulic thrusts on the pumps. If flexible
pipe connections or expansion joints are desirable in the suction or discharge piping of a
pump (or in both), the pump manufacturer should be so advised for several reasons. First,
the pump casing will be required to withstand various stresses caused by the resultant
hydraulic thrust load. Although this is rarely a limiting or dangerous factor, it is best that
the manufacturer have the opportunity to check the strength of the pump casing. Second,
the resulting hydraulic thrust has to be transmitted from the pump casing through the
casing feet to the bedplate or soleplate and then to the foundation. Usually, horizontal-
shaft pumps are merely bolted to their bases or soleplates, and so any tendency to dis-
placement is resisted only by the frictional grip of the casing feet on the base and by
relatively small dowels. If flexible pipe joints are used, this attachment may not be suffi-
cient to withstand the hydraulic thrust. If high hydraulic thrust loads are to be encoun-
tered, therefore the pump feet must be keyed to the base or supports. Similarly, the
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bedplate or supporting soleplates must be of a design that will permit transmission of the
load to the foundation. Each of these design elements must be checked to confirm their
capability to withstand hyraulic thrust loads from flexible pipe connections. Preferably
expansion joints will be restrained to avoid transmitting loads to the pump nozzles.

VERTICAL PUMPS

Vertical-shaft pumps fall into two classifications: dry-pit and wet-pit. Dry-pit pumps are
surrounded by air, and the wet-pit types are either fully or partially submerged in the lig-
uid handled.

Vertical Dry-Pit Pumps Dry-pit pumps with external bearings include most small,
medium, and large vertical sewage pumps, most medium and large drainage and irriga-
tion pumps for medium and high heads, many large condenser circulating and water sup-
ply pumps, and many marine pumps. Sometimes the vertical design is preferred
(especially for marine pumps) because it saves floor space. At other times, it is desirable
to mount a pump at a low elevation because of suction conditions, and it is then also
preferable or necessary to have the pump driver at a high elevation. The vertical pump is
normally used for large capacity applications because it is more economical than the hor-
izontal type, all factors considered.

Many vertical dry-pit pumps are basically horizontal designs with minor modifications
(usually in the bearings) to adapt them for vertical-shaft drive. This is not true of small-
and medium-sized sewage pumps, however. In these units, a purely vertical design is the
most popular. Most of these sewage pumps have elbow suction nozzles (see Figures 102
through 104) because their suction supply is usually taken from a wet well adjacent to the

FIGURE 102 Section of a vertical sewage pump with end-suction (elbow) and side discharge (Flowserve
Corporation)
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FIGURE 103 An installed vertical sewage pump similar to that shown in Figure 102 (Flowserve Corporation)

FIGURE 104 Vertical sewage pump with a direct-mounted motor (Flowserve Corporation)

pit in which the pump is installed. The suction elbow usually contains a handhole with a
removable cover to provide easy access to the impeller.

To dismantle one of these pumps, the stuffing box head must be unbolted from the cas-
ing after the intermediate shaft or the motor and motor stand have been removed. The
rotor assembly is drawn out upward, complete with the stuffing box head, the bearing
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FIGURE 105 Vertical bottom-suction volute pumps installed in a sewage pumping station (Flowserve
Corporation)

housing, and the like. This rotor assembly can then be completely dismantled at a conve-
nient location.

Vertical-shaft installations of single-suction pumps with a suction elbow are commonly
furnished with either a pedestal or a base elbow (refer to Figure 102), both of which can
be bolted to soleplates or even grouted in. The grouting arrangement is not desirable
unless there is full assurance that the pedestal or elbow will never be disturbed or that the
grouted space is reasonably regular and the grout will separate from the pump without
excessive difficulty.

Vertical single-suction pumps with bottom suction are commonly used for larger
sewage, water supply, or condenser circulating applications. Such pumps are provided with
wing feet that are bolted to soleplates grouted in concrete pedestals or piers (see Figure
105). Sometimes the wing feet may be grouted right in the pedestals. These must be suit-
ably arranged to provide proper access to any handholes in the pump and to allow clear-
ance for the elbow suction nozzles if these are used.

If a vertical pump is applied to a condensate service or some other service for which the
eye of the impeller must be vented to prevent vapor binding, a pump with a bottom single-
inlet impeller is not desirable because it does not permit effective venting. Neither does a
vertical pump employing a double-suction impeller (see Figure 106). The most suitable
design for such applications incorporates a top single-inlet impeller (see Figure 107).

If the driver of a vertical dry-pit pump can be located immediately above the pump, it
is often supported on the pump itself (refer to Figure 104). The shafts of the pump and dri-
ver may be connected by a flexible coupling, which requires that each have its own thrust
bearing. If the pump shaft is rigidly coupled to the driver shaft or is an extension of the dri-
ver shaft, a common thrust bearing is used, normally in the driver.

Although the driving motors are frequently mounted on top of the pump casing, one
important reason for the use of the vertical shaft design is the possibility of locating the
motors at an elevation sufficiently above the pumps to prevent the accidental flooding of
the motors. The pump and its driver may be separated by an appreciable length of shaft-
ing, which may require steady bearings between the two units. Subsection 6.3.1 discusses
the construction and arrangement of the shafting used to connect vertical pumps to dri-
vers located some distance above the pump elevation.

Bearings for vertical dry-pit pumps and for intermediate guide bearings are usually
antifriction grease-lubricated types to simplify the problem of retaining a lubricant in a
housing with a shaft projecting vertically through it. Larger units, for which antifriction
bearings are not available or desirable, use self-oiling, babbitt steady bearings with spiral
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FIGURE 107 A section of a vertical pump with a top-suction inlet impeller (Flowserve Corporation)



2.162 CHAPTER TWO

7

FIGURE 108 A self-oiling, babbitt steady bearing for large vertical shafting (Flowserve Corporation)

FIGURE 109 A section of a large, vertical, bottom-suction volute pump with a single sleeve bearing (Flowserve
Corporation)

oil grooves (see Figures 108 and 109). Figure 109 illustrates a vertical dry-pit pump design
with a single-sleeve line bearing. The pump is connected by a rigid coupling to its motor
(not shown), which is provided with a line and a thrust bearing.

Vertical dry-pit centrifugal pumps are structurally similar to horizontal-shaft pumps. It
is to be noted, however, that many of the large, vertical, single-stage, single-suction (usually
bottom) volute pumps that are preferred for large storm water pumpage, drainage, irrigation,
sewage, and water supply projects have no comparable counterpart among horizontal-shaft
units. The basic U-section casing of these pumps, which is structurally weak, often requires
the use of heavy ribbing to provide sufficient rigidity. In the comparable water turbine prac-
tice, a set of vanes (called a speed ring) is employed between the casing and the runner to act
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as a strut. Although the speed ring does not adversely affect the operation of a water turbine,
it would function basically as a diffuser in a pump because of the inherent hydraulic limita-
tions of that construction. Some high-head pumps of this type have been made in the twin-
volute design. The wall separating the two volutes acts as a stengthening rib for the casing,
thus making it easier to design a casting strong enough for the pressure involved.

Bases and Supports for Vertical Pumping Equipment Vertical-shaft pumps, like
horizontal-shaft units, must be firmly supported. Depending upon the installation, the unit
can be supported at one or several elevations. Vertical units are seldom supported from
walls, but even that type of support is sometimes encountered.

Occasionally, a nominal horizontal-shaft pump design is arranged with a vertical shaft
and a wall used as the supporting foundation. Regular horizontal-shaft units can be used
for this purpose without modification, except that the bedplate is attached to a wall. Care-
ful attention must be given to the arrangement of the pump bearings to prevent the escape
of the lubricant. Installations of double-suction, single-stage pumps with the shaft in the
vertical position are relatively rare, except in some marine or navy applications. Hence,
manufacturers have few standard pumps of this kind arranged so that a portion of the cas-
ing forms the support (to be mounted on soleplates). Figure 106 shows such a pump, which
also has a casing extension to support the driving motor.

Vertical Wet-Pit Pumps Vertical pumps intended for submerged operations are manu-
factured in a great number of designs, depending mainly upon the service for which they
are intended. Small pumps of this type are often referred to as sump pumps. Wet-pit cen-
trifugal pumps can be classified in the following manner:

e Vertical turbine pumps
e Propeller or modified propeller pumps
e Volute pumps

Vertical Turbine Pumps Vertical turbine pumps were originally developed for pump-
ing water from wells and have been called deep-well pumps, turbine well pumps, and bore-
hole pumps. As their application to other fields has increased, the name vertical turbine
pumps has been generally adopted by manufacturers. This is not too specific a designa-
tion because the term turbine pump has been applied in the past to any pump employing
a diffuser. There is now a tendency to designate pumps using diffusion vanes as diffuser
pumps to distinguish them from volute pumps. As that designation becomes more uni-
versal, applying the term vertical turbine pumps to the construction formerly called tur-
bine well pumps will become more specific.

The largest fields of application for the vertical turbine pump are pumping from wells
for irrigation and other agricultural purposes, for a municipal water supply, and for indus-
trial water supplies, as well as for processing, circulating, refrigerating, and air condition-
ing. This type of pump has also been utilized for brine pumping, mine dewatering, oil field
repressuring, and other purposes.

These pumps have been made for capacities as low as 10 or 15 gpm (2 or 3 m%h) and
as high as 25,000 gpm (5700 m%h) or more and for heads up to 1,000 feet (300 m). Most
applications naturally involve the smaller capacities. The capacity of the pumps used for
bored wells is naturally limited by the size of the well as well as by the rate at which water
can be drawn without lowering its level to a point of insufficient pump submergence.

Vertical turbine pumps should be designed with a shaft that can be readily raised or
lowered from the top to permit proper positioning of the impeller in the bowl. An adequate
thrust bearing is also necessary to support the vertical shafting, the impeller, and the
hydraulic thrust developed when the pump is in service. As the driving mechanism must
also have a thrust bearing to support its vertical shaft, it is usually provided with one large
enough to carry the pump parts as well. For these two reasons, the hollow-shaft motor or
gear is most commonly used for vertical turbine pump drives. In addition, these pumps are
sometimes made with their own thrust bearings to allow for a belt drive or for a drive
through a flexible coupling by a solid-shaft motor, gear, or turbine. Dual-driven pumps
usually employ an angle gear with a vertical motor mounted on its top.
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FIGURE 110 A vertical turbine pump design with enclosed impellers and: a) enclosed line shafting and b) open-
line shafting (Flowserve Corporation)

The design of vertical pumps illustrates how a centrifugal pump can be specialized to
meet a specific application. Figure 110 illustrates a turbine design with closed impellers
and enclosed-line shafting and another turbine design with closed impellers and open-line
shafting.

The bowl assembly, or section, consists of the suction case (also called suction head or
inlet vane), the impeller or impellers, the discharge bowl, the intermediate bowl or bowls
(if more than one stage is involved), the discharge case, the various bearings, the shaft, and
the miscellaneous parts, such as keys, impeller-locking devices, and the like. The column
pipe assembly consists of the column pipe, the shafting above the bowl assembly, the shaft
bearings, and the cover pipe or bearing retainers. The pump is suspended from the driving
head, which consists of the discharge elbow (for above ground discharge), the motor or dri-
ver and support, and either the stuffing box (in an open-shaft construction) or the assem-
bly for providing tension on the cover pipe and introducing a lubricant into it. Below
ground discharge is taken from a tee in the column pipe, and the driving head functions
principally as a stand for the driver and a support for the column pipe.
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Liquid in a vertical turbine pump is guided into the impeller by the suction case or
head. This may be a tapered section for the attachment of a conical strainer or suction
pipe, or it may be a bell mouth.

Semiopen and enclosed impellers are both commonly used. For proper clearances in the
various stages, the semiopen impeller requires more care in assembly on the impeller
shaft and more accurate field adjustments of the vertical shaft position in order to obtain
the best efficiency. Enclosed impellers are favored over semiopen ones because wear on the
latter reduces capacity, which cannot be restored unless new impellers are installed. Nor-
mal wear on enclosed impellers does not affect impeller vanes, and worn clearances may
be restored by replacing wearing rings. The thrust produced by semiopen impellers may
be as much as 150 percent of that by enclosed impellers.

Occasionally, in power plants, the maximum water level that can be carried in the con-
denser’s hot well will not give adequate NPSH for a conventional horizontal condensate
pump mounted on the basement floor, especially if the unit has been installed in a space orig-
inally allotted for a smaller pump. Building a pit for a conventional horizontal condensate
pump or a vertical dry-pit pump that will provide sufficient submergence involves consider-
able expense. Pumps of the design shown in Figure 111 have become quite popular in such
applications. This is basically a vertical turbine pump mounted in a tank (often called a can)
that is sunk into the floor. The length of the pump has to be such that sufficient NPSH will
be available for the first-stage impeller design, and the diameter and length of the tank have

FIGURE 111 Vertical turbine can pump for condesate service (Flowserve Corporation)
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FIGURE 112 Vertical propeller pump installed (Flowserve Corporation)

to allow for proper flow through the space between the pump and tank and then for a turn
and flow into the bell mouth. Installing this design in an existing plant is naturally much
less expensive than making a pit because the size of the hole necessary to install the tank is
much smaller. The same basic design has also been applied to pumps handling volatile lig-
uids that are mounted on the operating floor and not provided with sufficient NPSH.

Propeller Pumps Originally, the term vertical propeller pump was applied to vertical
wet-pit diffuser or turbine pumps with a propeller or axial-flow impellers, usually for
installation in an open sump with a relatively short setting (see Figures 112 and 113).
Operating heads exceeding the capacity of a single-stage axial-flow impeller might call
for a pump of two or more stages or a single-stage pump with a lower specific speed and
a mixed-flow impeller. High enough operating heads might demand a pump with mixed-
flow impellers and two or more stages. For lack of a more suitable name, such high-head
designs have usually been classified as propeller pumps also.

Although vertical turbine pumps and vertical modified propeller pumps are basically
the same mechanically and could even be of the same specific speed hydraulically, a basic
turbine pump design is suitable for a large number of stages. A modified propeller pump
design, however, is basically intended for a maximum of two or three stages.

Most wet-pit drainage, low-head irrigation, and storm water installations employ con-
ventional propeller or modified propeller pumps. These pumps have also been used for con-
denser circulating services, but a specialized design dominates this field. As large power
plants are usually located in heavily populated areas, they frequently have to use badly
contaminated water (both fresh and salt) as a cooling medium. Such water quickly short-
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FIGURE 113 Vertical propeller pump with above FIGURE 114 Vertical pull-out design allows the

ground discharge (Flowserve Corporation) rotating element and critical non-rotating wear
components to be removed for inspection and
replacement without removing the complete pump
(Flowserve Corporation)

ens the life of fabricated steel. Cast iron, bronze, or an even more corrosion-resistant cast
metal must therefore be used for the column pipe assembly. This requirement means a
very heavy pump if large capacities are involved. To avoid the necessity of lifting this large
mass for maintenance of the rotating parts, some designs (one of which is illustrated in
Figure 114) are built so that the impeller, diffuser, and shaft assembly can be removed
from the top without disturbing the column pipe assembly. These designs are commonly
designated as pullout designs.

Like vertical turbine pumps, propeller and modified propeller pumps have been
made with both open- and enclosed-line shafting. Except for condenser circulating ser-
vices, enclosed shafting, using oil as a lubricant but with a grease-lubricated tail bear-
ing below the impeller, seems to be favored. Some pumps handling condenser
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circulating water use enclosed shafting but with water (often from another source) as
the lubricant, thus eliminating any possibility of oil getting into the circulating water
and coating the condenser tubes.

Propeller pumps have open propellers. Modified propeller pumps with mixed-flow
impellers are made with both open and closed impellers.

Volute Pumps A variety of wet-pit pumps are available. The liquid pumped, be it clean
water, sewage, abrasive liquids or slurries, dictates whether a semiopen or an enclosed
impeller will be used, whether the shafting will be open or closed to the liquid pumped,
and whether the bearings will be submerged or located above the liquid.

Figure 115 illustrates a single-volute pump with a single-suction enclosed nonclog
impeller, no pump-out vanes or wearing-ring joints on the hack side of the impeller, and
enclosed shafting. The pump is designed to be suspended from an upper floor by means of
a drop pipe and for pumping sewage or other solid-laden liquids. To seal against leakage
along the shaft at the point where it passes through the casing, a seal chamber or a stuff-
ing box is provided. The design of a stuffing box can be either like the one shown in Figure
116, which uses rings of packing and a spring-loaded gland, or the one shown in Figure
117, which uses U-cup packing requiring no gland. The pump shown in Figure 115 uses
two sleeve bearings above the impeller. The bottom bearing is grease-lubricated, and a seal
is provided to prevent grease leakage as well as to keep out any grit. The upper bearing
connects the shaft cover pipe to the pump-bearing bracket and the upper end of the cover
pipe to the floorplate. This bearing is gravity-feed oil-lubricated. If intermediate bearings
are required, they are also supported by the cover pipe and are oil-lubricated. The pump
thrust is carried by the motor, which can be either a hollow-shaft or a solid-shaft con-
struction. The latter type requires the use of a rigid coupling between the pump and motor
shafts.

In most applications, these volute-type pumps have been replaced with vertical wet-pit
pumps with the stuffing box/seal chamber in the discharge head (see Section 9.2, Figure 4b).

A design that uses open shafting and no seal chamber or stuffing box at the pump cas-
ing, incorporating its own thrust bearing, is shown in Figure 118. The impeller shown in
Figure 118 is of the vortex type (sometimes called a recessed impeller, as shown in Figure
119), which is suitable for pumping heavy concentrations of solid material (such as sludges
or slurries) or in certain food-processing applications, but other types of impellers can be
substituted. Pumped liquid leakage from the casing is relieved back to the suction through
holes in the support pipe. The seal chamber or stuffing box at the driver floor elevation is
used only when gas tight construction is desired. The lower and any intermediate sleeve
bearings are grease-lubricated as shown, but gravity-feed oil lubrication is also available
in other designs. The upper antifriction thrust bearing is grease-lubricated. A solid shaft
motor and a flexible shaft are used.

Figure 120 illustrates what is called a cantilever-shaft pump, which has the unique fea-
ture of having no bearings below the liquid surface. The shaft is exposed to the liquid pumped.
External antifriction grease-lubricated bearings are provided above the floor and are properly
spaced to support the rigid shaft. They carry both the thrust and the radial load. A flexible
coupling is used between the pump and the solid-shaft motor. The stuffing box at the floor-
plate may be eliminated if holes are provided in the drop pipe to maintain the liquid level in
the pipe even with the sump liquid level. Either semiopen or enclosed impellers may be used.

An interesting design of the wet-pit pump is shown in Figure 121. It uses a single-
stage, double-suction impeller in a twin-volute casing. Because the axial thrust is bal-
anced, the thrust bearing need carry only the weight of the rotating element. The pump
requires no stuffing box or mechanical seal. The shaft is entirely enclosed, and the bear-
ings are externally lubricated, either with oil or with water. The lower bearing receives its
lubrication from an external pipe connection.

The term sump pump ordinarily conveys the idea of a vertical wet-pit pump that is sus-
pended from a floorplate or sump cover. It could be supported by a foot on the bottom of a
well, be motor-driven and automatically controlled by a float switch, and be used to remove
drainage collected in a sump. The term does not indicate a specific construction, for both
diffuser and volute designs are used. These may be single-stage or multistage and have
open or closed impellers of a wide range of specific speeds.
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FIGURE 115 A section of a vertical wet-pit, nonclogging pump (Flowserve Corporation)

For small capacities driven by fractional-horsepower motors, cellar drainers can be
used. These are small and usually single-stage volute pumps with single-suction impellers
(either top or bottom suction) supported by a foot on the casing. The motor is supported
well above the impeller by some form of column enclosing the shaft. These drainers are
made as complete units, including float, float switch, motor, and strainers (see Figure 122).

The larger sump pumps are usually standardized but obtainable in any length, with
covers of various sizes (on which a float switch may be mounted) and the like. Duplex
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FIGURE 117 A stuffing box arrangement with U-cup packing (Flowserve Corporation)

units, that is, two pumps on a common sump cover (sometimes with a hole for access to the
sump), are often used (see Figure 123). Such units may operate their pumps in a fixed
order, or a mechanical or electric alternator may be used to equalize their operation.

The Application of Vertical Wet-Pit Pumps Like all pumps, the vertical wet-pit pump
has advantages and disadvantages. One advantage is that installation does not require a
separate dry pit to collect the pumped liquid. If the impeller (first-stage impeller in mul-
tistage pumps) is submerged, no priming problem exists and the pump can be automati-
cally controlled without fear of its ever running dry. Moreover, the available NPSH is
greater (except in closed tanks) and often permits a higher rotative speed for the same
service conditions. A second advantage is that the motor or driver can be located at any
desired height above any flood level.

It has the following mechanical disadvantages: (1) the possibility of freezing when idle,
(2) the possibility of damage by floating objects if the unit is installed in an open ditch or
similar installation, (3) the inconvenience of lifting out and dismantling for inspection and
repairs, no matter how small, and (4) the pump bearings have a relative short life unless
the water and bearing design are ideal. In summary, the vertical wet-pit pump is the best
pump available for some applications. It’s not ideal but can be the most economical for cer-
tain installations, a poor choice for some, and the least desirable for still others.
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FIGURE 118 A vertical wet-pit volute pump with open shafting, no stuffing box, and its own thrust bearing
(Aurora Pump)

FIGURE 119 The principle operation of the vortex pump in Figure 118 (Aurora Pump)

Axial Thrust in Vertical Pumps with Single Suction Impellers The subject of axial
thrust in horizontal pumps has already been discussed in this section. When pumps are
installed in a vertical position, additional factors need be taken into account when deter-
mining the amount and direction of the thrust to be absorbed in the thrust bearings.

The first and most significant of these factors is the weight of the rotating parts, which is
a constant downward force for any given pump, completely independent of the pump oper-
ating capacity or total head. Since in most cases the single-suction impellers of vertical
pumps are mounted with the suction eye facing downward, the normal hydraulic axial thrust
is exerted downward and the weight of the rotating parts is additive to this axial thrust.

The second factor involves the dynamic force (or change in momentum) caused by the
change in the direction of flow, from vertical to either horizontal or partly horizontal, as the
pumped liquid flows through the impeller. This force acts upward and balances a small
portion of the hydraulic downthrust and of the rotor weight. The magnitude of this force
for water having a specific weight (force) of 62.34 1b/ft? (9.79 kN/m?) is
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FIGURE 120 Vertical wet-pit cantilever-type volute pump: (1) impeller nut, (2) open impeller, (3) closed impeller,
(4) open casing, (5) closed casing, (6) casing wearing ring, (7) casing gasket, (8) discharge flange gasket, (9) back
cover, (10) packing or mechanical seal, (11) packing or seal gland, (12) radial bearing, (13) shaft, (14) supporting
pipe, (15) separate stuffing box, (16) sump cover, (17) discharge pipe, (18) upper motor pedestal, (19) lower motor
pedestal, (20) lower thrust bearing cover, (21) thrust bearing, (22) upper thrust bearing cover, (23) coupling, (24)
motor, (25) bearing locknut and washer (Laurence Pump)
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FIGURE 121 Double-suction, wet-pit pump (Flowserve Corporation)

FIGURE 122 A cellar-drainer sump pump (Sta-Rite Products)

in USCS unit: F, = A
mn units w = 24(2.31)
. SI .t F _ 1( EAE
n Sl units v = 24(1.02)

where F, = upthrust, Ib (N)
K = constant related to the impeller type
V, = velocity in the impeller eye ft/s (m/s)

2.173
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FIGURE 123 A duplex sump pump (Economy Pump)

A, = net eye area, in%(cm?)
g = 32.2 ft/s?(9.81 m/s?)

The constant K is 1.0 for a fully radial-flow impeller, less than 1.0 for a mixed-flow
impeller, and essentially zero for a fully axial-flow impeller.

Under normal operating conditions, the upward thrust caused by the change of
momentum is hardly significant in comparison with the downward thrust caused by the
unbalanced pressures acting on the single-suction impeller. Consider the example of an
impeller with the following characteristics:

Capacity 2,500 gpm (568 m?/h)
Total head 231 ft (70.4 m)
Net pressure 100 1b/in?(6.89 bar)

Unbalanced eye area 40 in? (258 cm?)

If we neglect the effect of the pressure distribution on the shrouds of the impeller, the
downward thrust is

in USCS units 100 X 40 = 4000 b
. . 5 258  _
in SI units 6.89 X 10° X 10,000 17,800 N

The upward force caused by the change of momentum is
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2
10 x (2500 X 0.32) % 40

. . 40

in USCS units 644 X 231 =107.51b
1% 568 X 10,0002 « 958

. . 258 X 3600

in SI units =481 N

2 X 9.81 X 1.02

This is certainly negligible relative to the downward hydraulic axial thrust.

The situation is quite different, however, during the startup of a vertical pump. Although
the motor may get up to full speed in just a few seconds, it takes a certain amount of time for
the total head to increase from zero that corresponding to the normal operating capacity. Con-
sequently, the pump will be operating in a very high capacity range. Since the upward force
caused by the change of momentum varies as the square of the capacity while the downward
axial thrust caused by pressure differences is very low, there can be a momentary net upward
force, or upthrust. This means that thrust bearings intended to accommodate the axial thrust
of vertical pumps must be capable of accommodating some thrust in the upward direction in
addition to the normal downward thrust. This is particularly true for pumps with relatively
low heads per stage and with short settings because in these units the rotor weight does not
at all times compensate for the upthrust from the change in momentum.

Particular care must be exercised in defining the range of vertical movement allowed
for the thrust bearings because any such movement must remain within the displacement
limits of any mechanical seal used in the pump.

In rather rare cases, a close-coupled vertical pump is operated at such a high capacity
that a continuous net upthrust is generated. Such operations can damage the pump because
the line shaft is operated in compression and may buckle, causing vibration and bearing
wear. The manufacturer’s comments should be invited if such an operation is contemplated.

Shaft Elongation in Vertical Pumps The elongation of a vertical pump shaft is caused
by three separate phenomena: (1) the tensile stress caused by the weight of the rotor, (2)
the tensile stress caused by the axial thrust, and (3) the thermal expansion of the shaft.

In most cases, the tensile stress created by the axial thrust is several times greater than
that created by the weight. In a typical example of a 16,000-gpm (3636-m?*h) pump designed
for a 175-ft (53.3 m) head and 50 ft (15.25 m) long, the elongation caused by the weight of a
1600-pound (726 kg) impeller will be of the order of 0.0033 in (0.084 mm). The elongation
caused by the axial thrust will be approximately 0.0315 in (0.8 mm).

The elongation caused by thermal expansion has to be considered from two angles.
First, if the shaft and the stationary parts are built of materials that have essentially the
same coefficient of expansion, both will expand equally and no significant relative elonga-
tion will take place. Second, if the pumps are operated in essentially the same range of
temperatures in which they were assembled, no significant relative expansion will take
place, even if dissimilar coefficients of expansion are involved. Whatever the case, the
pump manufacturers take these factors into consideration by providing the necessary ver-
tical end-play between the stationary and rotating pump components.

Loads on Foundations of Vertical Pumps If the motor support is integral with the
pump discharge column, as in Figures 110, 112, and 113, and if the hydraulic thrust is
carried by the motor thrust bearing, this thrust is not additive to the deadweight of the
pump and of its motor plus the weight of the water contained in the pump, insofar as the
load on the foundations is concerned. This is because the pump and motor mounted in
this fashion form a self-contained entity and all internal forces and stresses are balanced
within this entity. If the pump and motor are supported separately, however, as in Figure
124, and are joined by a rigid coupling that transmits the pump hydraulic thrust to the
motor thrust bearing, the foundations will carry the following loads when the pump is
running:
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FIGURE 124 The vertical pump and driving motor supported separately (Flowserve Corporation)

e The foundation supporting the motor: the weight of the motor plus the weight of the
pump rotor plus the axial hydraulic thrust developed by the pump

e The foundation supporting the pump: the weight of the pump stationary parts plus the
weight of the water in the pump, including the water in the discharge pipe supported
by the foundation, less the axial hydraulic thrust developed by the pump

Since when the pump is idle the foundation supporting the pump is not benefited by
the reduction in load equivalent to the axial hydraulic thrust, both running and idle oper-
ating conditions must be considered in this case.

Typical Arrangements of Vertical Pumps A pump is only part of a pumping system.
The hydraulic design of the system external to the pump will affect the overall economy
of the installation and can easily have an adverse effect upon the performance of the pump
itself. Vertical pumps are particularly susceptible because the small floor space occupied



2.2.1 CENTRIFUGAL PUMP: MAJOR COMPONENTS 2.177

by each unit offers the temptation to reduce the size of the station by placing the units
closer together. If the size is reduced, the suction arrangement may not permit the proper
flow of water to the pump suction intake. Recommended arrangements for vertical pumps
are discussed in Section 10.1.

SPECIAL PURPOSE PUMPS

In addition to the more or less general purpose pumps described on the preceding pages,
literally hundreds of centrifugal pumps are intended for very specific applications.
Although it is impossible to describe every one of these special purpose designs, many of
them are discussed and illustrated in Sections 9.1 through 9.22, covering a variety of
pump services. However, several specific designs are seeing rapidly increasing usage and
so are discussed in greater detail here.

Submersible Motor-Driven Wet-Pit Pumps The installation of conventional vertical
wet-pit pumps with the motor located above the liquid level may require a considerable
length of drive shafting, particularly in the case of deep settings. The addition of this shaft-
ing, of the many line bearings, and possibly of an external lubrication system may repre-
sent a major portion of the total installed cost of the pumping unit. Furthermore, shaft
alignment becomes more critical, and shaft elongation and power losses increase rapidly
as the setting is increased, especially for deep-well pumps.

A great variety of submersible motors have been developed to obviate these shortcom-
ings. They are described in Subsection 6.1.1, and a classification of the various types of
such motors is presented in Figure 26 of that subsection. Submersible wet-pit pumps elim-
inate the need for extended shafting, shaft couplings, a mechanical seal or stuffing box, a
subsurface motor stand, and, in some cases, an expensive pump house. Both vertical tur-
bine and volute-type wet-pit pumps may be so driven.

Figures 125 and 126 illustrate, respectively, the external appearance and a cross sec-
tion of a vertical turbine pump driven by a submersible motor located at the bottom of the
pump. The pump suction is through a perforated strainer located between the motor and
the first-stage impeller bowl. There is, of course, no shafting above the pump and the
pump-and-motor unit is supported by the discharge pipe only. No external lubrication is
required. The motor is completely enclosed and oil-filled and is provided with a thrust
bearing to carry the pump downthrust. A mechanical seal is provided at the motor shaft
extension, which is connected to the pump shaft with a rigid coupling. Only a discharge
elbow and the electric cable connection are seen above the surface support plate. On occa-
sion, this type of pump is used horizontally as a booster pump in a pipeline, and in such
cases the elbow at the discharge is eliminated.

Vertical wet-pit volute-type sump pumps can be obtained with close-coupled sub-
mersible motors for drainage, sewage, process, and slurry services. Figure 127 illustrates
dual submersible sewage pumps in a below ground collecting tank. The pumps (see Figure
128) are supported by guide rails that make it possible to lower and raise the pumps by
means of a chain hoist. During this operation, the discharge pipe is connected and discon-
nected without dewatering the tank. Other arrangements use foot-supported pumps with
rigid discharge piping.

Motors used for this type of construction are usually hermetically sealed, employing a
double mechanically sealed oil chamber with a moisture-sensing probe to detect any influx
of conductive liquid past the outer seal. Controls to start and stop the pump motors can be
either an air compressor bubbler system or level-sensing switches that tilt when floated
(refer to Figure 127).

Small portable pumps are available with flexible discharge hoses and built-in water-
level motor control switches activated by trapped air pressure. Motors for these pumps are
usually oil-filled and have a single mechanical shaft seal but are also available in a her-
metically sealed design. The submersible motors are cooled by the liquid in which they are
immersed and therefore should not be run dewatered, although some motors can operate
for short periods (10 to 15 min.) this way.



2.178 CHAPTER TWO

Flpang Connection

i
=

FIGURE 125 Vertical turbine pump driven by a FIGURE 126 Cross-sectional view of a submersible
submersible motor (Flowserve Corporation) pump (Flowserve Corporation)

FIGURE 127 Dual submersible sewage pumps in a below ground collecting tank (Flowserve Corporation)
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FIGURE 128 A section of a submersible sewage pump shown in Figure 127 (Flowserve Corporation)

In a pump-motor combination (see Figure 129), the motor is cooled by the pumped lig-
uid as it moves through a passage around the sides of the motor. This design also uses a
pressurized oil-seal chamber to assure positive sealing.

Sealless Pumps Completely leakproof pumps are available for pumping corrosive,
volatile, radioactive, and otherwise hazardous liquids. Canned motor pumps (see Figure
130) are an assembly of a standard centrifugal pump and a squirrel-cage induction motor
in a hermetically sealed unit. Modifying a recirculating flow system in a canned motor
pump can allow it to be used in applications at up to 1000°F (538°C).

Magnetic drive pumps (see Figure 131) are an assembly of a rotor, an impeller, product
lubricated bearings, and a magnetic carrier inside an isolation shell or diaphragm. This
rotor is driven by magnets outside the shell or diaphragm. No mechanical connection
exists between the driven magnets and the driving magnets. No seals exist and thus we
have the term “sealless.” Sealless pumps are described in detail in Subsection 2.2.7.

Straight-Radial-Vane High-Speed Pumps For handling volatile liquids at low flow
rates and high heads, the straight-radial-vane impeller in a diffuser casing offers several
advantages. Volatile, low-specific-gravity, poor-lubricity liquids require larger running
clearances, which is not possible with conventional high-head multistage centrifugal or
positive displacement pumps. High-head pumping of these liquids can be handled by oper-
ating this completely open impeller at very high speeds through an integral gear increaser
and with very large impeller-to-casing clearance, typically 0.030 to 0.070 in (0.76 to 1.8
mm). Tests of one manufacturer’s design have shown this clearance can increase to 0.125
in (3.2 mm) with virtually no change in performance, and consequently there is no need
to provide adjustment for impeller axial clearance. A pump of this design can also run
“dry,” as liquid lubricity is not required to lubricate the bearings, which can be separately
lubricated (providing the mechanical seal is lubricated).

Figure 132 illustrates one manufacturer’s design of a radial-vane high-speed pump.
The impeller rotates in a circular casing that has a single emission point leading to a con-
ical diffusion section. The advantage of this type of casing is that the conversion to pres-
sure occurs outside the circular housing, thus eliminating any recirculation forces that
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FIGURE 129 A portable submersible pump (Peabody Barnes)
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Figure 1. Typical Canned Motor Pump

FIGURE 130 Typical canned motor pump (Ref. Subsection 2.2.7) (Crane Chempump)

would require a close clearance between the impeller and casing. For higher flow ranges,
a double emission point design, as shown in Figure 133, is used. This additional emission
acts like a double-volute casing in conventional centrifugal pumps.
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FIGURE 131 Typical magnetic drive sealless pump (Ref. Subsection 2.2.7) (Flowserve Corporation)
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FIGURE 132 A straight-radial-vane impeller in a single emission-point, conical-diffuser circular casing (Sundyne
Corporation)

Figure 134 is a sectional view of this pump with an integral speed increaser. Because
of the high rotative speed, a single-stage pump can achieve the head normally associated
with multistage centrifugal or positive displacement pumps. With this smaller liquid end
and an integral gear box, cost and space savings can be appreciable.
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FIGURE 133 A straight-radial-vane impeller in a double-emission-point, conical-diffuser circular casing
(Sundyne Corporation)
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FIGURE 134 A section of a straight-radial-vane impeller and inducer in a conical-diffuser circular casing with an
integral gear increaser with the following: (1) pump casing, (2) impeller, (3) impeller bolt, (4) impeller tab washer,
(5) inducer, (6) diffuser, (7) diffuser cover, (8) upper throttle bushing, (9) seal housing, (10) single shaft sleeve, (11)
pump seal rotating face, (12) gearbox seal rotating face, (11) pump mechanical seal, (14) gearbox mechanical seal,
(15) separator orifice, (16) separator fitting, (17) gearbox output housing, (18) gearbox input housing, (19) bearing
plate, (20) interconnecting shaft, (21) low-speed shaft, (22) input gear, (23) lower idler gear, (24) high-speed shaft,
(25) pinion gear, (26) idler shaft, (27) O-ring packings (Sundyne Corporation).



2.2.2
CENTRIFUGAL PUMP PACKING

JAMES P. NETZEL

Packing is used in the stuffing box of a centrifugal pump to control the leakage of the
pumped liquid out, or the leakage of air in, where the shaft passes through the casing. This
basic form of a seal can be applied in light- to medium-duty services and to those liquids
that prove difficult for mechanical seals.

THE DESIGN OF PACKING RINGS

Packing may be referred to as compression, automatic, or floating. Each term describes the
type of operation in which the packing will be used.

Automatic and floating packings require no gland adjustments in controlling leakage.
Automatic packings are confined to a given space and are activated by the operating pres-
sure. Automatic packing rings are designed in the form of V rings, U cups, and O rings.
Floating packing includes piston rings and segmental rings that may be energized by a
spring. These types of packing are commonly used in reciprocating applications.

Compression packing is most commonly used on rotating equipment. The seal is
formed by the packing being squeezed between the inboard end of the stuffing box and the
gland (see Figure 1a). A static seal is formed at the ends of the packing ring and at the
inside diameter of the stuffing box. The dynamic seal is formed between the packing and
shaft or shaft sleeve. Under a load, the packing deforms down against the shaft, control-
ling leakage. Some leakage along the shaft is necessary to cool and lubricate the packing.
The amount of leakage will depend on the materials of construction for the packing, the
operating conditions of the application, and the condition of the equipment.

Packing must be able to withstand equipment variables (see Figure 1b). The design of
the packing ring and the materials of construction must be resilient to follow shaft runout
and misalignments, as well as to compensate for thermal growth of the equipment with-
out an appreciable increase in leakage.

2.183
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As rotating equipment is operated, the load on the packing must be adjusted to control
leakage (see Figure 1c). Care should be taken not to overtighten the packing. Most com-
pression packings have a lubricant designed into them to prevent overheating of the pack-
ing or scoring of the shaft. Repeated adjustments will drive some of the lubricant from the
packing, which will result in reduced operating time.

Compression packings are made of twisted, braided, woven, or wrapped elements
formed into square or round cross-sections or other configurations. Square cross-sections
are more common for rotating equipment.

A selection of the proper materials for the packing must include the chemical resis-
tance to the product being sealed as well as the temperature, pressure, and shaft speed.
Complete lists of the construction materials, packing lubricants and binders are given in
Tables 1 and 2.

OPERATING FUNDAMENTALS

The Size and Number of Packing Rings The number of packing rings may vary,
depending on the objective of the sealing system or the requirements of the rotating equip-
ment. The most common packing arrangement for rotating equipment is illustrated in Fig-
ure 2. Three rings of packing are used to seal the process liquid from the packing lubricant.
Two rings between the lantern and gland are used to restrict the leakage of the lubricant
to the atmosphere. The size of the packing depends on the size of the equipment. Typically,
for rotating shafts, the standard square size packings shown in Table 3 may be considered.
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TABLE 1 Common materials of construction for packing
Fibers Metals
Mineral Animal Vegetable Synthetic Lead
Metal Wool Flax Nylon Copper
Graphite Hair Ramie Rayon Brass
Leather Jute TFE P-bronze
Cotton Carbon Aluminum
Paper Aramid Iron
Polyamide Stainless Steel
Nickel
Monel
Inconel
Zinc
TABLE 2 Common lubricants and binders for packing
Lubricants Dry Lubricants Binders
Mineral Animal Graphite Grease
Lube Oil Tallow Moly Waxes
Paraffin Glycerol Mica Elastomers
Petrolatum Beeswax Talc TFE
Waxes Lard Oil Teflon Other Resins
Greases Fish Oil Carbon
Soap Tungsten Disulfide
Vegetable Synthetic
Caster Oil Oils
Palm Oil Waxes
Cottonseed Oil Fluorolubes
Linseed Oil Silicones
Carnauba Wax

STUFFING BOX

=

DN NNN\\w_

K PACKING LUBRICANT

v - \
[SHAFT / Z I"‘—"I'HR’O;L’\T BUSHING
SLEEVE PACKING
PACKING GLAND LANTERN RING {SEAL CAGE}

FIGURE 2 Common packing arrangement

The packing size for an existing piece of equipment can be found by using the formula:

box ID — shaft or sleeve OD
2

Packing size =
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TABLE 3 Packing sizes for rotating shafts

Shaft (or sleeve) Diameter, in (mm) Packing size, in (mm)
2 to 13 (15 to 30) 1 6.3
13 to 1 (30 to 50) % (8)

1% to 3 (50 to 75)
3 to 42 (75 to 120)
43 to 12 (120 to 305)
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FIGURE 3 A smothering gland and water-cooled stuffing box

For packing to operate properly, the finish on the shaft sleeve must be at least 16 uin
(0.4pm) centerline average (CLA) and the finish in the bore should be 63 pin (1.65 wm)
CLA. The sleeve must be harder than the packing and chemically resistant to the liquid
being sealed. If the sleeve has a coated material for a hard-wear surface, the sleeve must
also have good thermal shock resistance.

Lantern Rings (Seal Cages) When an application requires that a lubricant be intro-
duced to the packing, a lantern ring is used to distribute the flow (refer to Figure 2). This
ring is used at or near the center of the packing installation. For ease of assembly, most
lantern rings are axially split. The construction materials range from metal to TFE (tetra-
fluoroethlyene). TFE lantern rings are usually filled with glass or with glass and molyb-
denum disulfide. They are inherently self-lubricating and will not score the shaft. A throat
bushing at the bottom of the stuffing box can be used to provide a closer clearance with
the shaft to prevent packing extrusion.

Stuffing Box Gland Plates All mechanical packings are mechanically loaded in the
axial direction by the stuffing box gland (refer to Figure 2). In cases where leakage of the
process liquid is dangerous or can vaporize and create a hazard to operating personnel, a
smothering gland is used to introduce a neutral liquid at lower temperatures (see Figure
3). A sufficient quantity of quenching liquid should be used to eliminate the danger from
the liquid being pumped. The neutral liquid circulated in the gland mixes with the leak-
age and carries it to a safe place for disposal. Close clearances in the gland control the
leakage of the combined liquids to the atmosphere. This quench can also be used to pro-
tect the packing from any wear through abrasion, because the leakage cannot vaporize
and leave behind abrasive crystals.
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TABLE 4 Leakage to prevent packing burning and sleeve scoring

Pressure 1b/in? (bar) Leakage, drops/min cc/min
0-60 (0—4.0) 60 4
61-100 (4.1-6.8) 190
101-250 (6.9-17) 470

TABLE 5 Typically coefficients of friction

Material f

Plain cotton 0.22
TFE impregnated fiber 0.17
Grease-lube fiber 0.10
Flexible graphite 0.05

Glands are usually made of bronze, but cast iron or steel can be used for all-iron
pumps. When iron or steel glands are used, they are normally bushed with a non-sparking
material like bronze.

Leakage and Power Consumption The basic operating parameters for compression
packing are the PV (pressure X velocity) factor and the projected bearing area of the
assembly. Together they determine the rate of heat generation for the system. Some
leakage of the product being sealed or of the packing lubricant is necessary to keep the
packing from burning up or scoring the shaft sleeve. The minimum values for leakage
at different packing pressures are given in Table 4. Flexible graphite and carbon fila-
ment compression packings can be used with reduced leakage rates, or in dry, gas-tight
pump stuffing boxes, as the developed heat is dissipated through the packing and pump
housing.

The exact pressure P between the shaft sleeve and the packing is a function of the pres-
sure distribution over the length of the packing and the axial loading from the gland. For
ease of calculation when determining the PV value, the gage pressure of the liquid at the
packing is multiplied by = X the packing ID X rpm. The heat generation at the packing
can then be estimated as

_ fn*PND’L
RO

where @ = heat generated, Btu/min (W)
f = coefficient of friction
P = liquid pressure at packing, Ib/in? gage (bar)
N = shaft speed, rpm
D = sleeve OD or packing ID, in (m)
L = sleeve length covered by packing, in (m)
C = 12 (60 for SI units)
J = mechanical equivalent of heat = 778 ft - Ib/Btu (1 N - m/s - W)

The coefficient of friction for various packings at a pressure of 100 lb/in? (6.8 bar) is
given in Table 5. The heat generated by the packing must be removed by the leakage
through the packing.

APPLICATION INFORMATION AND SEALING ARRANGEMENTS

Materials of Construction Basically, stuffing box packing is a pressure breakdown
device. In order for a packed stuffing box to operate properly, the correct packing must be
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FIGURE 4 Graphite acrylic packing in FIGURE 5 Non-asbestos packing (John Crane Inc.)
continuous form (John Crane Inc.)

FIGURE 6 Flexible graphite packing rings (John Crane, Inc.)

applied and the appropriate design features must be included in the system. Numerous
types of packing materials are available, each is suited to a particular service. These may
be grouped into three categories:

1.

L

&

Non-asbestos packing Since asbestos is no longer available as a packing material,
other types of packing material are being used. These include cotton, TFE filament,
Aramid fiber, aromatic polyamides, graphite/carbon yarn, and flexible graphite. All of
these materials, with the exception of flexible graphite, can be impregnated with
various lubricants. An example of graphited acrylic packing is shown in Figure 4. With
the exception of flexible graphite, all the materials are of an interlaced construction
for greater flexibility (see Figure 5). Packing made with this type of construction
remains intact even if individual yarns wear away at the inside diameter of the
packing.

Flexible graphite These types of packing rings were originally available cut from
laminated sheet stock that required the rings to be made with an interference fit.
Flexible graphite rings are made today from ribbon tape that is easily compressed to
the shaft and bore to affect a better seal. Flexible graphite rings are available in split
or endless rings (see Figure 6) or as the ribbon tape itself for ease of maintenance and
installation. Operating limits for non-asbestos packings are found in Table 6.

Metallic packing The basic materials of construction are lead or babbit,
aluminum, and copper in either wire or foil form. Metallic packing rings have flexible
cores of non-asbestos materials such as twisted glass fiber. The packing is
impregnated with graphite grease and/or oil lubricants (see Figures 7 and 8). Babbit
is used in water and oil services at temperatures up to 450°F (229°C) and pressures
up to 250 Ib/in? (17 bar). Copper foil is used with water and low sulfur oils. Aluminum
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TABLE 6 Service limitations of common packing materials®

Pressure PV rating
(max.)? (max.) Ib/in® Temp.
1b/in? gage - fpm (max)? pH

Packing Material gage (bar) (bar - m/s) °F (°C) Range  Comments

Cotton 100 (6.8) 150(65.6) 5-7 Non-abrasive material; for cold water and dilute salt solutions

Flax/ramie 100 (6.8) 188,000 (65.8) 150 (65.6) 5-7 High, wet strength and excellent resistance to fungi and rotting; for cold
water and dilute salt solutions

Plastic 100 (6.8) 188,000 (65.8) 600 (315.5) 4-8 Excellent sealing qualities, reacts well to gland adjustments, can

250 (17) 471,000 (165) 150 (65.6) extrude at higher pressure if not backed up by braided or metallic packing
Graphited acrylic 250 (17) 471,000 (165) 350 (175) 4-8 For mild chemicals and solvents
Acrylic TFE- 250 (17) 471,000 (165) 350 (175) 2-10 For mild chemicals and solvents
impregnated

Babbitt (lead) 250 (17) 471,000 (165) 450( 232.2) 2-10 Shaft sleeve must have a Brinell hardness of 500 or more; for hot oils and
boiler feed water

Aluminum or copper 250 (17) 471,000 (165) 750 (398.8) 3-10 Shaft sleeve must have a Brinell hardness of 500 or more; for hot oils and
boiler feed water

TFE filament 250 (17) 471,000 (165) 500 (260) 0-14 For corrosive liquids and food service; usually requires slightly higher
break-in leakage

Aramid fiber 250 (17) 471,000 (165) 500 (260) 3-11 Strong resilient packing; maximum speed 1,900 fpm (9.6 m/s); good in
abrasives and chemicals

Graphite/carbon 250 (17) 471,000 (165) 750 (398.8) 0-14 For corrosive liquids and high- temperature applications

filamente®
Flexible Graphitef 250 (17) 471,000 (165) 1000 (540) 0-14 Excellent conductor of heat from the sealing surfaces; operates with mini-

mum leakage; excellent radiation resistance

(a) Continuous lubrication introduced at the lantern ring. This table is only a guide. Consult the packing manufacturer with complete operating conditions for exact recommendations.

(b) Pressure relates to the operating pressure at the stuffing box.
(c) PV data based on a 2 in (5.08 cm) shaft at 1,750 and 3,600 rpm.
(d) Temperature is the product temperature.

(e) Functional temperature. Graphite can be used up to 3000°F (1650°C) in non-oxidizing atmospheres.
(f) Functional temperature. Flexible graphite can be used to 5300°F (2970°C) in non-oxidizing atmospheres.
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FIGURE 8 Metallic packing in ring form (John Crane Inc.)

is used in oil service and heat transfer fluids. Both copper and aluminum have a
temperature range up to 1000°F (537°C) and pressures of 250 1b/in? (17 bar). Babbit
is not suitable for running against brass or bronze shaft sleeves, and where copper or
aluminum is used, the sleeves should be 550 Brinell (55-60 Rockwell C) or harder.

Additional service limitations for common packing materials can be found in Table 6.

ENVIRONMENTAL LIMITATIONS

Pressure Every pumping application results in either positive or negative pressure at
the throat of the pump stuffing box. A positive pressure will force the liquid pumped
through the packing to the atmosphere side of the pump. Higher pressure will result in
greater leakage from the pump. This results in excessive tightening of the gland, which
causes accelerated wear of the shaft or shaft sleeve and packing. For pressures at the stuff-
ing box greater than 75 lb/in? (5.1 bar), some means of throttling the pressure should be
considered. A combination of hard and soft rings die-formed to the exact stuffing box bore
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FIGURE 9 Combination of hard and soft packing (John Crane Inc.)
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FIGURE 10 Compression packing with throttle bushing for pressure breakdown

and sleeve dimensions can be used (see Figure 9). Harder rings at the inboard end of the
box and at the lantern ring and gland break down the pressure and prevent the extru-
sion of the packing.

If the packing itself cannot be used to break down the pressure, then a throttle bush-
ing must be used (see Figure 10). This is a typical arrangement for a vertical turbine pump
where the stuffing box is subject to the discharge pressure of the pump. Here the throttle
bushing is used to bring the liquid to almost suction pressure, and most of the leakage
through the bushing is bled back to the suction. When the suction pressure is less than
atmospheric, as in condensate pump service, an orifice is used in the piping back to the
suction in order to maintain pressure above atmospheric pressure in the stuffing box. This
prevents air leakage into the pump and excessive flow and wear at the bushing.

When a pump is fitted with a bypass line from the discharge, a valve can also be used
to reduce the pressure at the stuffing box. This is another method for reducing pressure for
the benefit of the installation.
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Air Leakage When the pressure at the stuffing box is atmospheric or just below during
normal operation, a bypass from the pump casing discharge through an orifice can be used
to inject liquid into the lantern ring. The sealing liquid will flow partly into the pump and
partly out to the atmosphere, thereby preventing air from entering at the stuffing box.
This arrangement is commonly used to handle clean, cool water. In some pumps, these
connections are arranged so that liquid can be introduced into the lantern ring through
internally drilled passages.

When the negative pressure is very low, such as when the suction lift is in excess of 15
ft (4.6 m), an independent injection of 10 to 25 1b/in? (4.8 to 11.7 bar) higher than the
atmospheric pressure must be used on the pump. Otherwise, priming may be difficult. Hot
well pumps or condensate pumps operate with as much as 28 in (0.7 m) of vacuum, and air
leakage into the pump would occur even on standby service. Here a continuous injection
of clean, cool water is required, or alternatively, a cross connection of sealing water to
another operating pump will provide sealing pressure as long as one pump is operating. A
lantern ring is provided for this, as shown in Figure 10.

Temperature The control of temperature at the stuffing box is an important factor in
promoting the life of the packing. Even though packings are rated for high product tem-
peratures, cooling in most cases is desirable. The heat developed at the packing must also
be removed. The rules of thumb are as follows:

e For light service conditions with pressures at 15 lb/in? (1 bar) and temperatures at
200°F (90°C), cooling is desirable.

¢ For medium service conditions with pressures at 50 Ib/in? (3.4 bar) and temperatures at
250°F (118°C), lantern ring cooling is desirable, such as one gpm (3.78 /min) at 5 1b/in®
(0.34 bar) above process pressure.

e For high service conditions with pressures at 100 1b/in? (6.8 bar) and temperatures at
300°F (131°C), lantern ring cooling is desirable, such as one gpm (3.78 1/min) at 5 lb/in®
(0.34 bar) above process pressure plus a water-cooled stuffing box (refer to Figure 3).

When cooling water is required, it is circulated through the stuffing box at the lantern
ring. For horizontal-shaft pumps, the inlet should be at the bottom, with the outlet at the
top of the stuffing box. Some of the coolant may flow to the process liquid and some to the
atmosphere. The outboard packing rings seal only the cool liquid.

If the product to be sealed will solidify, then the packing box will have to be heated
before the pump is started. This can be accomplished by steam or electric tracing of the
pump stuffing box.

Abrasives Liquids that contain abrasives in the form of suspended solids such as sand
and dirt will shorten the life of the packing. Particles will imbed themselves in the pack-
ing and will begin to wear the shaft or shaft sleeve. Abrasives can be eliminated at the
sealing surfaces by injecting a clean liquid into the lantern ring. The injection may take
the form of a bypass line from the pump discharge through a filter or centrifugal separa-
tor. Where necessary, the clean injection may also be from an external source.

To keep the abrasives from the packing in horizontal-shaft pumps, the injection can be
made directly to the inboard end of the stuffing box through the lantern ring (see Figure
11). A soft rubber gasket between the lantern ring and the box shoulder can be used to
limit the flow of clean liquid and the ingress of abrasives.

When separators and filters cannot be used, an injection from an external source must
be considered. Two rings of packing are located between the lantern ring and the inboard
end of the stuffing box to keep the product dilution to a minimum. External flushing
should be injected into the stuffing box at a pressure 10 to 25 1b/in? (1.7 bar) greater than
the pressure at the inboard end of the box from the liquid being pumped. A regulating
valve, illustrated in Figure 12, can be used to control the pressure and flow to the packing
installation. Flow to the packing can be regulated to ensure the best operating environ-
ment for this seal, while conserving water used for injection.
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FIGURE 11 A clean injection through a centrifugal separator to keep abrasives out of the stuffing box
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FIGURE 12 A regulation valve that controls and monitors the flow of water to the packing (Safematic)

Dissolved solids in the liquid being pumped can also create a wear problem. Here an
increase or decrease in stuffing box temperatures may be necessary to keep solids in

solution.

INSTALLING CONTINUOUS COIL PACKING

To install continuous coil packing, perform the following steps:

1. Loosen and remove the gland from the stuffing box.
2. Using a packing puller, begin to remove the old packing rings.

3. Remove the split lantern ring (if present) and then continue removing the packing

with the puller.

4. After the packing has been removed, check the sleeve for scoring and nicks. If the
shaft sleeve or shaft cannot be cleaned up, it must be replaced. Check the size of the
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stuffing box bore and the shaft sleeve or shaft diameter to determine which size pack-
ing should be used.

5. After the size of the packing has been determined, wrap the packing tightly around a
mandrel, which should be the same size as the pump shaft or sleeve. The number of
coils should be sufficient to fill the stuffing box. Cut the packing along one side to form
the individual rings.

6. Before beginning the assembly of any packing material, be sure to read all the instruc-
tions from the manufacturer. Assemble the split packing rings on the pump. Each ring
should be sealed individually with the split ends staggered 90° and the gland tight-
ened to seal and fully compress the ring. Be sure the lantern ring is reinstalled cor-
rectly at the flush connection. Then back off the gland and retighten it, but only
finger-tight. The exception to this procedure is that TFE packing should be installed
one ring at a time, but not seated because TFE packings have high thermal expansion.

7. Allow excess leakage during break-in to avoid the possibility of rapid expansion of
the packing, which could score the shaft sleeve or shaft so that leakage could not be
controlled.

8. Leakage should be generous upon startup. If the packing begins to overheat at
startup, stop the pump and loosen the packing until leakage is obtained. Restart only
if the packing is leaking.

CAUSES FOR A SHORT PACKING LIFE

In order for packing to operate properly, the equipment must be in good condition. Shafts
should be checked for runout and eccentricity to be sure they are within the manufac-
turer’s recommended tolerances. Surfaces in contact with the packing should be finished
to the correct smoothness and tolerance. Table 7 lists common troubles that affect the
packing life. Causes and possible cures are also given.
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Trouble Cause Cure
No liquid Lack of prime (packing loose Tighten or replace packing and prime pump.
delivered by pump or defective, to allowing

air leak into suction)

Not enough liquid
delivered by pump

Air leaking into stuffing
box

Check for leakage through stuffing box
while operating. If no leakage occurs after
after reasonable gland adjustment, new
packing may be needed.

or
Lantern ring may be clogged or displaced
and may need centering in line with
sealing liquid connection.

or
Sealing liquid line may be clogged.

or
Shaft or shaft sleeve beneath packing may
be badly scored, allowing air to be sucked
into pump.

Defective packing

Replace packing and check the smoothness
of the shaft or shaft sleeve.

Not enough pump
pressure

Defective packing

As per preceding

Pump works for a
while and then quits

Air leaks into stuffing box

As per preceding

Pump takes too
much power

Packing too tight

Release gland pressure and retighten
reasonably. Keep leakage flowing. If none,
check packing, sleeve, or shaft.

Pump leaks Defective packing Replace worn packing or replace packing
excessively at damaged by lack of lubrication.
stuffing
Wrong type of packing Replace packing not properly installed or
run in. Replace improper packing with
correct grade for liquid being handled.
Shaft or shaft sleeve scored Put in lathe and machine-true and smooth
or replace. Recheck dimensions for correct
packing size.
Stuffing box Packing too tight Release gland pressure and retighten.
overheats
Packing not lubricated Release gland pressure and replace all

packing if any burnt or damaged.

Wrong grade of packing

Check with pump or packing manufacturer
for correct grade.

Insufficient cooling water
to jacket

Check for open supply line valve or clogged
line.

Stuffing box improperly
packed

Repack.

Packing wears
too fast

Shaft or shaft sleeve worn
or scored

Remachine or replace.

Insufficient or no

Repack, making sure packing is loose

lubrication enough to allow some leakage.
Packing packed Repack properly, making sure all old
improperly packing is removed and the box is clean.

Wrong grade of packing

Check with pump or packing manufacturer.

Pulsating pressure on
external seal liquid line

Remove cause of pulsation.
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Mechanical seals have been used for many years to seal any number of liquids at various
speeds, pressures, and temperatures. Today plant operators are benefiting from improved
seal technologies driven by the U.S. Clean Air Act of 1990, and the American Petroleum
Institute (API) Standard 682. These new seal technologies are based on advanced com-
puter programs used to optimize seal designs, which are then verified through perfor-
mance testing at simulated refinery conditions required by the API. The results to date
indicate not only an improvement in emissions control, but also a major increase in equip-
ment reliability.

CLASSES OF SEAL TECHNOLOGY

Emerging seal technologies are providing clear choices for sealing. Various plant services
require the application of these new technologies for emissions control, safety, and relia-
bility. Sealing systems are now available that are based on the preferred method of lubri-
cation to be used. These classes of seals are as follows:

1. Contacting liquid lubricated seals:

e Normally, a single seal arrangement is cooled and lubricated by the liquid being
sealed. This is the most cost-effective seal installation available to the industry.

e Dual seals are arranged to contain a pressurized or non-pressurized barrier or
buffer liquid. Normally, this arrangement will be used on applications where the lig-
uid being sealed is not a good lubricating fluid for a seal and for emissions contain-
ment. These arrangements require a lubrication system for the circulation of
barrier or buffer liquids.

2.197
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2. Non-contacting gas lubricated seals:
e Dual non-contacting, gas-lubricated seals are pressurized with an inert gas such as
nitrogen.

e Dual non-contacting, gas-lubricated seals are used in a tandem arrangement and
pressurized by the process liquid being sealed, which is allowed to flash to a gas at
the seal. A tandem seal arrangement is used on those liquids that represent a danger
to the plant environment. For non-hazardous liquids, a single seal can be used.

Each of these solutions has been used on difficult applications to increase the mean
time between maintenance (MTBM).

SEAL DESIGN

Advancing the state-of-the-art sealing systems are new suites of computer programs such
as C’StedySM™ used to analyze the performance of both contacting and non-contacting seal
designs during steady-state and transient conditions. This type of finite analysis consid-
ers all of the operating conditions, the fluid sealed, the materials of construction, and seal
geometry. The outputs from the program are seal distortion, temperature distribution, fric-
tion power, actual PV (pressure X velocity), leakage, the percentage of face in liquid or
vapor, and fluid film stability (see Figure 1). This type of analysis requires accurate fluid
and material properties. The results from the program can predict the success or failure
of a given installation.

For example, a mixture of liquid hydrocarbon made up of ethane, propane, butane, and
hexane has to be sealed. This is a new application. The operating condition is 1,300 psig
at 70°F. The shaft speed is 3,600 rpm. To determine the performance of this seal prior to
installation, an analysis must be made. The results of this study indicate stable operations
for a contacting seal, as shown in Figure 2. This study was used to predict seal perfor-
mance. Actual field results from this difficult service were excellent at startup and during
equipment operation.

INPUTS OUTPUTS

Operating Conditions Distortion
Fluid Sealed Temp Rise

Materials Friction power
Seal/Groove Geometry Film Stability

Pressure,
Temperature,
Fluid

Speed

FIGURE 1 C’Stedy® fluid film model for a mechanical seal (John Crane Inc.)

Service Mark of John Crane Inc.
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FIGURE 2 C’Stedy output for a successful seal on high pressure light hydrocarbon service (John Crane Inc.)
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FIGURE 3 The basic components of a mechanical seal

These state-of-the-art computer tools not only predict performance, but they also can
be used to determine any short seal life. By using a series of calculations per second, this
type of analysis can be used to create an animation that will visibly show changes to a seal
at startup and during fluctuations in operating conditions. A seal can be examined for sta-
ble and unstable operations. This is a useful analysis tool for critical applications.

DESIGN FUNDAMENTALS

Contacting Liquid Lubricated Seals The basic components of a mechanical seal are
the primary and mating rings. Together they form the dynamic sealing surfaces, which
are perpendicular to the shaft. The primary ring is part of the seal head assembly, while
the mating ring and static seal form a second assembly, making a complete installation
for a pump. These basic seal parts are shown in Figure 3. For slower and normal shaft
speeds, the seal head assembly will rotate with the shaft, while on high shaft speeds, the
seal head assembly will be held stationary to the equipment.

The only difference between contacting and non-contacting seal technologies is found
in the design of the seal faces. Each system has the same type and number of parts. Each
has its own area of application for maximum sealing efficiency. Non-contacting seal tech-
nology will be discussed later.
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FIGURE 4 Processes involved at contacting seal faces

In a contacting seal, as the shaft begins to rotate, a small fluid film develops, along
with frictional heat from the surfaces in sliding contact. These processes occurring at
the seal faces are shown in Figure 4. The amount of heat developed at the seal faces
must be removed to prevent the liquid being sealed from flashing or beginning to car-
bonize. Seal heat can be removed with a seal flush located at the seal faces. To analyze
the performance of a seal and determine amount of cooling, the following calculations
can be made.

Seal Balance The greatest concern to the seal user is the dynamic contact between the
mating seal surfaces. The performance of this contact determines the effectiveness of the
seal. If the load at the seal faces is too high, the liquid at the seal faces will vaporize or
carbonize and the seal faces can wear out. Damage to the seal faces can occur due to unsta-
ble conditions. A high wear rate from solid contact and leakage can occur if the bearing
limits of the materials are exceeded. Seal balancing is a feature that is used to avoid these
conditions and provide for a more efficient installation.

The pressure in any seal chamber acts equally in all directions and forces the primary
ring against the mating ring. Pressure acts only on the annular area a, (see Figure 5a), so
that the force in pounds (Newtons) on the seal face is as follows:

F. = pa,
where p = seal chamber pressure, Ib/in? (N/m?) and

a, = hydraulic closing area, in? (m?)

The pressure in 1b/in? (N/m?) between the primary ring and mating ring is
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F. pa,

where a, = hydraulic opening area (seal face area), inA(m?).

To relieve the pressure at the seal faces, the relationship between the opening and clos-
ing forces can be controlled. If ¢, is held constant and a, is decreased by a shoulder on a
sleeve or seal hardware, the seal face pressure can be lowered (see Figure 5b). This is
called seal balancing. A seal without a shoulder in the design is referred to as an unbal-
anced seal. A balanced seal is designed to operate with a shoulder.

The ratio of the hydraulic closing area to the face area is defined as seal balance b:

Seals can be balanced for pressure at the outside diameter of the seal faces, as shown
in Figure 5b. This is typical for a seal mounted inside the seal chamber. Seals installed
outside the seal chamber can be balanced for pressure at the inside diameter of the seal
faces. In special cases, seals can be double-balanced for pressure at both the outside and
inside diameters of the seal. Seal balances can range from 0.65 to 1.35, depending on oper-
ating conditions.

Face Pressure As relative motion takes place between the seal planes, a liquid film
develops. The generation of this film is believed to be the result of surface waviness in the
individual sealing planes. Pressure and thermal distortion, as well as anti-rotation devices
such as drive pins, keys, or dents used in the seal design, have an influence on surface
waviness and on how the film develops between the sliding surfaces. Hydraulic pressure
develops in the seal face, which tends to separate the sealing planes. The pressure distri-
bution, referred to as a pressure wedge, shown in Figure 6, can be considered as linear,
concave, or convex. The actual face pressure p,in Ib/in? (N/m?) is the sum of the hydraulic
pressure p, and the spring pressure P, designed into the mechanical seal. The face pres-
sure P,is a further refinement of P}, which does not take into account the liquid film pres-
sure or the mechanical load of the seal:

EQUAL AND
OPPOSITE
FORCES

ATMOS.

(b)

FIGURE 5 Hydraulic pressure acting on the primary ring: a) unbalanced, b) balanced

PRESSURE DISTRIBUTION
A

-
W—%WEAR CONCAVE CONVEX

FIGURE 6 The pressure distribution can be considered linear, concave, or convex.
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P, =P, + P,

where P, = Ap(b—k), Ib/in* (N/m?) and
Ap = pressure differential across seal face, Ib/in? (N/m?)
k = pressure gradient factor
b = seal balance

The mechanical pressure for a seal design is
P, = E 1b/in? (N/m?)
sp a, 5

where F,, = seal spring load, 1b (N) and
a, = seal face area, in? (m?)

Then the actual face pressure can be expressed as
Pr= Ap(b — k) + P,

The actual face pressure is used in the estimate of the operating pressure and velocity
for a given seal installation.

Pressure-Velocity As the sealing planes move relative to each other, they are affected
by the actual face pressure and rotational speed. The product of the two, pressure times
velocity, is referred to as PV and is defined as the power N; per unit area with a coefficient
of friction of unity:

For seals, the equation for PV can be written as follows:
PV =PV, =[Ap(b — k) + P,]V,
where V,, = velocity at the mean face diameter dm, ft/min (m/s).

The PV for a given seal installation can be compared with values developed by seal
manufacturers as a measure of adhesive wear.

Power Consumption The PV value also enables the seal user to estimate the power
loss at the seal with the following equation:

N; = (PV)fa,, ft - Ib/min (N - m/s)
where fis the coefficient of friction.

As a rule of thumb, the power to start a seal is generally five times the running value.
The coefficients of friction for various common seal face materials are given in Table 1.
These coefficients were developed with water as a lubricant at an operating PV value of
100,000 Ib/in? - ft/min (35.03 bar - m/s). The coefficient of friction is a function of the tribo-
logical properties of the mating pairs of seal face materials and the fluid being sealed. Val-
ues in oil would be slightly higher because of the viscous shear of the fluid film at the seal
faces. For a double or tandem seal, the barrier/buffer oil should have a low viscosity and be
a good lubricant. The values given are suitable for estimating the power loss in a seal.

For example, let’s say we have a pump having a 2-in (50.8-mm) diameter sleeve at the
seal chamber is fitted with a balanced seal of this size and mean diameter. The seal oper-
ates in water at 300 1b/in? (20.68 bar), 3,600 rpm, and ambient temperatures. The materi-
als of construction are carbon and tungsten carbide. Determine the PV value and power
loss of the seal, given the following:
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TABLE 1 Coefficient of friction for various seal face materials (John Crane Inc.)

Sliding Materials
Rotating Stationary Coefficient of friction
Carbon-graphite Cast iron 0.07
(resin filled) Ceramic 0.07
Tungsten carbide 0.07
Silicon carbide 0.02
Silicon carbide converted carbon 0.015
Silicon carbide Tungsten carbide 0.05
Silicon carbide Silicon carbide converted carbon 0.04
Silicon carbide converted carbon 0.05
Silicon carbide 0.05
Tungsten carbide 0.01

Ap = 300 Ib/in? (20.68 bar)
b =0.75
k=05
d,, = 2in (50.8 min)
P, = 25 1b/in*(1.72 bar)

v, = % X 2 X 3600 = 1885 ft/min (

a, = 0.4 in%(0.000258 m?)
f = 0.07 (Table 1)
In USCS units:
PV = [300(0.75 — 0.5) + 25](1885) = 188,400 Ib/in?- ft/min
N; = (188,400)(0.07)(0.4) = 5275 ft - Ib/min = 0.16 hp

m X 50.8 X 3600 _ g 5 m/s
1000 X 60

In SI units:
PV =[20,68(0.75 — 0.5) + 1.72](9.57) = 66 bar-m/s = 66 X 10° N/m?-m/s
Ny = (66 X 10%)(0.07)(2.58 X 10 %) = 119 N-m/s = 119 W

Temperature Control Controlling the temperature at the seal faces is desirable because
wear is a direct function of temperature. Heat at the seal faces also causes thermal dis-
tortion, which will contribute to increased seal leakage. Many applications require some
type of cooling.

The temperature of the sealing surfaces is a function of the heat generated by the seal,
plus the heat gained or lost to the pumpage. The heat generated at the faces from sliding con-
tact is the mechanical power consumption of the seal being transferred into heat. Therefore,

Qs = C.N; = C1(PVfa,)
where @, = heat input from the seal, Btu/h(W) and
C,; = 0.077 for USCS units and 1 for SI units

If the heat is removed at the same rate it is produced, the temperature will not increase.
If the amount of heat removed is less than that generated, the seal face temperature will
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FIGURE 7 Unbalanced seal heat generation (John Crane Inc.)

increase to a point where seal face damage will occur. The estimated values for heat input
are given in Figures 7 and 8.

Heat removal from a single seal is accomplished by a seal flush. The seal flush is usu-
ally a bypass from the discharge line on the pump or an injection from an external source.
The flow rate for cooling can be found by calculating the following:

Q,
gpm (m’/h) = Cy(sp. ht.)(sp. gr.)AT
where @, = seal heat, Btw/h(W)
C, = 500 in USCS units and 1,000 in SI units
sp. ht. = specific heat of coolant, Btu/1b. - °F (J/kg - K)
sp. gr. = specific gravity of coolant

AT = temperature rise, °F (K)

When handling liquids at elevated temperatures, the heat input from the process must
be considered in the calculation of coolant flow. Thus,

Qe = Qp + Q

The heat load @, from the process can be determined from Figure 9.

As an example, let’s determine the net heat input for a 4-in (102-mm) diameter bal-
anced seal in water at 1,800 rpm. The pressure and temperature are 400 1b/in? (27.6 bar)
and 170°F (76.7°C). From Figure 8, we have the following:

In USCS units:
Q, = (3500 Btu/h/1000 rpm) X (1800) = 6300 Btu/h
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FIGURE 8 Balanced seal heat generation (John Crane Inc.)

In SI units:
Q, = (1025 W/1000 rpm) X (1800) = 1845 W

From Figure 9, assuming that the seal chamber will be cooled to 70°F (21°C) and that
the temperature difference between the seal chamber and pumpage is 100°F (37.8°C), we
have the following:

In USCS units: Q, = 255 Btu/h
In USCS units: Q,=T7W
®,.: = 6555 Btu/h (1920 W)

The total heat input can be used to estimate the required flow to the seal. When mul-
tiple seals are used in a pump seal chamber, the heat load from each seal must be consid-
ered as well as any heat soak from the process.

Different methods are used to supply cool liquid to the seal chamber (see Figure 10).
When the liquid is clean, an internal flush connection at (A) can be used to cool the seal.
When the liquid is dirty, an external flush at (B) can be used. This will allow the flush, a
bypass from the discharge line, to pass through a filter or centrifugal separator. The seal
faces will be flushed with clean, cool liquid. Increased pressure from the flush provides
positive circulation and prevents flashing at the seal faces caused by the heat generation.

When a pump handles liquids near their boiling point, additional cooling of the seal
chamber is required. A typical arrangement to accomplish this is shown in Figure 11. This
seal is equipped with a pumping ring and a heat exchanger. The pumping ring acts as a
miniature pump, causing the liquid to flow through the outlet piping at the top of the seal
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FIGURE 9 Heat soak from process when water is used for lubrication (John Crane Inc.)

FIGURE 10 Cooling circulation to mechanical seal: (A) internal circulation plug port, (B) external circulation
plug port



2.2.3 CENTRIFUGAL PUMP MECHANICAL SEALS 2.207

EXCHANCGER
(1o T ]

ouT 1N

\ 1
A )]
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chamber. The liquid passes through the heat exchanger and returns directly to the faces
at the bottom inlet in the end plate. As the liquid is circulated, heat is removed from the
seal and seal chamber. A closed loop system is commonly used on hot water pumps. This
method is extremely efficient since the coolant is circulated only in the seal chamber and
does not reduce the temperature of the liquid in the pump.

It should be noted that during periods of shutdown different wear problems might exist
because the seal faces may be too cold. The product being pumped may be a solution that
can crystallize or solidify at ambient temperatures. For these applications, the seal faces
may have to be preheated before starting to avoid damage to the seal.

Leakage Leakage is affected by the parallelism of the sealing planes, angular mis-
alignment, coning (negative face rotation), thermal distortion (positive face rotation), shaft
runout, axial vibration, and fluctuating pressure. For parallel faces only, which take into
account seal geometry only, the theoretical leakage in cubic centimeters per hour can be
estimated from the following:

Q3 = —C3 X h¥(Py — Py)/u ln (Ry/Ry)
where C; = 2.13 X 10'° in USCS units and 1.88 X 10° in SI units
h = face gap, in (m)
P, = pressure at face ID, Ib/in? (N/m?)
P, = pressure at face OD, 1b/in? (N/m?)
u = dynamic viscosity, C, (N - s/m?)
R, = outer face radius, in (m)
R, = inner face radius, in (m)
Negative leakage indicates flow from the face’s outer diameter to the inner diameter.
The effect of centrifugal force from one of the rotating sealing planes is very small and can
be neglected in normal pump applications. The gap between the seal face is a function of

the materials of construction, flatness, and the liquid being sealed. The face gap can range
from 20 X 1076 to 50 X 10 ¢in (0.508 X 10 ¢ to 1.27 X 10 ¢ m).

Contacting Seal Operating Envelope Every seal has an operating envelope. The basic
envelope for a contacting seal is shown in Figure 12. The upper limits are defined by wear
of the seal faces, usually defined by a pressure-velocity limit. The fluid being sealed should
be cooled so the liquid at the seal faces does not flash. Operating within the envelope will
result in excellent seal performance.
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CLASSIFICATION OF SEALS BY ARRANGEMENT

Sealing arrangements can be classified into two groups:

1. Single seal installations
a. Internally mounted
b. Externally mounted
2. Multiple seal installations
a. Double seals
b. Tandem seals

Single seals are used in most applications. This is the simplest seal arrangement with
the least number of parts. An installation can be referred to as inside-mounted or outside-
mounted, depending on whether the seal is mounted inside or outside the seal chamber
(see Figure 13). The most common installation is an inside-mounted seal. Here the liquid
under pressure acts with the spring load to keep the seal faces in contact.

Outside-mounted seals are considered to be used for low-pressure applications since
both seal faces, the primary ring and mating ring, are put in tension. This limits the pres-
sure capability of the seal. An external seal installation is used to minimize corrosion that
might occur if the metal parts of the seal were directly exposed to the liquid being sealed.

Multiple seals are used in applications requiring

e A neutral liquid for lubrication
e Improved corrosion resistance
e A buffered area for plant safety

Double seals consist of two single seals back to back, with the primary rings facing in
opposite directions in the seal chamber. The neutral liquid, at a pressure higher than that
of the liquid being pumped, lubricates the seal faces (see Figure 14). The inboard seal
keeps the liquid being pumped from entering the seal chamber. Both inboard and outboard
seals prevent the loss of neutral lubricating liquid.
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Double seals can be used in an opposed arrangement. Two seals are mounted face to
face, with the primary sealing rings rotating on a common mating ring (see Figure 15). In
this case, the neutral liquid is circulated between the seals at a pressure lower than that
of the process fluid. This pressure is limited since the outboard seal faces are in tension.
The inboard seal is similar to a single inside-mounted seal and carries the full differential
pressure of the seal chamber to the neutral liquid. The outboard seal carries only the pres-
sure of the neutral liquid to the atmosphere. The purpose of this arrangement is to fit a
seal installation having a shorter axial length than is possible with back-to-back double
seals and still form a buffered area for plant safety.

Tandem seals are arranged with two single seals mounted in the same direction (see
Figure 16). The outboard seal and neutral liquid create a buffer zone between the liquid
being pumped and the atmosphere. Normally, the pressure differential from the liquid
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being sealed and atmosphere is taken across the inboard seal, while the neutral lubricat-
ing liquid is at atmosphere pressure. This arrangement can also be used as a method to
break down the pressure on high-pressure applications. For example, the pressure differ-
ence across each seal can be half the fluid pressure being sealed. The liquid in the outboard
seal chamber may be circulated to remove seal heat. Tandem seals are used on toxic or

CHAPTER TWO

CIRCULATE LIQUID
IN AND OUT TO COOL

1

*‘iﬁﬁ&;

AND LUBRICATE

GLAND

|
l
|

HQUSING PLATE
| /El staLmneap SEAL HEAD
LIQUID === I
il b
MATING RING ——/
l - [
FIGURE 15 Opposed double seals
BYPASS NEUTRAL
LIQUID CIRCULATION

z I SEAL HEAD ﬁ; 43;

SEAL HEAD

\— MATING RINGS —'—/

FIGURE 16 Tandem seals

flammable liquids, which require a buffered or safety zone.

Package or cartridge seals are an extension of other seal arrangements. A package seal
requires no special measurements prior to seal installation. For a single seal, the seal
package consists of the gland plate, sleeve, and drive collar (see Figure 17). A spacer is pro-
vided on most package seals to properly set the seal faces. The spacer is removed after the
drive collar has been locked to the shaft and the gland plate bolted to the pump.

CLASSIFICATION OF SEALS BY DESIGN

There are four seal classification groups:

e Unbalanced or balanced

e Rotating or stationary seal head
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FIGURE 17 A single package (cartridge) seal assembly (John Crane Inc.)

e Single-spring or multiple-spring construction
e Pusher or nonpusher secondary seal design

The selection of an unbalanced or balanced seal is determined by the pressure in the
seal chamber. Balance is a way of controlling the contact pressure between the seal faces
and power generated by the seal. When the percentage of balance b (the ratio of hydraulic
closing area to seal face area) is 100 percent or greater, the seal is referred to as unbal-
anced. When the percentage of balance for a seal is less than 100 (1.0), the seal is balanced.
Figure 18 illustrates common unbalanced and balanced seals.

The selection of a rotating or stationary seal is determined by the speed of the pump shaft.
A seal that rotates with the shaft is a rotating seal assembly. Typical rotating seals are shown
in Figures 17, 21 and 22. When the mating ring rotates with the shaft, the seal is stationary
(see Figure 19). Rotating seal heads are common in the industry for normal pump shaft
speeds. As a rule of thumb, when the shaft speed exceeds 5,000 ft/min (25.4 m/s), stationary
seals are required. Higher speed applications require a rotating mating ring to keep unbal-
anced forces, which may result in seal vibration, to a minimum. A stationary seal should be
considered for all split case pumps. This will eliminate seal problems that occur when the top
and bottom halves of the pump casing do not line up. The pressure in the pump can cause a
misalignment of these parts that creates an out-of-square condition at the seal faces.

The selection of a single-spring or multiple-spring seal head construction is determined
by the space limits and the liquid sealed. Single-spring seals are most often used with bel-
lows seals to load the seal faces (see Figure 20a). The advantage of this type of construc-
tion is that the openness of design makes the spring a nonclogging component of the seal
assembly. The coils are made of a large diameter spring wire and therefore can withstand
a great deal of corrosion.

Multiple-spring seals require a shorter axial space. Face loading is accomplished by a
combination of springs placed about the circumference of the shaft (refer to Figure 1 and
see Figure 20b). Most multiple-spring designs are used with assemblies having O-rings or
wedges as secondary seals.

Pusher-type seals are defined as seal assemblies in which the secondary seal is moved
along the shaft by the mechanical load of the seal and the hydraulic pressure in the seal
chamber. The designation applies to seals that use an O-ring, wedge, or V-ring. A typical
construction is illustrated in Figure 21.

The primary ring, with a hardened metal surface, rotates with the shaft and is held
against the stationary ring by the compression ring through loading of the O-ring. The
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FIGURE 18 Common unbalanced and balanced seals

compression ring supports a nest of springs that is connected at the opposite end by a col-
lar, which is fixed to the shaft. The primary ring is flexibly mounted to take up any shaft
deflection or equipment vibration. The collar is fixed to the shaft by setscrews.

Another pusher-type seal is illustrated in Figure 22. When elastomers cannot be used
in the product, a wedge made of TFE must be considered. A metal retainer locked to the
shaft by (A) provides a positive drive through the shaft and to the primary ring (F)
through drive dents (D), which fit corresponding grooves. The seal between the primary
ring and shaft or sleeve is made by a wedge (E), which is preloaded by multiple springs (B).
The spring load is distributed uniformly by a metal disc (C). The primary ring (G) contacts
the mating ring (H) to form the dynamic seal.

Pusher seals also come in split designs. Illustrated in Figure 23 is a split seal design
for an ANSI pump. This is a fully split seal design with all of the basic parts fitted outside
the seal chamber. The gland plate is fully split and provides easy access to other seal com-
ponents. A finger spring located on the atmospheric side of the seal provides an axial load
and drive to the stationary primary ring. Since it is located on the atmospheric side of the
seal, it will not be clogged from material in the pumpage. This is suited for a variety of
applications, including paper stock, sewage, slurries, and river water. Two flush ports in
the gland plate provide for a seal flush for cooling.
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FIGURE 21 O-ring type mechanical seal (Flowserve Corp.)
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FIGURE 22 Wedge-type mechanical seal (John Crane Inc.)
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Nonpusher seals are defined as seal assemblies in which the secondary seal is not
forced along the shaft by the mechanical load or hydraulic pressure in the seal cham-
ber. Instead, all movement is taken up by the bellows convolution. This definition
applies to those seals that use half-; full-, and multiple-convolution bellows as a sec-
ondary seal.

The half-convolution bellows seals are always made of an elastomer (see Figure 24).
The tail of the bellows is held to the shaft by a drive band. This squeeze fit seals the shaft
and enables the unit to rotate with the shaft. Positive drive is accomplished through the
drive band, retainer, and primary ring by a series of slots and dents. A static seal is created
at the back of the primary ring and at the front of the bellows. This type of seal is used for
light-duty service conditions. The amount of axial travel along the shaft is half that of a
full convolution bellows.

The full-convolution bellows seal is illustrated in Figure 25. The tail of the bellows is
held to the shaft by a drive band. The squeeze fit seals the shaft and enables the unit to
rotate with the shaft. The drive for the seal assembly is similar to that of the half-
convolution seal. Static sealing is accomplished at the front of the bellows and the back of
the primary ring. The heavier full-convolution bellows design can tolerate greater shaft
motion and runout to pressures of 1200 lb/in? (8.3 bar).

Multiple-convolution bellows seals are necessary to add flexibility to those secondary
seal materials that cannot be used in any other shape. The mechanical characteristics of
TFE and metals require multiple-convolution designs.
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FIGURE 25 A full-convolution bellows seal (John Crane Inc.)

A TFE bellows assembly is illustrated in Figure 26. Because of the large cross-
sectional area, these types of seals are mounted outside the seal chamber. Pressure at the
inside diameter of the seal helps keep the faces closed. Small springs on the atmosphere
side of the seal supply the mechanical load to keep the seal faces closed initially.

Multiple convolution metal bellows seals come in various designs and are discussed in
the following section.

SEALING REQUIREMENTS IN THE PETROLEUM REFINING INDUSTRY

The API Standard 682 is an industrial standard developed by users with input from equip-
ment and seal manufacturers. The goal of the standard was to create a specification for
seals that would have a good probability of meeting emission standards defined by the U.S.
Clean Air Act of 1990 and have a life of at least three years. The implementation of this
specification indicates not only an increase in emissions control, but also a major increase
in equipment reliability.

The following contacting, liquid-lubricated seal designs were identified by API 682, 1st
edition (October 1994) as solutions to sealing refinery services. These have been verified
by seal manufacturer tests under simulated refinery conditions. These are as follows:

e Type A A single, pusher-type seal mounted inside the seal chamber with a rotating
flexible element. This is a balanced cartridge design with multiple springs and an O-
ring as a secondary seal (see Figure 27). This seal is preferred for all refinery services
except non-flashing hydrocarbons above 300°F (150°C). It is considered to be the
standard for temperatures up to 500°F (265°C).

Type B A single, low-temperature, non-pusher, inside-mounted seal, with a rotating
metal bellows flexible element. The secondary static seals for this nickel allow metal bel-
lows design are fluorocarbon elastomer O-rings. This low-temperature seal design is a
standard optional selection for non-flashing hydrocarbon services up to 300°F (150°C).

Type C A single, high-temperature, non-pusher, inside-mounted seal with a
stationary metal bellows flexible element. The secondary static seals for this high-
temperature bellows design are flexible graphite. This seal is the standard selection for
non-flashing hydrocarbon applications when temperatures are above 300°F (150°C) and
pressures are less than 250 1b/in? absolute (17 bar).

Each of the previous seal types is also available as a dual seal arrangement (see Fig-
ure 30). When the space between the inboard and outboard seals is pressurized with a
barrier fluid, the seal arrangement is referred to as a pressurized dual seal. When the
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FIGURE 26 A Teflon bellows seal (John Crane Inc.) FIGURE 27 Type A Single mounted pusher seal
(John Crane Inc.)
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FIGURE 30 Pressurized dual API 682 seal for HF alkylatin service (John Crane Inc.)

space between the inboard and outboard seals is unpressurized with a buffer fluid, the
seal arrangement is referred to as a nonpressurized dual seal. This is the only seal car-
tridge that can function as a double or tandem seal with the same individual seal parts.
The terms barrier fluid and buffer fluid refer to the same fluid lubricating the seal. When
the fluid is pressurized, it is a barrier fluid. When the fluid is non-pressurized, it is a
buffer fluid.
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FIGURE 31 API 682 qualification test rig (John Crane Inc.)

The dual seal design shown in Figure 30 is without a pumping ring on the outside
diameter of the outboard seal. This figure also represents a successful installation on an
HF alkylation unit. In this design, isobutane is circulated at a pressure greater than at the
pressure at the outside diameter of the inboard seal. The isobutane is then flushed over
the inboard seal to keep the hydrofluoric acid away from the inboard seal. Seal life has
been significantly increased with this improved sealing technology.

API 682 requires qualfication testing for all seal designs by the seal manufacturer. To
meet these requirements, seal manufacturers constructed new testing facilities that allow
testing at simulated refinery conditions for common process fluids. Figure 31 shows an
API qualification test rig with instrumentation installed. Each seal type from each seal
application group is required to be tested in four different test fluids that model fluids that
model fluids from the application groups. These fluids include water, propane, 20 percent
NaOH solution, and mineral oil. Each qualification test for each test fluid consists of three
phases:

a. the dynamic phase at constant temperature, pressure, and speed

b. the static phase at 0 rpm using the same temperature and pressure as the dynamic
phase

c. the cyclic phase at varying temperatures and pressures, including start-ups and shut-
downs. For flashing hydrocarbons, the cyclic test phase includes excursions into vapor
and back to liquid.

The seal is expected to perform within the regulated emissions limits after being
exposed to qualification testing and upset conditions and demonstrate a capability of at
least three years life in service. The result of this effort is not only an improvement in ems-
sions control but also a major improvement in seal reliability. This naturally results in
substantially lower life-cycle cost for the user.

The success or failure of a seal installation can often be traced to the selection of the
proper piping arrangement. A piping arrangement or plan defines how a seal installation
will be cooled or, in some cases, heated. Commonly used systems have been defined by API
and are shown in Figure 32.

Performance testing to qualify seal designs to API 682 has resulted in an improved seal
flush required for cooling. The mating ring, chamfered at the outside diameter, enables the
flow of the flush liquid not only around the circumferential groove, but also directly to the
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PLAN 01

Fluid being pumped is circulated internally from discharge

to seal chamber. Internal recirculation must be sufficient to
maintain stable conditions at the seal face. Recommended for
clean pumpage only and horizontal pumps. Not recommended
for vertical pumps.

PLAN 02

Plugged

connections for
possible future
circulating fluid

Dead-ended seal chamber with no circulation of a seal flush
fluid. Used on special applications with horizontal pumps.
Not recommended for vertical pumps.

PLAN 11

ﬁ]

Fluid pumped is circulated externally from discharge to seal
chamber. An orifice may be used to control flow. The flow
enters the seal chamber adjacent to the mechanical seal faces.
This flow must be sufficient to maintain stable conditions at the
seal faces. Not recommended on vertical pumps.

PLAN 13

g

Fluid pumped is circulated from the seal chamber back to pump
suction. An orifice may be used to control flow.

PLAN 14

o

Fluid pumped is circulated from discharge to the seal chamber
and back to the suction nozzle. An orifice, as shown, may be
used to control flow, and must be sized in accordance with the
throat bushing and the return line. Similar to Plan 11, flow back
to suction side will evacuate vapor that may collect in the seal
chamber. Recommended for vaporizing liquid such as those
found in light hydrocarbon services.

PLAN 21

5

Fluid pumped is circulated from discharge through a heat
exchanger and into the seal chamber. An orifice, as shown, may
be used to control flow. A dial thermometer (*) may be used in
the recirculation line.

PLAN 23

Fluid pumped is moved from the seal chamber by a pumping
ring through a heat exchanger and back to the seal chamber.
This plan can be used on hot applications to minimize heat load
on the heat exchanger by cooling only the small amount of liquid
that is recirculated. a dial thermometer (*) may be used in the
recirculation line. Plan 21 Fluid pumped is circulated from
discharge through a heat exchanger and into the seal chamber.
An orifice, as shown, may be used to control flow. A dial
thermometer (*) may be used in the recirculation line.

PLAN 31

i

Fluid pumped is circulated from discharge through a heat
exchanger and into the seal chamber. An orifice, as shown, may
be used to control flow. A dial thermometer (*) may be used in the
recirculation line.

B! T B
PLAN 32 venydor purcKaser
@

< >

A fluid separate from the pumpage is injected into the seal
chamber from an external source. Care must be exercised in
selecting an external fluid for injection to provide good lubrication
to the seal and eliminate the potential for vaporization and also
to avoid contamination of the pumpage with the injected flush.

A dial thermometer (*) and flow indicator (*) are optional.

FIGURE 32 Piping plans for mechanical seals
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PLAN 41 When a hot fluid is pumped which contains suspended abrasive
particles, flow from the discharge to a cyclone separator delivers
clean flow to the seal chamber through a heat exchanger. An
orifice, as shown, may be used to control flow. Solids are
delivered to pump suction. Clean discharge to the seal chamber
and dirty discharge to pump suction must be at equal pressures.
A dial thermometer (*) may be used in the flush line to seals.

PLAN 52 % t Vent Applies to an outer seal of an unpressurized dual seal
arrangement. An external reservoir provides a buffer fluid which
is circulated by an internal pumping ring in the outboard seal
cavity during normal operation. The reservoir is usually
continuously vented to a vapor recovery system which is
maintained at a pressure less than the pressure in the seal
chamber. A pressure switch (*) and heat exchanger (*)

are optional.

PLAN 53 * Exte?c)adrggessure Applies to an outer seal of a pressurized dual seal arrangement.
G An external reservoir provides a barrier fluid under pressure

Normally open [ which is circulated by an internal pumping ring in the outboard

seal cavity during normal operation. Reservoir pressure is

N greater than the process pressure. A pressure switch (*) and

.\ Reservoir

heat exchanger (*) are optional.

PLAN 54 —>s An outboard seal chamber is pressurized by a barrier fluid from
an external reservoir. Circulation is by an external pressure
system or pump. Reservoir pressure is greater than the
process pressure being sealed.

PLAN 61 Tapped connections are plugged. When used, the purchaser

provides quench fluid (steam, gas, water, etc.) to an auxiliary
% { Plugged Inlet

sealing device.
Plugged outlet

PLAN 62 An external source is used to provide a quench which is required
to prevent solids from building up on the atmospheric side of the
m seal. Typically used with a close clearance throttle bushing.

NOTE: This table provides a quick reference to piping plans described in API Standard 610, 8th edition August 1995,
for centrifugal pumps for petroleum, heavy duty chemical and gas industry. The reader is encouraged to consult
this specific standard for more detailed information.

LEGEND
\@ Heat exchanger {:7 Cyclone separator { -t Checkvalve
Pressure gauge @ Flow indicator —i|—  Orifice
with block valve
@ Dial thermometer NG Flow regulating @ Level indicator
valve
Pressure switch
with block valve < Block valve

FIGURE 32 Continued.
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seal faces for cooling. This design also helps to eliminate any trapped vapor at the seal
faces (see Figure 33).

GLAND PLATE CONSTRUCTION

An essential component of any seal installation is the gland plate. The purpose of this part
is to hold either the mating ring assembly or the seal head assembly, depending on
whether the seal head is rotating with the shaft or stationary to the pump casing. It is also
a pressure-containing component of the installation. The alignment of one of the sealing
surfaces, particularly the mating ring used with a rotating seal assembly and a gland
plate bushing, is dependent on the fit of the gland plate to the pump. To ensure the proper
installation, the API specification requires a register fit with the inside or outside diame-
ter of the seal chamber. The static seal on the face of the seal chamber must be completely
confined. Three basic gland plate constructions are shown in Figure 34:

e A plain gland plate is used where seal cooling is provided internally through the pump
stuffing box and where the liquid to be sealed is not considered hazardous to the plant
environment and will not crystallize or carbonize at the atmospheric side of the seal.

A flush gland plate is used where internal cooling is not available. Here coolant (liquid
sealed or liquid from an external source) is directed to the seal faces where the seal heat
is generated.

A flush-and-quench gland plate is required on those applications that need direct cooling
as well as a quench fluid at the atmospheric side of the seal. The purpose of the quench
fluid, which may be a liquid, gas, or steam, is to prevent the buildup of any carbonized
or crystallized material along the shaft. When properly applied, a seal quench can
increase the life of a seal installation by eliminating the loss of seal flexibility due to
hangup. This gland plate can also be used for flush, vent, and drain where seal leakage
needs to be controlled. Flammable vapors leaking from the seal can be vented to a flare
and burned off, while nonflammable liquid leakage can be directed to a safe sump.

Figure 35 illustrates some restrictive devices used in the gland plate when quench or
vent-and-drain connections are used. These bushings can be pressed in place, as in Figure
35a, or allowed to float as in Figures 35b, ¢, and d. Floating bushings enable closer running
clearances with the shaft because such bushings are not restricted at their outside diam-
eter. The bushing shown in Figure 35d is also split to enable the thermal expansion of the
shaft. This restrictive bushing is preferred on refinery applications. Small packing rings
can also be used for a seal quench, as shown in Figure 35e.

SEAL CHAMBER DESIGN

A critical part of the sealing system is the seal chamber design. The selection of the proper
seal chamber can increase the life of the mechanical seal. Changes in pump design have
resulted in three chambers, as shown in Figure 36. These are the conventional seal cham-
bers, referred to as the standard bore, the enlarged bore, and the tapered bore. Seal cham-
bers can influence the seal environment through pressure, solids handling, vapor removal,
and temperature. A standard bore seal chamber was originally designed for packing and
has a restriction at the bottom of the chamber that limits the interchange of fluids
between the chamber and pumpage. This seal chamber is dependent on the application of
the proper piping plan to remove heat or abrasives.

The enlarged bore is similar to a standard bore, enabling the installation of large seal
cross-sections and dual seals. The increased cross-section increases the volume of the lig-
uid for cooling. This seal is also dependent on the proper piping plan to remove heat.

The tapered bore seal chamber has increased radial clearance and the bottom of the
chamber is exposed to the impeller. The walls of the chamber promote self-venting during
shutdown and self-draining during disassembly. Internal flow within the chamber elimi-
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FIGURE 33 Improved seal flush for refinery services FIGURE 34 Basic gland plate designs: (a) plain
(John Crane Inc.) gland plate, (b) flush gland plate, (c) flush and quench,
or flush vent and drain gland plate

nates the need for external piping for cooling. For some applications, operating at a higher
pressure will require an external flush.

NON-CONTACTING GAS LUBRICATED SEALS

The evolution of this sealing concept for pumps has its origin in gas sealing technology
developed for gas compressors in the mid-1970s. The development of this technology for
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DESCRIPTICN COMMENTS
(a) Used on vent and drain designs.
Made of non-sparking materials.
Throttle / : Meets AP specifications.
: Seal ID
Bushing 0.0125" (3.17 x 10 m)
Radial Clearance
(b) May be used on quench, vent
. and drain glands. Spring-loaded
Floating to float with shaft. Made of
Throttle d non-sparking materials. Meets
Bushing 0.0025" (6.35 x 10°m) API specification. Requires
Radial Clearance more space than fixed bushing.
(c) Soft packing sized to shaft
- diameter used on quench. Vent
Floating and drain glands. Spring loaded.
Bushing No adjustments required.

Excellent dry run.

SP[B't FLo_at'"g N bushing to take into account
ushing PR shaft expansion due to tempera-

ture preferred for API application.

() ﬁ May be used on quench, vent
: N and drain glands. Spring-loaded
Q\\\ - to float with shaft. Split carbon

(e) N Creates positive seal on quench
) ) '\\\_ designs. Requires some adjust-
Packing Rings ' 2 ment during operation.

FIGURE 35 Common restrictive devices used with quench, or vent and drain gland plates.

pumps was accelerated in the early 1990s as a way to control emissions. Eliminating the
contact between the seal faces while the pump shaft is turning also eliminates the tribo-
logical problems of frictional heat and wear. This is no easy task with a liquid present in
the pump. Deflections of the seal faces from temperature and pressure must be controlled
to very precise levels. Gas, rather than a liquid, must be used as a barrier fluid and one of
the seal faces must be designed with a lift mechanism.

A lift mechanism can take the shape of a spiral groove, an L-shaped slot, or a controlled
wavy surface. When the shaft turns, pressure builds up in the seal faces, which causes the
face separation. The basic construction of a spiral groove face and the pressure buildup is
shown in Figure 37. The separation of the face is very small and could be measured in
nanometers, which enables a small amount of gas to flow across the seal face. Since this
type of seal is non-contacting, the only heat that is developed is from the shearing of gas
at the seal faces. The small amount of gas flow helps cool the seal faces. The temperature
rise at the seal faces is just a few degrees, making this a preferred seal for heat-sensitive
liquids. The processes occurring at the seal faces are shown in Figure 38.

The operating envelope for a non-contacting, gas-lubricated seal for liquid pumping
services is shown in Figure 39. Since the rubbing contact at the seal faces has been elim-
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- — Typical Pressure Build-up
(C) TAPERED BORE SEAL CHAMBER as the Shaft Rotates

FIGURE 36 Standard bore, enlarged bore, and FIGURE 37 Spiral groove seal face and pressure
tapered bore seal chamber arrangements. build up in the grooves (John Crane Inc.)

inated, the seal can be operated at the vapor pressure of the liquid being sealed. In addi-
tion, no limiting factor exists due to the pressure-velocity relationship and wear at the seal
faces. The limiting factor in the application of the seal is the pressure that has an effect on
seal face deflection.

Dual pressurized, gas-lubricated seals have been designed to fit oversized and small
bore seal chambers. An oversized seal chamber that enables a larger cross-section seal and
that can handle pressures up to 600 psig (40 bar) is illustrated in Figure 40.Many exist-
ing pumps in the field have small bore seal chambers and do not require the same pres-
sure capability as a larger cross-section seal. The seal to fit these units is illustrated in
Figure 41. This type of seal is being used to pressures of 230 psig (16 bar).

Dual seals are pressurized with an inert gas. Gas pressure is normally 20 to 30 psig
(1.4 to 2 bar) above the process liquid being sealed. The amount of gas consumed through
a dual seal can be estimated from Figure 42. The gas consumption is the sum of the flow
across the inboard and outboard seals. The amount of gas consumed on an annual basis is
very small. This makes this type of installation very economical when compared to a fully
pressurized liquid barrier/buffer system. Gas pressure and flow are monitored by a safety
gas panel like that shown in Figure 43.

This technology represents a solution for those sealing problems that affect the cooling
and lubrication of a contacting seal by the liquid being sealed. These problems, identified
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FIGURE 39 The operating envelope for a non-contacting, gas-lubricated seal for liquid pumping services. (John
Crane Inc.)

by users as reasons for a short seal life, include a loss of seal flush, dry running, startup
without venting, low net positive suction head (NPSH), and cavitation. Cavitation may
also result in vibration of the equipment. The vibration limit for a non-contacting gas
lubricated seal is 0.4 in/s (10 mm/s). The benefits of this technology are increased perfor-
mance, emissions control, safety, reliability, and efficiency for a conventional pump fitted
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FIGURE 40 Non-contacting gas-lubricated seal for FIGURE 41 Non-contacting gas-lubricated seal for
pumps with a large bore seal chamber (John Crane pumps with a small cross-section seal chamber (John
Inc.) Crane Inc.)
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FIGURE 42 Gas consumption through a seal face. (John Crane Inc.)

with non-contacting gas lubricated seals. This translates into increased mean time
between maintenance (MTBM) and reduced costs of ownership of the equipment. An inert
gas, such as nitrogen, is a preferred barrier fluid in refinery and petrochemical industries,
while purified air is used in the pharmaceutical and biotech industries. Protecting the
environment is the main reason for the development of this technology, but, it is also a pri-
mary sealing system used to maintain product purity in the pharmaceutical and biotech
industries.

Pumping liquid near its vapor pressure represents a challenge to equipment manu-
facturers and plant operators. Trying to seal this type of application with a contacting seal
will result in an inefficient installation. The amount of heat generated would require too
much cooling to prevent the liquid from flashing. The only solution is to eliminate the heat
generated at the seal faces, allowing the liquid being sealed to flash to a gas and use a non-
contacting gas lubricated seal.

For those liquids that are dangerous to the environment, a tandem seal arrangement
would be used. The space between the seals would be vented to a flair or vapor disposal
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L From Source

——To Seal Chamber

FIGURE 43 A safety gas panel for monitoring gas pressure and flow (John Crane Inc.)

To vapor recovery or disposal

System Components

Panel

-

FIGURE 44 Early non-contacting gas-lubricated seal design for vaporizing hydrocarbon service (John Crane Inc.)

TABLE 2 Typical vaporizing hydrocarbon services (John Crane Inc.)

. Pressure Regulator
. Check Valve

. Pressure Gauge

. Flow Meter - High

. Flow Meter - Low

. Isolating Valve

. Coalescing Filter

. Pressure Switch (Optional)
. Flow Switch (Optional)

Operating Condition/ Pressure Temperature Speed
Seal Size (in) Liquid (Ib/in?) (Degree F) Min/Max  (rpm)
1.250 Ethane 554 +45/ +125 3,560
1.875 LNG 327 +37/ +125 3,560
2.875 LNG 400 +30/ +125 3,560
3.375 Ethane 392 —49/ +125 1,750
5.250 LNG 850 +30/ +125 3,560

area. Figure 44 represents an early tandem seal arrangement for this type of service.
Applying this technology to pumps has resulted in a significant increase in equipment reli-
ability. A list of typical applications for non-contacting gas seals to be applied to vaporiz-

ing hydrocarbon liquid services is shown in Table 2.
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FIGURE 45 A non-contacting gas-lubricated seal for cryogenic service (John Crane Inc.)

Cryogenic liquids represent a similar design challenge in sealing technology. Tradi-
tionally, pumps that are used to pump these liquids relied on contacting seal designs.
Although these fluids were at cryogenic temperatures, the seals were operating near the
boiling point of the liquid. Frictional heat was enough to vaporize or flash the liquid to a
gas. This resulted in short seal life. By allowing the liquid to flash to a gas and by using
non-contacting gas lubricated seals, seal life has been extended from weeks to years. A
non-contacting gas lubricated cryogenic seal is illustrated in Figure 45. Due to the low
temperatures involved, a metal bellows is required in the seal design.

MATERIALS OF CONSTRUCTION

All component parts of a seal are selected based on their corrosion resistance to the liquid
being sealed. The National Association of Corrosion Engineers (NACE) Corrosion Hand-
book provides corrosion rates for many materials of construction for mechanical seals used
with a variety of liquids and gases. When the corrosion rate is greater than two mils (0.05
mm) per year, double seals that keep the hardware items of the seal in a neutral liquid
should be selected to reduce corrosion. In this design, only the inside diameter of the mat-
ing ring, the primary ring, and the secondary seal are exposed to the corrosive liquid and
should be constructed of corrosion-resistant materials, such as ceramic, carbon, and Teflon.
Common materials of construction are given in Table 3. Table 4 lists the properties of com-
mon seal face materials.

The operating temperature is a primary consideration in the design of the secondary
and static seals in the assembly. These parts must retain their flexibility throughout the
life of the seal, as flexibility is necessary to retain the liquid at the secondary seal as well
as to enable a degree of freedom for the primary ring to follow the mating ring. The usable
temperature limits for common secondary and static seal materials are given in Table 5.

An additional consideration in the selection of the primary and mating ring materials
in sliding contact is their PV limitation. This value is an indication of how well the mate-
rial combination will resist adhesive wear, which is the dominant wear in mechanical
seals. Limiting PV values for various face combinations are given in Table 6. Each limit-
ing value has been developed for a wear rate that provides an equivalent seal life of two
years. A PV value for an individual application can be compared with the limiting PV
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TABLE 3 Common materials of construction for mechanical seals

Components Materials of Construction

Secondary Seals:

O-rings Nitrile, Ethylene Propylene, Chloroprene, Fluoroelastomer,
Perfluoroelastomer
Bellows Nitrile, Ethylene Propylene, Chloroprene, Fluoroelastomer
Wedge or U Cups Fluorocarbon
Metal Bellows Stainless steel, Nickel-base Alloy
Primary Ring Carbon, Metal-filled Carbon, Tungsten Carbide,

Silicon Carbide, Siliconized Carbon, Bronze

Hardware (retainer, Stainless Steel, Nickel-base Alloy
disc, snap rings, set
screws, springs)

Mating Ring Ceramic, Cast Iron, Tungsten Carbide, Silicon Carbide

value for the materials used to determine satisfactory service. These values apply to aque-
ous solutions at 120°F (49°C). For lubricating liquids such as oil, values of 60 percent or
higher can be used. Higher or lower values of PV may apply, depending on the seal face
design.

INSTALLING THE SEAL AND IDENTIFYING CAUSES OF SEAL LEAKAGE

A successful seal installation requires operation of the pump within the manufacturer’s
specification. Relative movement between the seal parts or shaft sleeve usually indicates
that mechanical motion has been transmitted to the seal parts from misalignment (angu-
lar or parallel), endplay, or radial runout of the pump (see Figure 46).

Angular misalignment results when the mating ring is not square with the shaft and
will cause excessive movement of internal seal parts as the primary ring follows the out-
of-square mating ring. This movement will fret the sleeve or seal hardware on pusher
type seal designs. Angular misalignment may also occur from a seal chamber that has
been distorted by piping strain developed at operating temperatures. Damage in the
wearing rings can also be found here if the pump seal chamber has been distorted.

Parallel misalignment results when the seal chamber is not properly aligned with the
rest of the pump. No seal problems will occur unless the shaft strikes the inside diameter
of the mating ring. If damage has occurred, there will also be damage to the bushing at the
bottom of the seal chamber at the same location as the mating ring.

Excessive axial endplay can damage the seal surfaces and cause fretting. If the seal is
continually being loaded and unloaded, abrasives can penetrate the seal faces and cause
premature wear of the primary and mating rings. Thermal damage in the form of heat
checking in the seal faces because of excessive endplay can occur if the seal is operated
below working height.

Radial runout in excess of limits established by the pump manufacturer could cause
excessive vibration at the seal. This vibration, coupled with small amounts of the other
types of motion that have been defined, will shorten seal life.

Instructions and seal drawings should be reviewed to determine the installation
dimension or spacing required to ensure that the seal is at its proper working height (see
Figure 47). The installation reference can be determined by locating the face of the seal
chamber on the surface of the sleeve and then measuring along the sleeve after it has been
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TABLE 4 Typical properties of common seal face material

CERAMIC CARBIDES CARBON
85% 99% Tungsten Silicon

Property Cast Iron Ni-resist (AL,O3) (AL,0O;) (6% Co) (8iC) Resin Antimony Bronze SiC Conw.
Modulus of Elasticity 13-15.95 10.5-16.9 32 50 90 48-57 2.5-4.0 3.8-4.8 2.9-4.4 2-2.
X 10° Ib/in? (90-110) 72-117) (221) (245) (621) (331-393) (17.2-27.6) (26.2-33.1) (20-30) (13.8-15.9)
(X 10° Mpa)
Tensile Strength 65-120 20-45 20 39 123.25 20.65 4.5-9 7.5-9.0 7.5-9 2
X 10° 1b/in? (Mpa) (448-827) (138-310) (138) (269) (8;50) (142) (31-62) (52-62) (52-62) (14)
Coefficient of Thermal 6.6 6.5-6.8 3.9 4.3 2.53 1.88 2.3.-3.4 2.3.-4.7 2.4-3.1 2.4-3.2
Expansion X 106 (11.88) (11.7-12.24) (7.02) (7.74) (4.55) (4.55) (4.14-6.12) (4.14-8.46) (4.32-5.58) (4.32-5.76)
in/in F (cm/cm K)
Thermal Conductivity 23-29 25-28 8.5 14.5 41-48 41-60 3.8-12 5.8-9.0 8-8.5 30
Btu - ft/h - ft2 °F (39.79-50.17) (43.25-48.44) (14.70) (25.08) (70.93-83.04) (70.93-103.8) (6.57-20.76) (10.0-15.6) (13.84-14.70) (51.9)
(w/m X k)
Density: 0.259-0.268 0.264-0.268 0.123 0.137 0.50 0.104 0.064-0.069 0.083-0.112 0.083-0.097 0.067-0.070
1b/in® (kg/m?) (7169-7418) (7307-7418) (3405) (3792) (16.331) (2879) (1771-1910) (2297-3100) (2297-2685) (1854-1938)

Brinell Rockwell A Rockwell 45N Shore Rockwell 15T
Hardness 217-269 131-183 87 | 87 | 92 86-88 80-105 75-100 70-92 90
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TABLE 5 Temperature limits of secondary seal materials
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removed from the unit. It is not necessary to use this procedure if a step in the sleeve or
collar has been designed into the assembly to provide for proper seal setting. Assembling
other parts of the seal will bring the unit to its correct working height.

All package or cartridge shaft seals can be assembled with relative ease because just
the bolts at the gland plate and set screws on the drive collar need to be fastened to the
seal chamber and shaft. After the seal spacer is removed, the unit is ready to operate.

To assemble a mechanical seal to a pump, a spacer coupling is required. If the pump is
packed but may later be converted to mechanical seals, a spacer coupling should be
included in the pump design.

Since a seal has precision-lapped faces and because secondary seal surfaces are criti-
cal in the assembly, installations to the equipment should be kept as clean as possible. All
lead edges on sleeves and glands should have sufficient chamfers to facilitate installation.

When mechanical seals are properly applied, there should be no static leakage and,
under normal conditions, the amount of dynamic leakage should range from none to just
a few drops per minute. Under a full vacuum, a mechanical seal is used to prevent air from
leaking into the pump. If excessive leakage occurs, the cause must be identified and cor-
rected. Causes for seal leakage with possible corrections are listed in Table 7. In addition,
Figure 48 illustrates the most common causes for mechanical seal leakage. Further infor-
mation on seal leakage and the related condition of seal parts can be found in the works
listed in the “Further Reading” section.
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TABLE 6 Frequently used seal face materials and their PV limitations

- . PV limit,
Sliding Materials b/in? - ft/min
Rotating Stationary (bar * m/s) Comments
Carbon-graphite  Ni-resist 100,000 Better thermal shock resistance
(35.03) than ceramic
Ceramic 100,000 Poor thermal shock resistance and
(85% Al,O,) (35.03) much better corrosion resis-
tance than Ni-resist
Ceramic 100,000 Better corrosion resistance than
(99% Al1,0,) (35.03) 85% Al,O4 Ceramic
Tungsten 500,000 With bronze-filled carbon
Carbide (175.15) graphite, PV is up to 100,000
(6% Co) 1b/in? ft/min (35.02 bar - m/s)
Tungsten 500,000 Ni binder for better corrosion
Carbide (175.15) resistance
(6% Ni)
Silicon Carbide 500,000 Good wear resistance; thin layer
(converted (175.15) of SiC makes relapping
Carbon) questionable
Silicon Carbide 500,000 Better corrosion resistance than
(solid) (175.15) Tungsten Carbide but poorer
thermal shock resistance
Carbon-graphite 500,000 Low PV, but very good against
(17.51) face blistering
Ceramic 10,000 Good service on sealing paint
(3.50) pigments
Tungsten Carbide 120,000 PV is up to 185,000 1b/in? ft/min
(42.04) (64.8 bar - m/s) with two grades
that have different % of binder
Tungsten Carbide/ 300,000 Excellent abrasion resistance.
Silicon Carbide (105.1) Commonly used on high
(solid) temperature applications
Silicon Carbide 500,000 Excellent abrasion resistance,
(converted (175.15) more economical than solid
carbon) Silicon Carbide
Silicon Carbide 350,000 Excellent abrasion resistance,
(solid) (122.6) good corrosion resistance and

moderate thermal shock
resistance
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TABLE 7 Checklist for identifying causes of seal leakage

Symptom

Possible Causes

Corrective procedures

Seal spits and
sputters
(“face popping”)
in operation

Seal drips steadily

Seal fluid vaporizing
at seal interfaces

Faces not flat

Carbon graphite seal
faces blistered

Seal faces thermally
distorted

Secondary seals nicked
or scratched during

installation

O-rings overaged

Secondary seals hard
and brittle from
compression set

Secondary seals soft
and sticky from
chemical attack

Spring failure

Hardware damaged
by erosion

Drive mechanisms
corroded

Increase cooling of seal faces.

Check for proper seal balance with
seal manufacturer

Add bypass flush line if not in use

Enlarge bypass flush line and/or
orifices in gland plate

Check for seal interface cooling with
seal manufacturer

Check for incorrect installation
dimensions

Check for improper materials or
seals for the application

Improve cooling flush lines

Check for gland plate distortion due
to overtorquing of gland bolts

Check gland gasket for proper
compression

Clean out foreign particles between
seal faces; relap faces if necessary

Check for cracks and chips at seal
faces; replace primary and mating
rings

Replace secondary seals

Check for proper lead-in chamfers,
burrs, and so on

Check for proper seals with seal
manufacturer

Check with seal manufacturer for
other material

Replace parts

Check with seal manufacturer for
other material

(continues)
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TABLE 7 Continued.

CHAPTER TWO

Symptom

Possible Causes

Corrective procedures

Seal squeals
during operation

Carbon dust
accumulates on
outside of gland
ring.

Seal leaks

Seal life is short.

Amount of liquid
inadequate to
lubricate seal faces

Amount of liquid
inadequate to
lubricate seal faces

Liquid film evaporating
between seal faces

Nothing appears to be
wrong

Abrasive fluid

Seal running too hot

Equipment
mechanically out
of line

Add bypass flush line if not in use

Enlarge bypass flush line and/or
orifices in gland plate

Add bypass flush line if not in use

Enlarge bypass flush line and/or
orifices in gland plate

Check for proper seal design with
seal manufacturer if pressure in
stuffing box is excessively high

Refer to list under “Seal drips
steadily”

Check for squareness of stuffing box
to shaft

Align shaft, impeller, bearing, and so
on to prevent shaft vibration and/
or distortion of gland plate and/or
mating ring

Prevent abrasives from
accumulating at seal faces

Add bypass flush line if not in use

Use abrasive separator or filter

Increase cooling of seal faces
Increase bypass flush line flow

Check for obstructed flow in cooling
lines

Align

Check for rubbing of seal on shaft
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Injection-type shaft seals (sometimes called packless stuffing boxes) are designed to control
leakage from hot-water pumps. Cool water is injected into each seal to either suppress or reg-
ulate the hot leakage, which would otherwise flash upon reaching the outside of the pump.

Injection-type shaft seals provide high reliability and yet require little maintenance.
They are used primarily in power plant boiler-feed and reactor-feed pump applications
where shaft peripheral speeds are high (3600 rpm and up) and pumping temperatures are
greater than 250°F (120°C). Under these conditions, conventional packing or mechanical-
seal-type stuffing boxes may not be suitable or desirable.

Injection shaft seals are either serrated throttle bushings or floating ring seal designs
that regulate the flow, temperature, and pressure of the controlled leakage. The flow of the
cool injection and of any hot water in the seals depends on operating pressures, but it is
restricted by close seal clearances and is regulated by injection control valves.

The operating temperature of the seals is controlled by allowing cool injection water to
surround the outside of the seal. Ports in the seal enable the cool injection water access to
the shaft to either overcome or mix with hot water in the seal so that the resulting seal
leakage is cool.

The seal designs must provide sufficient pressure breakdown between the pump suc-
tion or balance device chamber pressures inside the pump and the atmospheric conditions
outside the pump. Upon reaching the outside of the seal, the cool leakage is piped away by
gravity drain for eventual return to the power plant feedwater system.

SERRATED THROTTLE BUSHINGS

The construction of a serrated (sometimes called labyrinth or grooved) bushing (see Fig-
ure 1) varies from one pump manufacturer to another. However, the serrated designs basi-
cally involve a rotating shaft running with a reasonably small clearance, such as 0.002 to

2.239
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CONDENSATE INJECTION

STATIONARY BUSHING

COLLECTING CHAMBER
CONDENSATE DRAIN

FIGURE 1 ***Author: Replacement caption was not provided***

0.003 in per inch (0.002 to 0.003 mm per millimeter) of the shaft diameter within a solid
stainless steel (typically 12 percent chrome) stationary bushing installed in the pump cas-
ing end cover. Grooved serrations are applied to the hardened stainless steel rotating sur-
face (usually a shaft sleeve) or to the stationary bushing or to both rotating and stationary
surfaces to effect a high throttling action or stuffing box leakage reduction.

The serrations create a more effective pressure breakdown than a smooth axial surface
and enable increased running clearances to let foreign particles, such as grit, pass through
or flush out in the grooves. The increased clearances also enable more tolerance for any
displacement between rotating and stationary components that might result from assem-
bly misalignment or from distortions induced by transient temperatures. The grooved run-
ning surface area at clearances is greatly reduced relative to that of a smooth axial
surface, and therefore possible metal surface contact between rotating and stationary
parts is reduced during transient operations.

Seal leakage could be reduced by decreasing the running clearance in the injection
seal, but the smaller clearance would limit the capability of the serrated seal to conform
to radial shaft movement. Reduced clearances in any injection seal design may lead to
problems with thermal distortions caused by a loss of available cool injection water and
may also increase galling by particles trapped in the seal running fits.

FLOATING RING DESIGN

A segmented throttle bushing made of many floating rings will enable conformity with the
radial shaft movement and smaller running clearances to reduce seal leakage. The con-
struction of a floating ring stuffing box (see Figure 2) varies from one pump manufacturer
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FIGURE 2 Floating ring seal design with shaft sleeve. Pegs prevent rotation of spring-loaded rings but let them
float radially. (From Power, August 1980, McGraw-Hill, New York, copyright 1980)

to another, but the unit basically consists of a stack of hardened, martensitic stainless steel
rings (typically 17 percent chrome), instead of a stationary bushing. The rings run against
a smooth, hardened, martensitic stainless steel (typically 12 to 17 percent chrome) rotat-
ing shaft sleeve surface.

The separate rings are all contained within a housing installed in the pump casing end
cover. Each ring is loaded against an adjacent stainless steel ring spacer so that a sta-
tionary seal is produced in the axial direction, but the ring is still able to move radially
with the shaft. An axial loading of the rings is provided by hydraulic pressure during oper-
ation and by springs during idle pump periods. The rings are locked against rotation usu-
ally by pegs and/or a slot arrangement.

A small radial clearance, usually 0.001 to 0.0015 in per inch (0.001 0.0015 mm per mm)
of the shaft diameter, is provided between the rings and the shaft sleeve to provide an ade-
quate throttling of seal leakage across the limited number of seal rings. The length of each
ring varies with the diameter of the injection-type seal but is generally about 0.50 in (13
mm). The radial clearance enables a reduced injection flow but increases the sensitivity of
the seal to foreign particles in the seal leakage.

The individual seal rings are permitted to move radially (float), finding an equilibrium
running position relative to the shaft. The capability to float up to .016 in (.4 mm) radially
increases the tolerance for shaft misalignment as the shaft passes through the seal area. The
multiplicity of seal rings further reduces the effect of any angular displacement between the
rotating and stationary components that might arise from errors in the original assembly or
from distortions caused by temperature changes during pump load variations.

Some injection-type shaft seal designs use a combination of serrations and floating
rings in the same stuffing box. For either type of seal, careful maintenance during the
assembly or disassembly requires accurate alignment of the rotating and stationary com-
ponents as well as careful handling to avoid scratching the components. Cleanliness is of
utmost importance with shaft seals.

CONDENSATE INJECTION REQUIREMENTS

Because boiler-feed and reactor-feed pumps normally have high feedwater temperatures,
250 to 500°F (120 to 260°C), with consequent vapor pressures higher than external atmos-
pheric conditions, the seal leakage must be cooled to avoid flashing in the stuffing box or
outside the pump. This cooling is usually accomplished by injecting cold condensate from
a power plant condensate pump directly into the seal to cool the stuffing box components
as well as the seal leakage.

The amount of condensate injection water required will depend on several factors,
including (1) whether the design is a serrated or floating ring, (2) the type of seal control
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system, (3) the diameter, clearance, and rotating speed of the running fit, and (4) the inter-
nal pump pressure and temperature. A typical example of stuffing box flows would be a
5500-rpm, boiler-feed pump with a temperature-controlled seal system (described later)
and a serrated 5-in (127-mm) diameter running seal with about 0.015 inches (0.38 mm) of
diametrical clearance. The approximate flows would be as follows:

1. Total injection per seal: 5 to 15 gpm (0.3 to 1.0 I/s)
2. Leakage from internal pump to seal: 0 to 5 gpm (0 to 0.3 I/s)
3. Drainage from each seal: 8 to 20 gpm (0.5 to 1.3 I/s)

Given a seal with a floating ring design (having typically half the clearance of seals with
a serrated bushing design), the previous conditions would require only 50 to 60 percent of
the injection water needed by the serrated bushing design with the larger clearance.

During pump standby periods, higher injection and leakage flows are required because
of reduced seal throttling caused by low or zero speed, by high internal pump pressures,
or by a pump balance device that induces higher internal leakage during standby. The
injection flows to both stuffing boxes on a multistage pump may not be the same as a
result of pump balance action at one end of the pump.

Cold condensate, 85 to 110°F (30 to 45°C), is usually available from the power plant
condensate pump or secondary condensate booster pump discharge. The variation in con-
densate supply pressure relative to internal boiler-feed pump pressure makes it necessary
to use injection control systems for satisfactory seal operation.

Condensate injection systems vary to accommodate the wide range of pressures and
temperatures found in different power plant feedwater system layouts. The four basic
types of injection flow systems are (1) manual, (2) differential pressure-controlled, (3) dif-
ferential temperature-controlled, and (4) constant drain temperature control.

Manual System Manual flow control requires setting and readjusting a valve by hand
for each stuffing box each time a change occurs in pump operating conditions due to vary-
ing plant loads. Although it is possible to use such a control system, it is not usually rec-
ommended because of the inability to automatically compensate for rapid changing
conditions.

Differential Pressure-Controlled System The differential pressure-controlled shaft
seals operate as cold condensate maintained at a pressure greater than boiler-feed pump
suction is injected into the central portion of the seal. By maintaining an injection pres-
sure above the pump seal chamber pressure, a small portion of this injection water flows
into the pump proper, and most of the injected water flows out of the seal into a collection
chamber adjacent to the pump bearing bracket. The leakage in the collection chamber,
which is vented to the atmosphere, is drained by gravity for an eventual return to the
main feedwater system.

The differential pressure-controlled system has a pneumatic injection control valve.
This valve in the condensate injection line is governed by an air signal received from a dif-
ferential pressure control monitor that maintains the preset pressure differential, 10 to
25 1b/in? (70 to 170 kN/m?), between the injection pressure and the internal pump pres-
sure. This system is not always favored, however, because of a feedback instability ten-
dency resulting from operating pressure changes affecting the valve position, which
changes pressure, and so on. Another unfavorable factor for hot-water service is the intro-
duction of cold condensate into a hot pump at all times, including pump idle periods, affect-
ing pump prewarming conditions.

Differential Temperature-Controlled System The differential temperature-controlled
system operates by maintaining a seal drain temperature differential of 25°F (14°C) above
the injection water temperature. The temperature differential ensures a continuous out-
leakage of hot boiler feed water. The hot out-leakage is desirable, ensuring that cold water
cannot be injected into the pump and thus eliminating thermal distortions that occur with
the differential pressure-controlled system. The valve controllers are identical to the con-
trollers used for the differential pressure-controlled system.
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FIGURE 3 Temperature-controlled system regulating condensate injection to feed pump shaft seals

Constant Drain Temperature-Controlled System The constant drain temperature-
controlled seal system (see Figure 3) controls hot out-leakage by throttling the injection
flow to maintain a preset seal drain temperature. This system has a temperature-sensing
probe in each seal drain line. Each probe is connected to an indicating temperature con-
troller, which provides an air signal to a pneumatic control valve in the condensate injec-
tion line for control of the seal injection flow rate. Electronic control systems are often used
where thermocouples or RTD’s sense drain temperatures. The signal output is then
processed through an I/P controller that adjusts the position of the pneumatically operated
throttle valve as required.

The cold condensate is injected into the stuffing box central portion and allowed to mix
with hot water entering the seal from inside the pump. The drain temperature is main-
tained at a preset 140 to 150°F (60 to 66°C) to preclude flashing in the stuffing box or in
the drains. Note that with this system some hot water enters the seal. Therefore, cold con-
densate does not enter the hot pump and does not adversely affect pump warming condi-
tions, especially during extended idle periods. The required condensate injection pressure
is at least equal to the internal stuffing box pressure plus interim frictional loss between
the condensate supply source and the point of hot-water mixture. Note that this system
may enable satisfactory operation even when the condensate supply pressure is nearly
equal to boiler-feed pump suction pressure. In addition to providing a rapid response to
variations in operating pump conditions, this type of control will always supply just
enough injection water to maintain the recommended drainage temperature.

Intermediate Leakoff System The intermediate-leakoff shaft seal system (see Figure
4) has many variations but basically uses a bleedoff from a central portion of the stuffing
box. This system may be used to reduce internal stuffing box pressure if high boiler-feed
pump suction pressure exists. To create a positive leakoff flow, the intermediate bleedoff
flow is piped back to a plant feedwater system low-pressure point, such as a plant con-
denser, heater, or booster pump suction where the pressure is less than the boiler-feed
pump suction pressure. However, the back pressure of the leakoff destination must be
above the bleedoff vapor pressure to suppress flashing in the leakoff lines. This back pres-
sure may be the leakoff destination pressure or may be created by an orifice or a valve.
Cold condensate injection into the stuffing box is controlled by a pressure differential
monitor maintaining a preset pressure above the bleedoff pressure (refer to Figure 4). A
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FIGURE 4 Typical intermediate-leakoff shaft seal system. (From Power, September 1980, McGraw-Hill, New
York, copyright 1980)

stuffing box drain temperature control can also be used. Note that the cold condensate
injection pressure need not equal or overcome a high feed pump suction pressure. The con-
densate injection temperature must still be 85 to 110°F (30 to 45°C) to keep the drain tem-
perature below the flashing condition. Condensate injection shaft seals without an
intermediate bleedoff but that are subject to suction pressures in excess of about 250 1b/in?
(1725 kN/m?) must be extremely long for a proper pressure breakdown. Longer shaft seals
require thicker pump case end covers, affecting pump cost, and a longer rotating element,
which could adversely affect rotor dynamics. The intermediate-leakoff shaft seal is effec-
tive where there is high feed pump suction pressure imposed by boiler-feed booster pumps
or in a closed feedwater system with no deaerating open heater, wherein a condensate
pump discharge can be fully imposed on the feed pump at low plant loads.

In plant systems with feedwater heaters between a booster pump and a feed pump, a
high pressure condensate from the cooler booster pump is injected into the seal to enable
a cooler intermediate leakoff to help prevent flashing (refer to Figure 2).

INJECTION SOURCES

Many power plant feedwater systems with deaerating direct-contact heaters (open cycle)
usually have the boiler-feed pump drawing water directly from the deaerator. These open
cycles with constant-speed condensate pumps always have cold condensate supply pres-
sures in excess of boiler-feed pump suction pressure because of the increased available
condensate pump head at low system flows and the interim system frictional loss at high
system flows.

If a boiler-feed booster pump or a closed feedwater system with no open heaters and
resultant higher boiler-feed pump suction pressures is used, the pump manufacturer may
elect to require condensate injection seal water booster pumps or may use an intermediate-
leakoff packless shaft seal with a condensate injection overcoming only the intermediate
leakoff pressure. If the condensate pumps are variable-speed units that enable the con-
densate injection pressure to drop to an equal feed pump suction pressure at low loads with
little or no feedwater system frictional drop, then condensate injection seal water pumps
are required. In this situation, at least one pump manufacturer offers an optional pumping
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ring configuration in their packless seal that can increase the seal water pressure in the
stuffing box to overcome any pump suction pressure.

AUXILIARY EQUIPMENT

The condensate injection piping should be conservatively sized based on the maximum
injection flow requirements to obtain a low pressure drop between the injection source and
the seal injection control valve. These control valves may be equipped with limit stops to
prevent full closure and enable a continuous cool injection to the seals under almost all
operating conditions. In some installations, isolating lines are furnished around the valves
to enable a continued injection flow even during control valve maintenance. The valves can
also be designed to remain open during a failure, such as a loss of station air to the pneu-
matic controls, and to close only with an air supply. Injection control systems that are not
properly maintained might result in cold water entering a hot pump. Should this problem
occur while a boiler feed pump is in the hot standby mode or when turning gears, thermal
gradients will occur, leading to contact among the close running fits within the pump.
Proper maintenance and operation of the injection control systems is necessary to ensure
reliable operation of the pump itself. The air supply filter regulators for each control must
be furnished with relatively dry clean air at station supply pressure.

The condensate injection supply to the seals must be clear and free of foreign matter
to prevent damage to stuffing box components. It is therefore necessary to install filters in
the injection line prior to the control valve. To keep damaging fine mill scale, oxide parti-
cles, abrasives, and other materials from entering the small seal clearances, several pump
manufacturers recommend 100-mesh (150-micron) dual strainers. If dual strainers with
isolating valves are used, each filter can be cleaned without interrupting injection flow
during pump operation. Pressure gages should be installed before and after each filter to
permit the operator to monitor filter pressure drop. A differential pressure switch and
alarm for each filter are preferable to alert the operator to clean the strainer when pres-
sure drop becomes excessive.

The condensate injection shaft seals should always be filled with cool water before and
during pump operation, even during reverse pump rotation. Some pump manufacturers
stipulate that condensate injection must be continuous without any interruption during
all operation modes.

The clearances in the condensate injection shaft seal may double over the service life
of the internal wearing parts. With double clearances, the leakage will approximately dou-
ble. This factor should be considered when sizing the return drain piping back to the plant
condenser if frictional losses are to be kept to a minimum. The drain line should be pitched
at least a quarter-inch per foot (20 mm per meter). The collecting chamber at the pump
stuffing box is vented to the atmosphere, and the only head available to evacuate the
chamber is the static head between the pump and the point of return. This head must
always be well in excess of the frictional losses (even after the leakage is doubled). Other-
wise, the drains may back up, the collection chambers may overflow, and the adjacent
bearing brackets may flood, with subsequent possible intrusion of water into the pump
bearings and lubricating oil.

The seal collection chambers have especially large connections to assure proper
drainage, provided no back pressure exists. Two types of condensate drain systems can be
used to dispose of the drain coming from the collecting seal chambers. One system uses
traps that are piped directly to the plant condenser if sufficient static head exists for pos-
itive drain flow. The second system collects the drain in a condensate storage tank into
which various other drains (from other pumps shaft seals and so on) are also directed. As
this vented storage tank is under atmospheric pressure, it must be set at a reasonable ele-
vation below the pump centerline so that the static elevation difference will overcome fric-
tional losses in the drain piping. A separate condensate transfer pump, under control of
the storage tank liquid level control system, can then pump the condensate drains from
the storage tank into the plant condenser. The storage tank should have its own overflow
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protection system that enables outside drainage if, for some reason, proper drainage can-
not be achieved. For example, the top of the tank vent pipe should be below the pump cen-
terline to help preclude the possibility of drainage backing up to the level of the pump seal
collection chambers. Note that this storage tank should also be large enough for an ade-
quate drainage collection to help prevent backups.

PACKLESS SHAFT SEALS WITHOUT INJECTION

The packless shaft seals that have been so successfully applied to boiler-feed, reactor-feed,
and booster pump services are applicable to a number of other services. For instance, they
are very suitable for cold-water condensate booster pumps and for high-pressure pumps
applied to hydraulic descaling or hydraulic press work. In such services, there is no need
to bring in an injection supply water to the breakdown seals (unless the pumped water is
not clear and free of gritty material), because the water handled by the pump is already
cold with no danger of flashing as it leaves the pump stuffing boxes.
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PRINCIPLES OF OPERATION

A journal bearing is essentially a viscous pump, and it derives load capacity by pumping
the lubricant through a small clearance region. In Figure 1, the fluid is dragged along by

FEED GROOVE

77 NEGATIVE PRESSURE
OR AMBIENT PRESSURE
DUE TO CAVITATION

LINE QF
CENTERS
POSITIVE
PRESSURE

Y = ATTITUDE ANGLE

FIGURE 1 Two-groove cylindrical bearing.
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the rotating journal. To generate pressure, the resistance to pumping must increase in the
direction of the flow. In the figure, the journal moves to form a converging tapered clear-
ance in the direction of the rotation or flow.

The eccentricity e is the total displacement of the journal from its concentric position.
The attitude angle y in Figure 1 is the angle between the load direction and the line of cen-
ters. Note that, because of the necessity to form a converging wedge, the displacement of
the journal is not along a line that is coincident with the load vector. A positive pressure
is produced in the converging region of the clearance. Downstream from the minimum film
thickness, which occurs along the line of centers, the film becomes divergent. The resis-
tance decreases in the direction of pumping, and either negative pressures occur or the air
in the lubricant gasifies or cavitates and a region of atmospheric pressure occurs in the
bearing area. This phenomenon is known as fluid film bearing cavitation. It should be
clearly distinguished from other forms of cavitation that take place in pumps, such as in
the impeller, for example. Here the fluid is traveling at a high velocity and the inertia
forces on each fluid element dominate. Implosions occur in the impeller and can cause
damage.

In a bearing, the viscous forces dominate and each fluid particle moves at a constant
velocity in proportion to the net shearing forces on it. Thus, cavitation in a bearing is more
of a change of the phase of the lubricant that occurs in a region of lower pressure that per-
mits the release of entrained gases. Generally, bearing cavitation does not cause damage.

Regimes of Lubrication Whether or not a fluid film can be formed, journal rotation is

dependent on several factors including the surface speed, viscosity, and load capacity. A

parameter! is often used to determine a particular regime of lubrication, ZN/P, where
Z = viscosity of lubricant, cP (Pa - s)

N = rotating speed, rpm

P, = average pressure of the bearing, Ib/in? (bar)*

A plot of the coefficient of friction versus ZN/P generally has the form shown in Fig-
ure 2. At low values of ZN/P, a combination of viscosity, speed, and load places a bearing
in a boundary lubricated regime where typical coefficients of friction are 0.08 to 0.14.
Boundary lubrication implies intimate contact between the opposed surfaces. As the value
of the parameter increases as a result of the increased speed, increased viscosity, or low-
ered load, there is a dramatic reduction in the coefficient of friction. In this region, there
is a mixed film lubrication and the coefficient of friction varies between 0.02 and 0.08. By
mixed film lubrication, it is meant that the journal is partly surrounded by a fluid film and
is partly supported by rubbing contact between the opposed members. As ZN/P increases

BOUNDARY
FRICTION
015 4

COEFFICIENT
OF FRICTION

G.aa

MIN, FLUID
FRICTICN

FIGURE 2 Coefficient of friction versus ZN/P (Ref. 1).

#1 bar = 10° Pa. For a discussion of bar, see “SI Units: A Commentary” in the front matter.
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further, a situation of full fluid film lubrication prevails.

A general rule of thumb is that ZN/P should be 30 (0.44) or greater for a fluid film to
be generated. Note that as ZN, /13 continues to increase beyond the full film demarcation,
the coefficient of friction rises, but at a relatively low rate and generally remains in regions
of low coefficients of friction.

EXAMPLE

Z =30cP (0.03Pa-s)
N = 150 rpm

P = 200 Ib/in? (13.6 bar)

ZN _ 30 x 150

P 200 22.5

The bearing is not fluidborne and is operating in the mixed film regime. At what
speed will the bearing become hydrodynamic? For hydrodynamic operations, ZN/P = 30.
Therefore,

_ 30P _ 30 X 200

N Z 30

= 200 rpm

THEORETICAL FOUNDATIONS

The foundation of a fluid film-bearing analysis emanates from the boundary layer theory
of fluid mechanics. The governing differential equation was first formulated by Osborne
Reynolds in 1886 and is known as Reynolds’ equation in his honor. It has been only in the
last 30 years or so that general solutions have been obtained, and this has been primarily
due to the use of numerical methods applied to the digital computer. References 2 and 3
go into the details of contemporary numerical solutions and are recommended for those
interested in the analytical aspects of lubrication.

Principal Assumptions Reynolds’ equation can be derived from the Navier-Stokes
equation of fluid mechanics, and a number of textbooks are available that comprehen-
sively describe the derivation.* The primary assumptions are as follows:

e Laminar flow conditions prevail, and the fluids obey a Newtonian shear stress
distribution where the shear stress is proportional to the velocity gradient.

e Inertial forces, resulting from acceleration of the liquid, are small relative to the viscous
shear forces and may be neglected.

e The pressure across the film is constant since the fluid films are so thin.

e The height of the fluid film is small relative to other geometric dimensions, and so the
curvature of the fluid film can be ignored.

e The viscosity of the liquid remains constant. In most cases, this is a reasonable assump-
tion since it has been repeatedly demonstrated that, if the average viscosity is used, lit-
tle error is introduced and the complexity of the analysis is considerably reduced.

Derivaton of Reynold’s Equation of Lubrication Assume that the rotating journal
has a peripheral velocity U. Consider an elemental volume in the clearance space of the
bearing and establish equilibrium (see Figure 3). Note that since inertial forces are
neglected, the volume is in equilibrium by the pressure and shear forces acting upon it,
so there is no acceleration. As shown in Figure 4, p is the pressure and 7 is the shear stress
acting upon the volume. Summing forces in the x direction
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FIGURE 3 Fluid control volume.

FIGURE 4 Force equilibrium on fluid element.

FIGURE 5 Laminar velocity distribution across film.
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For a Newtonian fluid in a laminar flow, the shear stress is directly related to the veloc-
ity gradient with the proportionality constant being the absolute viscosity u (see Figure 5):

(3)

where v is the fluid velocity. Substituting Equation 3 into Equation 2, we obtain

o
6xp“

ay2

Integrating with respect to y twice produces the following equation:

4)

_1 Y

Max2+C]y+C2 (5)

where C, and C, are constants of integration. The boundary conditions are

v=0,y=0and

(6)
u,y=nh

v
Substituting the boundary conditions of Equation 6 into Equation 5 results in the fol-
lowing expression for v:

1 p
b=

2 _ 12 wy
% w W TRy

(7
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The velocity in the z direction would be similar, except that the surface velocity term
would be omitted because no surface velocity exists in the z direction. In addition, the pres-
sure gradient would be with respect to z.

Now let us consider the flow across the film due to this velocity. Note that Equation 7 is
the velocity computed in the x direction, which is in the direction of rotation of the journal:

h h
1 dp uy
.= vxd:J{ff 2 — h¥%y) + = |d (8)
q L Y= L2 Pl y) 5 |dy
After integrating,
__ 1 9,y 1
g, = 12 axh +2uh 9)

Note that g, is the flow per unit width across the film. The flow in the axial direction is

_ 1 94
%= " 1oy % 10
Now let us consider a flow balance through an elemental volume across the film (see
Figure 6). The net outflow through the volume equals the net reduction in volume per
unit time:

q+%dx dz — q,dz + q+%dz dx — q dx=—%dxdz 1D
T ox * 2 0z z ot
Thus, this gives us
99, 9q.  oh
ax ez ot 12)
Substituting Equations 9 and 10 into Equation 12, we obtain
_9 (1 55\ 9 ( 1 3P\ _ _oh _u dh
ax (12Mh ax> 0z (12#}‘ 0z) a2 ox (13
and the final equation becomes
a (h® dp a (h® o\ . oh oh

Equation 14 is the general form of Reynolds’ equation used for laminar, two-
dimensional lubrication problems.

Reynolds’ equation is a flow balance equation. The left-hand side represents pressure-
induced flows in the x and z directions through the differential element. The first term on
the right-hand side represents the shear flow of the fluid induced by the surface velocity
of the journal u. Note that this term contains the derivative of clearance with respect to
distance. If this term is zero, then there is zero pressure produced by hydrodynamic action,

/qx
l ~“ L-h
Q™o N PR
g x ! Iy
3
//// dz
-

Gz t{dayfad)de  dx

FIGURE 6 Flow balance across control volume.
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and the term oh/ox is the mathematical representation of the tapered wedge. The second
term on the right-hand side refers to a time rate of change of the film thickness, which can
be translated to a normal velocity of the center of the journal. It produces pressure by a
fluid velocity normal to the bearing surfaces that attempts to squeeze fluid out of a
restricted clearance space. This phenomenon is called the squeeze film effect in bearing
terminology. Since it is proportional to the velocity of the center of the journal, it is the phe-
nomenon that produces viscous damping in a bearing.

The solution to Reynolds’ equation (refer to Equation 14) provides the pressure at all
points in the bearing. The application of the digital computer has enabled a rapid solution
of Reynolds’ equation over a grid network representing the bearing area.??

Once the pressures have been obtained, a numerical integration is applied to deter-
mine the performance parameters (in other words, the load capacity):

w = ijrde dr (15)

The flow across any circumferential line is

_d(- 1 P 5 1
Qo = %( 120 700 h®+ 3 uh) dz (16)
The flow across any axial line is
— _ L a£ 3
qz = j(< 120 5 h >rd0 an

The viscous frictional moment is obtained by integrating the shear stress over the area
and can be shown to be

_ ([t A waol,
Mf—J’f{r 0 2-&— h }rdf)dz 18)

where w = journal surface speed, rad/s.
Typical computer program output includes the following:

e Pressure distribution throughout the grid network
e Load capacity

e Side leakage and carryover flows

e Viscous power losses

e Righting moments due to misalignments

e Attitude angles

e Cross-coupled spring and damping coefficients due to displacements and velocity per-
turbations of the journal center

e Clearance distribution

Turbulence Equation 14 is for laminar conditions. For very high speed bearings, oper-
ations beyond the turbulent regime may occur and Reynolds’ equation must be modified.
The turbulent theory has been developed, and the literature on this topic can enable per-
formance predictions for turbulent bearings.>¢

The onset of turbulence is determined by examining the bearing’s Reynolds number,
which is the ratio of inertia to viscous forces and is defined as
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Re = — (19)

where Re = Reynolds number
p = fluid density, 1b - s¥in* (kg/m?)
u = surface velocity, in/s (m/s)
h = local film thickness, in (m)
u = viscosity, 1b - s/in?(Pa - s)

A reasonable approximation is to use the concentric clearance ¢ for 4. In terms of N
rpm and journal diameter D, the Reynolds number is

Re = p% ¢ (20)

The criterion for turbulence in journal bearings is that Re = 1000.

EXAMPLE As an example, consider the following:

Journal diameter D = 5 in (127 mm)

Bearing length L = 5 in (127 mm)

Radial clearance ¢ = 0.0025 in (0.064 mm)

Operating speed N = 5000 rpm

Lubricant viscosity u = 2 X 10 ¢1b - s/in? (14 X 10 % Pa - s)

Lubricant density p = 7.95 X 10 °1b - s?/in*(8.66 X 10 ! kg - s*/mm*)

Re = pLé)ON i

— 795 x 10-5 x TX5 X 5000 0.00251 _ 130
60 2 x 10°¢

Thus, the bearing is operating in the laminar regime. To become turbulent (assum-
ing constant viscosity), the operating speed would have to increase to approximately
38,500 rpm.

The example cited is for a relatively high-speed, oil-lubricated bearing for pump appli-
cations. In general, most pump bearings operate in the laminar regime. Exceptions might
occur when water is used as tbe lubricant because it its much less viscous than oil.

Evaluation of Frictional Losses 1t is often desirable to obtain a quick estimate of vis-
cous drag losses that the journal bearings produce. If we consider shear forces again, we
return to the laminar flow equation:

F=pAt @1

where F = viscous shear force, Ib (N)
p = viscosity, Ib - s/in?(Pa - s)
A = surface area, in? (m?)
u = journal velocity, in/s (m/s)
h = film thickness, in (m)

To obtain friction, we multiply both sides of Equation 21 by the journal radius R. Then
the viscous frictional moment is

M =pAR
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The frictional horsepower loss is

NM

FHP = &5 000

where N = rotating speed, rpm
M = moment, 1b - in (N - m)

Also

A = surface area of bearing = wDL, in? (m?)

u = surface speed = Trg)N in/s (m/s)

Substituting, we obtain
(22)

In obtaining approximate losses for estimation purposes, the concentric clearance c is
substituted for the local film thickness A.

If we consider the previous example where D = 5 in (127 mm), L = 5 in (127 mm), ¢ =
0.0025 in (0.064 mm), N = 5000 rpm, and . = 2 X 107¢1b - ¢/in?(14 X 1073 Pa - s), the
horsepower loss is

(2 X 1075)(5)(5)%(5000)>

FHP = 66.000)0.0025) 1032 hp

Note that for thrust bearings, the frictional horsepower loss is

wN* op* — ID*

FHP =
h  6.127 x 10°

(23)

where OD = outside diameter
ID = inside diameter

A general rule of thumb is that the frictional horsepower in a thrust bearing is approx-
imately twice that in a journal bearing.

BEARING TYPES

Cylindrical Bearing The most common type of journal bearing is the plain cylindrical

bushing shown schematically in Figure 1. It can be split and have lubricating feed grooves

at the parting line. A ramification is to incorporate axial grooves to enable better cooling

and to improve whirl stability (described in more detail below in the discussion of cylin-

drical bearings with axial grooves). The principle advantages of cylindrical bearings are (1)

simple construction and (2) a high-load capacity relative to other bearing configurations.
This type of bearing also has several disadvantages:

e Whirl Instability: This is prone to subsynchronous whirling at high speeds and also at
low loads. Whirling is an orbiting of the journal (shaft) center in the bearing, a motion
that is superimposed upon the normal journal rotation. The orbital frequency is
approximately half the rotating speed of the shaft. The expression half-frequency whirl
is commonly used. The reason for the occurrence of this whirl and more details
concerning bearing dynamics are presented in the section on bearing dynamics.

e Viscous Heat Generation: Because of the generally large and uninterrupted surface area
of this bearing, it generates more viscous power loss than some other types.
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e Contamination: The cylindrical bearing is more susceptible to contamination problems
than other types because contaminants that are dragged in at the leading edge of the
bearing cannot easily dislodge because of the absence of grooves or other escape paths.

The advantages of simplicity and load capacity make the plain journal a leading can-
didate for most applications, but performance should be carefully investigated for whirl
instability and potential thermal problems. Cylindrical bearings are generally used for
medium-speed (500 in/s [200 mm/sec] surface speed) and medium- to heavy-load applica-
tions (250 to 400 1b/in? [17 to 28 bar] on a projected area).

Cylindrical Bearing with Axial Grooves A typical configuration of this type of bear-
ing is a plain cylindrical bearing with four equally spaced longitudinal grooves extending
most of the way through the bearing. Usually, a slight land area exists at either end of
the groove to force the inlet flow to each groove into the bearing clearance region (see Fig-
ure 7), rather than out the groove ends. This configuration is a little less simple than the
plain cylindrical bearing, and because the grooves consume some land area, this configu-
ration has less load capacity than the plain bushing. Since oil is fed into each of the axial
grooves, this bearing requires more inlet flow but also will run cooler than the plain bush-
ing. The grooves act as convenient outlets for any contaminants in the lubricant, and thus
the grooved bearing can tolerate more contamination than the plain cylindrical bearing.

In general, this bearing can be considered as an alternate to a plain bearing if the for-
mer can correct a whirl or overheating problem.

Elliptical and Lobe Bearings Elliptical and lobe bearings have noncircular geometries.
Figure 8 shows two types of three-lobe bearings with the clearance distribution exagger-
ated so that the lobe geometry is easily discernible. An elliptical bearing is simply a two-
lobe bearing with the major axis along the horizontal axis.

The lobe bearing shown in Figure 8a is a symmetric lobe bearing where the minimum
concentric clearance occurs in the center of each lobed region. Thus, at the leading edge
region, a converging clearance produces positive pressure, but downstream from the min-
imum film thickness, a divergent film thickness distribution can be found with resulting
negative, or cavitation, pressures.

The canted lobe in Figure 8b, on the other hand, generally develop positive pressure
throughout the lobe because the bearing is constructed with a completely converging film
thickness in each lobed region. This design has excellent whirl resistance (superior to that
of the symmetric lobe bearing) and a reasonably good load capability. A 2:1 ratio between
leading and trailing edge concentric clearance is generally a reasonable compromise with
respect to performance.

Elliptical and lobe bearings are often used because they provide better resistance to whirls
than cylindrical configurations. They do so because they have multiple load-producing pads
that assist in preventing large-attitude angles and cross-coupling (see the section on bearing
dynamics). Elliptical and lobe bearings are generally used for high-speed, low-load applica-
tions where whirls might be a problem.

FIGURE 7 Cylindrical bearing with axial grooving.
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FIGURE 9 Five-pad tilting pad bearing.

Elliptical, or two-lobe, bearings generally have poor horizontal stiffness because of the
large clearances along the major diameter of the ellipse. The split elliptical configuration,
however, is easier to manufacture than the other types because it is two cylindrical bear-
ing halves with material removed along the parting line. Lobe bearings are usually clear-
ance- and tolerance-sensitive. The other types of lobe bearings are complicated to
manufacture.

Tilting-Pad Bearings Tilting-pad bearings are used extensively, especially in high-
speed applications, because of their whirl-free characteristics. They are the most whirl-
free of all bearing configurations.
An important geometric variable for tilting-pad bearings is the preload ratio, defined
as shown in Figure 9.
The preload ratio equals
c—c c

=1-— (24)
c c

Preload ratio = PR =

where ¢ = machined clearance
¢’ = concentric pivot film thickness

The variable ¢’ is an installed clearance and is dependent upon the radial position of
the pivot. Figure 10 displays two pads. Pad 1 has been installed such that the preload ratio
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FIGURE 10 Tilting-pad bearing preload.

is less than one. For pad 2, the preload ratio is one. The solid line represents the position
of the journal in the concentric position. The dashed portion of the journal represents its
position when a load is applied to the bottom pads (not shown). Pad 1 is operating with a
good converging wedge, even though the journal is moving away from it. Pad 2, on the
other hand, is operating with a completely diverging film, which means that it is totally
unloaded. Thus, bearings with installed pad preload ratios of one or greater will operate
with unloaded pads, which reduces overall stiffness of the bearing and results in a deteri-
oration of stability because the unloaded pads do not aid in resisting cross-coupling influ-
ences. In the unloaded position, they are also subject to flutter instability and to a
phenomenon known as leading edge lockup, where the leading edge is forced against the
shaft and is maintained in that position by the frictional interaction of the shaft and the
pad. This is especially prevalent in bearings that operate with low-viscosity lubricants,
such as gas or water bearings. Thus, it is important to design bearings with preload,
although for manufacturing reasons it is common practice to produce bearings without
preload.

Tilting-pad bearings have some other characteristics that are both positive and negative:

e They are not as clearance-sensitive as most other bearings.

e Because the pads can move, they can operate safely at a lower minimum film thickness
than other bearings.

e They do not provide as much squeeze film damping as rigid configurations.

e Generally, they are more expensive than other bearings.

e For high-speed applications, their pivot contacts can be subjected to fretting corrosion.

Hybrid Bearings A hybrid bearing, schematically shown in Figure 11, derives a load
capacity from two sources: (1) the normal hydrodynamic pressure generation and (2) an
external high-pressure supply that introduces oil into recesses machined into the bearing
surface via restrictors (orifices or capillaries upstream of the recesses). External pressure
significantly enhances load capacity. Also, these bearings have excellent low- or zero-speed
load capabilities. They are sometimes used as startup devices to lift off the rotor. When
self-sustaining hydrodynamic speeds are attained, the external pressure is shut off. The
characteristics of externally pressurized, or hybrid, bearings include the following:

e High load and stiffness capabilities
® An external flow that assists in cooling
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FIGURE 11 Cross-coupling influences in hybrid bearings.

e Their clearances and tolerances are generally more liberal than in hydrodynamic bearings
e They require external fluid-supply systems

e They are applied when there is not a sufficient generating speed or when a high-load
capacity and stiffness are required

e They are sometimes applied to prevent a whirl, but rotational speeds can unbalance
recess pressures, introduce cross coupling, and promote a whirl.

STEADY STATE PERFORMANCE

Computer-generated performances have been obtained for most of the bearing types pre-
viously discussed. Information has been plotted in a nondimensional format so that no
restrictions exist on operating conditions, lubricant properties, and so on. Use of the charts
will be subsequently demonstrated by numerical example.

Viscosity One of the key parameters in determining the performance of a bearing is
the lubricant viscosity. Viscosity characteristics of commonly used Society of Automotive
Engineers (SAE) grades of oil are shown in Figure 12. The units of viscosity are
microreyns, where the reyn has the units of 1b - s/in? and comes from the ratio of shear
stress to the velocity gradient across the film, as indicated by Equation 21. Other units of
viscosity are centipoises, Saybolt seconds universal (SSU), and centistokes. The conversion
factors are as follows:

u(reyns) = Z X 1.45 X 1077 (25)

180
SSU

Z(centiposes) = v(centistokes) X SG (sp. gr.) 27

v(centistokes) = 0.22 (SSU) — (26)
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FIGURE 12 Viscosity characteristics for SAE oil grades.

Performance Curves Performance plots have been generated for the following types of
bearings:

e Two-groove cylindrical bearings

o Symmetric three-lobe bearings: Each lobe is offset such that in the concentric position
the minimum film thickness in the center of each lobed region is half the machined
clearance c (see definition following). The pads are each 110° in the angular extent.

e Canted three-lobe bearing: The lobing is canted such that in the concentric position the
leading edge clearance was twice the trailing edge and the trailing edge film thickness
(minimum) in the concentric position was 0.5¢ where ¢ equals the machined clearance.
The pads are each 110° in the angular extent.

e Tilting-pad bearing: The tilting-pad bearing that information is obtained for is a five-
pad bearing with a 60° pad and a preload ratio of 30 percent.

Two length/diameter ratios are examined for each type of bearing: L/D = 0.5 and 1.0.
The definition of the nondimensional parameters is as follows:

W = nondimensional load parameter = wc?/6uwRL? (28)
P = nondimensional viscous power loss parameter = 1100cp/u(wRL)*  (29)
@ = nondimensional flow parameter = 2¢/0.26wRLc (30)

HM = nondimensional minimum film thickness = h;;/c (31)

where w = bearing load capacity, 1b (N) and

reference clearance (machined clearance = radius of bearing — radius of
shaft), in (mm)

absolute viscosity, reyns (Ib - s/in?) (cP)

= shaft or journal rotational speed rad/s

shaft radius, in (mm)

= bearing length, in (mm)

p = viscous power loss, hp (kW)

q = flow, gpm (m?h)

[
Il

i l=v SIS
[
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FIGURE 13 Performance characteristics for two-groove cylindrical bearings.
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FIGURE 14 Performance characteristics for three-lobe bearings.

inlet flow to the leading edge of bearing (for multipad bearings, equals the

sum of inlet flow to each pad), gpm (m?%h)

side leakage flow or flow out of the bearing ends (for multipad bearings,

equals the sum of side leakage flow of each pad), gpm (m?h)

minimum film thickness in bearing, in (mm)

Performance curves are shown in Figures 13 through 17.

At times, the nondimensional data can be confusing and lead to erroneous judgments.
For example, the nondimensional power loss P is greater for an L/D equal to 0.5 than for
an L/D equal to 1.0. However, when the dimensional value of the power loss is being com-
puted, the nondimensional value is multiplied by L?. Therefore, the power loss for the L/D
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FIGURE 15 Performance characteristics for canted three-lobe bearings.
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FIGURE 16 Performance characteristics for tilting-pad hearings.

equal to 1.0 will be, as expected, greater than for the L/D equal to 0.5. If the reader uses
the data as presented, the dimensional information will prove consistent.

To make comparisons among the bearings, using the nondimensional data is not
strictly proper because there may be slight inconsistencies in preloads, the bearings will
not be operating at the same average viscosity, and so on. Subsequently, dimensional data
derived from the performance curves will be compared, but comparisons of the nondi-
mensional information will provide an indication of performance parameters among the
bearings. Comparisons have been made at equal values of the load parameter W and the
results are shown in Table 1.

Comparisons of the different bearing types should be made only at the same L/D ratio
because of the anomalies (discussed above) of nondimensional parameters that occur at
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FIGURE 17 Performance characteristics for tilting-pad hearings.

TABLE 1 Comparative Results of Bearing Types at W = 0.2

L/D =0.5 L/D =1
Bearing type P HM @S QI P HM @S QI
Two-groove cylindrical 1.13 0.36 0.78 1.81 0.72 0.25 0.50 1.50
Three-lobe 1.80 032 079 185 105 022 022 165
Canted three-lobe 152 031 142 330 091 022 090 258
Tilting-pad 1.50 030 044 282 090 020 0.16 1.50

QI = nondimensional inlet flow = 2¢i/0.26 wRLc
QS = nondimensional side leakage flow = 2¢,/0.26 wRLc

different L/D ratios. If we assume that all the reference variables that go into the nondi-
mensional parameters are identical, we can establish the following conclusions:

e The two-groove cylindrical hearing has the highest film thickness and thus the highest
load capacity.

e The symmetric three-lobe bearing has the highest power loss.
e The canted three-lobe bearing has the greatest flow requirements.

Note that these comparisons were made on the basis of steady-state performances
only. The major reason for applying lobe and tilting-pad bearings is to avoid dynamic
instabilities.

Heat Balance Performance is based upon the assumption of a uniform viscosity in the
fluid film. Since the viscosity is a strong function of temperature and since the tempera-
ture rise of the lubricant due to viscous heat generation is not known a priori, an itera-
tive procedure is required to determine the average viscosity in the film. To determine an
average viscosity, there must be a simplified heat balance in the film. The assumption is
made that all the viscous heat generated in the film is absorbed by the lubricant as it flows
through the film and produces a temperature rise.



2.2.5 CENTRIFUGAL PUMP OIL FILM JOURNAL BEARINGS 2.263

P as/2, 1y

L] tay

!
$0s/2,

FIGURE 18 Heat balance in a fluid film.
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Figure 18 shows a developed view of the bearing surface and the parameters involved
with conducting the heat balance. The lubricant enters a pad or bearing at the leading
edge with an inlet flow ¢; and an inlet temperature ¢;. As the lubricant enters the bearing
surface and flows through it, the lubricant is exposed to a viscous shear, which adds heat
to the fluid. In Figure 18, the viscous shear is indicated as a power input p. Some of the
fluid flows out of the sides of the bearing, represented by ¢,/2, and some of the fluid, q., is
carried either over to the grooving of the next pad or back to the inlet groove for a single
pad bearing.

Although the fluid temperature, and thus the viscosity, changes along the length of the
pad, it is assumed that the temperature in the film increases to some value ¢, for both the
side leakage and carry-over fluids. Then the heat balance is conducted as follows:

Heat added to a fluid by a viscous shear equals heat absorbed by the fluid.

Heat added to fluid by viscous shear = heat absorbed by fluid

32
pJ = qspcp(tu - tl) = (Icpcp(tu - tl) = (qs + QC)pCp(tO - tl) ( )
Since by continuity of flow,
%=, +q. (33)
pd = q;pC,At (34)
pJ
At = (35)
qipCp
where p = viscous heat generation, hp
J = heat equivalent constant = 0.7069 Btu/hp - s (J/kg - s)
p = specific weight of flow, 1b/in? (kg/m?)
C, = specific heat of fluid, Btu/lb - °F (J/kg - °C)
q; = bearing inlet flow, in%s (mm?s)
At = temperature rise, °F (°C)
If g;is in gallons per minute [(1 in¥/s = 0.26 gpm) = 16.39 cm?/s],
0.7069(0.26 0.1838
_ 7099026 _ 01838 (36)

qipCp qipCp

Before proceeding to a sample problem, a word about the flows g; and q,, and the general
heat balance philosophy. The flow required by the bearing to prevent starvation is g;. The
minimum make-up flow, or the flow that is lost from the ends of the bearing, is the side
leakage g,. Theoretically then, the only flow that need be supplied to the bearing is g,.
However, if this were true, then the heat balance formulation would require another bal-
ance between the carry-over flow g, at some temperature ¢, and the make-up flow g, com-
ing into the pad at temperature ¢,. It would be found that, if we supplied only ¢, to the
bearing, excessive temperatures would result. In most instances, the amount of flow sup-
plied to a bearing exceeds both the inlet flow and the side leakage flow by a significant
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margin. Designers often determine the flow to be supplied to a bearing system by a bulk
temperature rise of the total flow entering the inlet pipe and exiting the exhaust pipe.
Thus, the entire bearing is treated as a black box, and the total flow g, to the bearing sys-
tem for a given bulk temperature rise A¢, is

__pJ
- pC,At,

qr (37)

Normally, A¢, is selected between 20 and 40°F. Since g, will exceed g;, not all the flow
will enter the film. Some will surround the bearing or flow through the feed groove and act
as a cooling medium for heat transfer through the bearing walls or for cooling the fluid
that does enter the bearing surface g;.

EXAMPLE This example demonstrates the use of the design curves and how to perform
a simplified heat balance in a bearing analysis.
In this example, we know these values:

Bearing type: two-groove cylindrical

Bearing length L = 3 in (76 mm)

Bearing diameter D = 6 in (152 mm)

L/D=05

N = 1800 rpm; w = 1800 X 7/30 = 188.5 rad/s
Bearing load o = 6000 1b (2721 kg)

Inlet temperature ¢, = 120°F (49°C)

Lubricant = SAE 20

Bearing radial clearance ¢ = 0.003 in (0.076 mm)

NOTE: A general rule of thumb is that ¢/R = 0.001.
Assume an average lubricant temperature of 130°F — n (SAE 20 at 130°F) = 4.5 X
10 ¢ reyn (Ib - s/in?) (31 X 102 Pa - s)

p = 0.0307 1b/in®(849.7 kg/m?) (average value for most oils)
C, = 0.5Btu/lb-F° (2093 J/kg - C°) (average value for most oils)

Compute the following:
2 6000)(0.003?
W= ( }6( ) - = 0.1309
6uwRL®  (6)(4.5 X 107°%)(188.5)(3)(3?)
From Figure 13 and Equation 29,
1100
P-10-—2
p(@RL)?
P (1)(4.5 X 107°)(188.5 X 3 X 3)* 399 ho (2,95 KW
- (1100)(0.003) =3.92hp (2 )
From Figure 13 and Equation 30,
2q;
Q=185 = S6wRLC
1.85)(0.26)(188.5)(3)(3)(0.003
q;, = ( X X D) JB)EX ) = 1.224 gpm (4.63 1/min)

From Equation 36,
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_01838p  (01838)3.92) oo,
T gpC,  (1.224)(0.0307)(0.5) (213G
Lt (4 A 26+ At (2)(120) + 38.85

a 2 2 2

= 139.2°F (59.6°C)

The assumed ¢,, of 130°F was apparently not high enough and therefore we must
repeat the calculations with a higher value of assumed t,,. Assume ¢,, = 138°F, u = 3.8 X
1078 1b - s/in?(26.2 X 1072 Pa - s) and repeat the calculations:

_ 5.8945 X 1077

w = 0.1552

P = 1.08 = (1.1466 x 10*6)<5>
"

(1.08)(3.8 x 1079)

= 7 = 3579 hp (2.6TkW

P =1 1466 x 10 Pl )
_ _ q;

Qr=183 = 0.6616

q; = 1.211 gpm (4.58 1/min)

At = 11.974 2 = QLITHBET) _ o oo b (1065 0
t= 1190 = 1211 =00 (19.65 C°)
(2)(120) + 35.38
by =~ = 13T.T°F (58.7°C)

For all practical purposes, these equal the assumed value of ¢,, = 138°F (58.9°C).
In conducting the iterative procedure for determining the average fluid temperature,
it is sometimes helpful to plot points on a viscosity chart. Referring to Figure 19, suppose
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FIGURE 19 Graphical determination of average viscosity for SAE 20 oil.
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point 1 is the resultant average viscosity and temperature of the initial guess and point 2
represents the result of the second guess. Then, by drawing a straight line between points
1 and 2 and establishing where it intersects the lubricant viscosity curve, we can deter-
mine the convergence to the proper result of average viscosity and temperature.

Now that we have convergence, we can determine the remaining variables, which are
the minimum film thickness H,,and side leakage Qg from Figure 13:

h
HM =041 = TM

Ry = (0.41)(0.003) = 0.00123 in (0.031 mm)

2q:. 4
0.260RLC ~ 0.6616

q, = (0.6616)(0.74) = 0.490 gpm (1.85 1/min)

QS =074 =

A summary of the total bearing performance is as follows:

Load @ = 6000 1b (2721 kg)

Minimum film thickness A, = 0.00123 in (0.031 mm)
Viscous power loss p = 3.579 (2.669 kW)

Inlet flow g; = 1.211 gpm (4.58 //min)

Side leakage ¢, = 0.490 gpm (1.85 /mm)

Fluid temperature rise A¢ = 35.38°F (19.65°C)

We can repeat the same calculation for the other types of bearings, using Figures 14
through 17. The results are shown in Table 2.

The two-groove cylindrical bearing operates with the highest film thickness. The sym-
metric three-lobe has the lowest film thickness and highest temperature rise. It appears
that, on the basis of steady-state performance, manufacture, and cost, the two-groove
cylindrical bearing is the best choice.

BEARING DYNAMICS”

Fluid film bearings can significantly influence the dynamics of rotating shafts. They are
a primary source of damping and thus can inhibit vibrations. Alternatively, they provide a

TABLE 2 Comparative Bearing Performance

At,°F ., °F g, gpm g, gpm Ay, mils
Bearing type (°C) (°C) p,hp  (em%s)  (cm®/s) (mm)
Two-groove cylindrical 35 138 3.58 1.21 0.490 1.23
(19.44) (58.9) (76.7)  (31.05) (0.0312)
Symmetric three-lobe 49 144 4.97 1.22 0.516 0.96
(27.22) (62.2) (77.3)  (32.7) (0.0244)
Canted three-lobe 31 135 5.20 2.01 0.940 1.05
(17.22) (57.2) (127.4)  (59.6) (0.0267)
Tilting-pad 26 134 4.88 2.26 0.311 1.02
(14.44) (56.7) (143.2) (19.71) (0.0259)

The following values were used: @ = 6000 1b (2721 kg), SAE 20 o0il, L = 3 in (76 mm), D = 3 in (76
mm), N = 1800 rpm, ;= 120°F (48.9°C), ¢ = 0.008 in (0.076 mm).
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mechanism for self-excited rotor whirl. Whirl is manifest as an orbiting of the journal at
a subsynchronous frequency, usually close to one-half the rotating speed. Whirl is usually
destructive and must be avoided.

It is the purpose of this section to provide some insight into bearing dynamics, present
some background on analytical methods and representations, and discuss some particular
bearings and factors that can influence dynamic characteristics. Dynamic performance
data and sample problems are presented for several bearing types.

The Concept of Cross Coupling As mentioned in the opening paragraphs of this sub-
section, a journal bearing derives load capacity from viscous pumping of the lubricant
through a small clearance region. To generate pressure, the resistance to pumping must
increase in the direction of the fluid flow. This is accomplished by a movement of the jour-
nal such that the clearance distribution takes on the form of a tapered wedge in the direc-
tion of rotation, as shown in Figure 1.

The attitude angle y in Figure 1 is the angle between the load direction and the line of
centers. Thus, the displacement of the journal is not along a line that is coincident with the
load vector, and a load in one direction causes not only displacements in that direction, but
orthogonal displacements as well.

Similarly, a displacement of the journal in the bearing will cause a load opposing the
displacement and a load orthogonal to it. Thus, strong cross-coupling influences are intro-
duced by the mechanism by which a bearing operates. The concept of cross-coupling is sig-
nificant in dynamic characteristics.

It is the cross-coupling characteristics of a journal bearing that can promote self-
excited instabilities in the form of bearing whirl. Motion in one direction produces orthog-
onal forces that in turn cause orthogonal motion. The process continues, and an orbital
motion of the journal results. This orbital motion is generally in the same direction as
shaft rotation and subsynchronous in frequency. Half-frequency whirl is a self-excited phe-
nomenon and does not require external forces to promote it.

Cross-Coupled Spring and Damping Coefficients For dynamic considerations, a con-
venient representation of bearing characteristics is a cross-coupled spring and damping
coefficients. These are obtained as follows (refer to 